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CHAPTER 1 Introduction

1.1 Background

Pumps, of varying designs, have historically been vital to fluid flow. In its broadest sense, a
pump is defined as a device used to increase fluid pressure primarily through transfer of
energy from a power source and consequently creating flow, lift or an increase of pressure on
the fluid. A pump can impart three types of hydraulic energy to a fluid: lift, pressure and
velocity. This resulting pressure is used, e.g. to elevate the fluid or to overcome pipe resist-
ance. Pumps have existed for a long time and are in a widespread use. As such it is hardly sur-
prising that they are produced in a seemingly endless variety of sizes and types and are
applied to an apparently endless variety of services. Pumps have many uses ranging from
domestic to industrial applications: domestic water supply, sewer drainage, irrigation, chemi-
cal industry, food industry, paper industry, dewatering. They are also used under stringent
conditions such as acidic and eroding environments.

If pumps are identified on the basis of the principle by which they add energy to the fluid,
then all pumps may be classified into two major categories: (i) displacement and (ii) dynamic
pumps. Displacement pumps periodically add energy to the fluid by application of force to
one or more movable boundaries of any desired number of enclosed, fluid-containing vol-
umes, resulting in a direct increase in pressure up to the value required to move the fluid
through valves or ports into the discharge line by to overcoming system pressure losses. Dis-
placement pumps are divided into reciprocating and rotary types, depending on the nature of
movement of the pressure-producing members. Dynamic pumps add energy continuously to
increase the fluid velocities within the machine to values in excess of those occurring at the
discharge such that subsequent velocity reduction within or beyond the pump produces a pres-
sure increase. These pumps basically have a rotating element that imparts velocity head to the
fluid, and a stationary casing in which this velocity is deccelerating and converted into static
pressure. Dynamic pumps are further subdivided into several varieties of centrifugal and other
special-effect pumps. Appendix A.1 further describes this classification. Of all these classes,
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the common criteria of comparison boils down to that of capacity and pressure. Modern dis-
placement pumps can produce pressures from a few Pascals to 10,000 bar and perhaps
slightly higher with capacities from as low as 0.2 m3/h to about 100 m3/h. Centrifugal pumps
are capable of capacities to as high as 680, 000 m3/h at least for pressures below 0.7 bar. They
are capable of pressures up to 500 bar.

About 3000 years ago the earliest device called the undershot-bucket water wheel appeared in
parts of Asia and Africa. This is still common today. However, the invention thought of as the
first pump is the Archimedes’ screw pump developed around 250 B.C. Few improved ver-
sions of this type of pumping system are still being employed to pump water over the dykes of
Holland. Early use of pumps was confined to agricultural and domestic levels. However, in
the early 15th century Leonardo da Vinci suggested the use of centrifugal force to move liq-
uid, which had already been discovered in the 5th century by copper miners in Portugal. Posi-
tive displacement pumps had been the majority of pumps used at the time. 

In the late 18th Century, the steam engine was introduced to drive centrifugal pumps. These
engines were later replaced, in most applications, by electric motors thereby boosting their
popularity over displacement pumps due to improved efficiency. Since the Great Exhibition
of 1852, the centrifugal pump has developed into a high efficiency machine which can be
adapted to suit almost any working condition. With the increasing demands of industry,
designs began to undergo improvements and adaptations. Thus, since the realisation of their
importance, pumps have undergone and are still undergoing a lot of improvements in per-
formance. In these undertakings, designs of varying complexity are made to meet certain per-
formance targets. However, the current trend aimed at high-energy machinery in lightweight
constructions raises a number of concerns for turbomachinery designers due, for example, to
increased power densities that result in high rotordynamic forces.

1.2 Waterjet Systems

1.2.1 General

A wide market acceptance to use waterjet propulsion as a motive for ships, boats and trans-
portation has made these systems increasingly popular over the last few decades. The devel-
opment and improvement in designs of these systems have been evolutionary, with emphasis
mostly on weight and space saving, reliability and proper matching to the speed of internal
combustion engines or gas turbines. The combination of pump speed, volume flow rate as
well as pressure rise for a waterjet propulsion system corresponds to a specific speed that
requires a mixed-flow pumping unit.

Waterjet systems are classified according to their intake geometries; namely flush-, ram-, and
scoop-type intakes (Figure 1.1). The flush-type configuration has an intake with an opening
that is situated flush in the vessel’s hull and consequently approximately parallel to the local
flow. The ram-type has an opening that is situated at approximate right angles to the flow.
Based on these two basic concepts, variation of this may be conceived. Both intake types have
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their specific areas of application. The flush type intake has the advantage that it does not suf-
fer any drag due to protruding parts, as in the case of ram type intake. However, due to its
position in the hull’s bottom, it may become subject to air intake either caused by large rela-
tive motions from hitting troughs and crests of water waves and shallow submergence, or by
entrained air in the flow under the hull. In addition, the large distance between the bow of the
ship and the intake adds complications to the incoming flow due to the boundary-layer at the
hull of the ship.

The general layout of a waterjet propulsion system, annotating its basic components, is illus-
trated in Figure 1.2. Water enters the pump through the intake on submerged sections of the
ship hull, is accelerated by the pump and discharged through the nozzle. One of the advan-
tages of a waterjet propulsion system is its manoeuvrability. This is effectuated by the steering
mechanism of the waterjet propulsion system by means of which the jet of water is turned to
desired directions. The reverse bucket allows the jet to be steered into the direction of naviga-
tion. Consequently, the thrust force can be fully exploited for both manoeuvring and decelera-
tion. The impeller is coupled through the shaft to a drive unit; which drive may be a diesel
engine or a gas turbine.

Figure 1.1 Basic intake concepts (Kruppa et al., 1968) 
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1.2.2 Non-uniform Entrance Flow

The inlet flow distributions to pumps in waterjet installations are inevitably non-uniform (see
Appendix A.3 for general flow phenomena). The non-uniformity at the impeller inlet in these
installations is attributable to:

• diffusion and/or acceleration of the flow in the inlet duct, depending on operating condi-
tions

• double bend in inlet duct

• suction from boundary layer below the hull

• flow separation in the inlet duct

• pump shaft protruding into the inlet duct

Figure 1.3 shows a scheme of the stream tube through a waterjet system illustrating boundary-
layer interaction. These attributes lead to significant distortions in the axial velocity profile
upstream of the pump impeller. An example of the axial velocity distribution in a plane just

long shaft at inlet
impeller

                stator bowl

flow direction

reverse bucket

Figure 1.2 General scheme of a waterjet system (courtesy Wärtsilä, 2003)

long, bend inlet duct

steering mechanism

    nozzle

 Dimp

 pump

Figure 1.3 Sketch of a waterjet system showing stream tube and boundary layer 
interaction

hst

Dp

B

A3

A2

A4 A1



Waterjet Systems 5
upstream of the impeller is shown in Figure 1.4 for two operating conditions: one for high and
one for low IVR1). 

1. IVR is defined as the ratio of ship speed to average axial velocity through the pump ( ).

(a) low IVR               

(b) high IVR

Figure 1.4 Examples of axial velocity distribution in a plane upstream of the pump 
impeller. Velocities are normalised with average velocity. Results from 
CFD calculations (courtesy Wärtsilä Propulsion).

Vs Vp⁄



6 Introduction
1.2.3 Waterjet Performance
A suitable way to describe a waterjet propelled ship is by decomposing it into two parts: the
waterjet system and the hull of the ship. The waterjet system is further subdivided into the
pump and the duct, which leads the flow from the inlet to the pump and subsequently from the
pump to the nozzle outlet. To describe the performance of both systems, an analysis based on
conservation of momentum and energy in integral form is appropriate. The control volumes at
which the analysis is performed should be suitably chosen, such that interaction between sub-
systems are minimized as much as possible. By subsequently making a distinction between
operation of subsystems individually - as if operating in a free stream - and operation as an
integrated system, the overall performance of the global system can be expressed in terms of
subsystem performance and interaction effects. In this section the approach of Van Terwisga
(1996) is adopted.

The overall system efficiency , derived in Appendix B.1, is given by:

(1.1)

in which is the net thrust provided by the waterjet system,  the ship velocity, the

duct efficiency, the pump efficiency and the (mass averaged) total pressure difference
between the inlet duct and the outlet.

1.2.4 Interaction Efficiency
At this point a distinction is made between performance of subsystems in free stream condi-
tions and effects due to interaction. Its has been shown in Appendix B.2 that, using the inter-
action efficiency , the overall efficiency can be written as

(1.2)

in which refers to the waterjet system efficiency under free-stream conditions. Thus, using
Equation (1.8),

(1.3)

The net thrust, in free stream conditions, can be expressed as:

(1.4)

in which is the density of the working fluid, and  the outlet velocity at the nozzle.It
should be noted that stresses at non-solid boundaries of the stream tube are neglected (Figure
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1.3). To illustrate the influence of a boundary layer on net thrust generated by a waterjet sys-
tem, an example is given in Figure 1.5. 

It depicts the thrust ratio defined as

(1.5)

Note that  has a unit value in case boundary layers are assumed to be absent. The example

is for a ship sailing at 20 m/s with a flow rate Q of 18 m3/s, and has following dimensions

• nozzle diameter Dn = 0.9 m 

• impeller diameter Dp = 1.5 m

The stream tube is assumed to have a constant width B of  upstream of the inlet duct

(Figure 1.3). The thrust ratio is plotted as a function of ship length , which is directly related
to the thickness of the boundary layer. From the figure it is seen that, for this particular case,
the boundary layer thickness  exceeds the height of the stream tube for ship lengths larger
than approximately 60 m. It is apparent that the effect of the boundary layer becomes increas-
ingly important which larger ship size. In Figure 1.6, the interaction efficiency  is plotted

Figure 1.5 Thrust ratio fT (top) as a function of ship length L, for constant 
ship speed Vs of 20 m/s (NVR = 1.4). 

fT
Tnet

ρQ Vn Vs–( )
------------------------------=
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for different values of ship speed (as indicated by 1) values). It should be noted that the
interaction efficiency is always in excess of 1 and thus contributes to the overall performance.
In this example the maximum interaction efficiency is attained at large ship length, i.e. large
boundary layer thickness. The interaction efficiency approaches a value of 1 asymptotically as
the boundary layer thickness reduces to zero. 

1.2.5 Pump Suction Pressure

The analysis of the previous section can be used for the calculation of the mass-averaged total

pressure  at the inlet of the pump impeller. It is an important quantity since it deter-

mines the available  at the pump inlet. If losses in the inlet duct are neglected the total

pressure at the impeller inlet is equal to  in Eq. B.21. In Figure 1.7 the pressure

coefficient  defined as

(1.6)

1. 

NVR

NVR Vn Vs⁄=

Figure 1.6 Interaction efficiency ηI as a function of ship length L, for 
different NVR at constant flow rate.

p0 imp,

NPSH

p0 imp, p0 in,

Cp

Cp
p0 imp, ps–

1
2
---ρVs

2
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Forces in Pumps 9
is shown as a function of ship length for different ship speeds at constant flow rate. The
parameter , which is used by several pump manufacturers to denote operating condition,
is defined as the ratio of average axial velocity at the pump impeller and ship speed.

As seen from Figure 1.6 and Figure 1.7, operating conditions are not uniquely defined by
 nor  when the interaction effect of boundary layers at the hull of the ship is consid-

ered. In fact, the use of  and  is only meaningful if free stream conditions are
regarded. If the boundary layers cannot be neglected, the characterization of operating condi-
tions by  and  becomes invalid.

1.3 Forces in Pumps

With the ever-increasing demands towards larger concentrated power transfer at a pump
impeller, higher forces are generated. Consequently, impellers have always been suspected of
making a large contribution to destabilising forces in high-energy machines. A global distinc-
tion between the types of forces in a centrifugal pump can be based upon: (i) their trend with
time: steady or unsteady, (ii) the direction in which they act: radial or axial, (iii) their source:
mechanical or fluid-induced or (iv) their nature: excitation or reaction. In this section the
forces are identified by direction in which they act with respect to the pump shaft. Some
sources of these forces are also briefly mentioned. 

L
IVR

Figure 1.7 Pressure coefficient Cp as a function of ship length L, for 
different NVR at constant flow rate.

NVR IVR
NVR IVR

IVR NVR



10 Introduction
1.3.1 Axial Forces

Axial force on an impeller is the sum of the unbalanced forces acting in the axial direction. It
is generally known as thrust. However, in vertical pumps the impeller and shaft weights con-
tribute significantly to this thrust. Axial forces are a result of one or more of the following:

1. pressure distribution in the leakage area at the hub
2. pressure distribution at the shroud leakage area
3. pressure difference at opposite ends of the shaft (ambient and suction pressure)
4. momentum of the incoming fluid
5. momentum of outgoing fluid
6. pressure distribution at the hub in the flow passages
7. pressure difference between both sides of the blades (in axial direction)

In all closed impellers causes 1 to 5 apply. For instance, one of the main causes of the axial
thrust in closed, radial impellers is the difference in static pressure on both impeller shrouds.
In the (semi) open impellers only 1, 3, 6 and 7 hold. For axial-flow impellers (with no
shrouds) listings 3 and 7 generally apply. Except for very large units and in certain special
applications, the maximum axial thrust developed by mixed-flow and axial-flow impellers is
not significant because the operating heads of these pumps are relatively low. 

1.3.2 Radial Forces
The pressure distribution at the impeller discharge is seldom uniform around the periphery,
regardless of the casing design or pump operating point. This leads to radial thrust. These are
forces perpendicular to the axis of rotation, imposed on the pump rotor. The existence of
radial forces, and attempts to evaluate them date back to the 1930s or earlier (Stepanoff’s
comment in Biheller 1965). To date, radial forces have been investigated in relation to the fol-
lowing causes (Brennen, 2002):

• circumferential non-uniformities in the impeller discharge flow,
• casing geometry or configuration (Chamieh et al., 1982 considered the presence of vanes),
• the leakage flow from the impeller discharge to the inlet between the impeller shroud and

the pump casing. Circumferential nonuniformity in the discharge pressure could cause cir-
cumferential nonuniformity in the pressure within this shroud-casing gap, which in turn
contribute to the forces acting on the exterior of the pump shroud.

• mechanical sources such as rotordynamics of the pump that may even lead to rotor whirl
or precession (Brennen et al., 1980).

If these forces are further classified according to their cause, they are either mechanical or
fluid-induced forces. Mechanical or rotordynamic forces are those resulting from mechanical
influence such as rotor imbalance, rotor whirl or vibrations, while hydrodynamic forces result
from the influence of the working fluid. Mechanical forces are often a consequence of design
flaws and undesirable practices. The former includes designs with long shafts, which may in
the long term undergo excessive deflection during operation, referred to as whip. This is also
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true for overhung impeller pump designs. Manufacture defects such as inaccurately made
shafts or impellers also suffer mass imbalance due to non-uniform mass distribution. The lat-
ter includes misalignment, operation at or very close to one of the rotor natural frequencies,
poor lubrication that leads to excessive wear and consequently excessive vibrations, to men-
tion few. Hydrodynamic forces are dynamic forces resulting from the influence of the work-
ing fluid; examples include unsteady flow and/or flow asymmetries. Generally, a non-uniform
pressure distribution at the impeller periphery is regarded as a cause for steady lateral force,
like those in volute pumps. Hydrodynamic reaction forces result from rotor whirl or preces-
sion motion. Rotor whirl renders pump operation unreliable since its effects could either be
stabilising or destabilising. Hydrodynamic excitation forces result from a variety of unsteady
flow phenomena (Appendix A.3) and rotor-stator interaction. Hydrodynamic forces are usu-
ally composed of a dynamic cyclic component superimposed on a steady-state non-zero load.
Because the flow through the pump is frequently non-axisymmetric, this produces a fluctuat-
ing radial force. The dynamic cyclic component increases rapidly at low-flow operation when
the pump is operating in the recirculation zone. The steady state load also increases with low-
and high-flow operation, with the minimum value at or near the maximum efficiency capac-
ity. Loads acting on the impeller can be sufficiently high to create vibrations, wear on the sup-
porting components such as bearings and even failure. In worst cases they will lead to
premature failure in shaft-supporting devices such as the bearings.

The aforementioned phenomena act interactively. Factors include the interaction between
blade passage excitation frequencies and acoustic modes of the suction or discharge lines. Lit-
erature contains other examples such as flow oscillations involving the interaction of rotating
stall and acoustic line frequencies (Dussourd, 1968) and resonance between the rotordynamic
motions of the shaft and the subsynchronous unsteady flows associated with flow recircula-
tion at the inlet to a centrifugal impeller (Marscher, 1988).

Attempts are often made to correct deficiencies that cause excessive forces. However, second-
ary flows cannot completely be eliminated. In most pump applications, axial velocities rang-
ing between 90% and 110% of the average are considered uniform. This suggests that to
minimise hydrodynamic forces, operation of the pump has to be restricted, at best, to the
design point. This may be helpful on assumption that the impeller-casing combination is right.
Since nonuniformities will always be present in these turbulent flows, only attempts to mini-
mise them at off-design operation may be undertaken. 

Domm and Hergt (1970) were the first to measure rotordynamic forces on a centrifugal pump
in which they demonstrated that impeller forces are dependent on rotor eccentricity. Similar
investigations were performed by Hergt and Krieger (1970), and Chamieh et al. (1985). Jerry
et al. (1985), for example, measured reaction forces on a whirling impeller at different whirl
frequencies superimposed on normal motion of the impeller. Previous investigations on rotor-
dynamic forces, such as by Jerry et al.(1985) and Adkins et al. (1988) have revealed that
rotordynamic forces can arise from two main causes: firstly, by azimuthally non-uniform
pressure in the discharge flow area and secondly, by non-uniform pressure acting on the exte-
rior of the impeller front shroud as a result of the non-axis-symmetric leakage flow passing
between this shroud and the pump casing. Guinzburg et al.(1993) performed experimental
studies on the influence of inlet swirl on rotordynamic shroud forces in a centrifugal pump in
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which significant rotordynamic effects were detected. There was also a destabilising tangen-
tial force for small positive whirl ratios, which decreased with increasing flow rate. It was
observed that swirl had a destabilising effect.

1.4 Goals and Outline of this Thesis

1.4.1 The Goal
The importance of hydrodynamic forces in pumps can neither be over-emphasized nor under-
estimated. Possible causes of these forces and their nature have, this far, been highlighted.
However, the effect of non-uniform entrance flow on pump impeller forces has hardly been
addressed in literature. Yet, this type of flow is encountered in many different pump designs,
such as waterjet pump systems (Section 1.2), double suction pumps, inline radial pumps,
sump pumps and pumps installed close to a flow disturbance such as a pipe bend. Toyokura
(1961) and Badowski (1970) showed that inlet flow distortions, such as inlet swirl and non-
uniform axial flow distributions, may influence pump performance. Del Valle et al. (1992)
studied the influence of inlet flow distortions on cavitating inducer performance. Guelich
(1987) measured radial forces on the shaft of a double-suction pump due to rotational asym-
metries at the impeller inlet. It was found that the steady radial force increases with flow
velocity.

Non-uniform inlet flow to a pump has generally been associated with reduction in pump per-
formance associated with efficiency reduction, unsteady flow phenomena such as cavitation
and hydrodynamic forces on the impeller. Effects of these forces include vibrations, noise as
well as premature damage as a consequence to excessive wear. These effects may lead to
fatigue failures in rotors. No experimental tests, until now, have been performed to demon-
strate the effect of non-uniform entrance flow on forces in mixed-flow pumps. 

This thesis focuses on the influence of non-uniform inlet flow distribution on hydrodynamic
forces in a mixed flow waterjet pump (Section 1.2). The pump employs a circular casing with
stator vanes. A model of a mixed-flow pump, which was originally designed to serve as a
waterjet propulsion system is used. It is built into a dedicated test rig in which forces on the
impeller shaft can be measured accurately. Varied inlet flow distributions are achieved by
means of a flow redistribution device, situated at the pump inlet. Its construction is a pipe
bundle of a predefined geometry to develop a shear-flow upstream of the impeller, thus modi-
fying the flow field entering the pump. This investigation focuses on the assessment of
respectively reaction and excitation forces due to non-uniform entrance velocity and rotor-sta-
tor blade interaction for three different distributions: axis-symmetric and two different asym-
metry levels. The research was carried out in cooperation with Wärtsilä Propulsion, Drunnen,
The Netherlands. 

1.4.2 Outline of this Thesis
The following chapter presents analysis of hydrodynamic forces in dynamic pumps. The anal-
ysis encompasses both steady as well as unsteady force components. This global perspective
includes the case in which the impeller simultaneously undergoes translation as well as rota-
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tion motions about its axis, or put simply, whirls. A general analysis of radial reaction forces
in pumps is firstly given; eventually narrowing down to the extraction of steady forces that are
of prime importance in this study. Chapter 3 presents the experimental test setup, highlighting
its features, explicitly identifying and explaining components key to the current study. How-
ever, some features are currently not directly in use but rather play a supportive role. Distinc-
tions are made between the various components with identifying which of the parts are
incorporated for future study. Chapter 4 describes the measurement techniques, processes as
well as precautions undertaken to achieve reliable measurements. In Chapter 5 results are pre-
sented and analysed. Chapter 6 finally sums up the work with discussions and conclusions
drawn from the study.
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CHAPTER 2 Hydrodynamic 
Force Analysis

2.1 Introduction

Modern turbomachines absorb or produce a large amount of power in a relatively small pack-
age. The property of turbomachinery which allows these high energy densities and flow rates
to be accomplished is high shaft speed, relative to other machines of the same physical size.
The tendency in turbomachinery designs towards high-speed, light-weight construction with
high-power densities has led to an increase in the number and variety of fluid-structure inter-
action problems. Along with high speeds come high inertial loads, and potential problems
with shaft whirl, vibration and rotordynamic instability. The presence of the working fluid
influences the dynamic behaviour of the rotor. It is acknowledged that fluid generally has a
damping effect on a rotor system. However, under certain conditions the fluid in the rotating
field exerts a significant force on the rotor as an added mass, for example. This may induce
self-excited vibrations which, in time, may lead to unexpected system failures. In addition, the
fluid trapped in annular spaces between rotating and stationary components is an added mass
that is analogous to imbalance. This in turn has an influence on the dynamic and hydrody-
namic response of a turbomachine to various forms of excitation. Consequently, fluid-induced
forces become significant because typical fluid forces are proportional to the square of the
rotor speed, thus becoming increasingly important relative to the structural strength. Over the
years, designers and manufacturers of turbomachines are getting increasingly concerned with
the fluid-induced rotordynamic forces on rotors. Dynamic analysis of a turbomachine encom-
passes the response of the rotor to various forms of causes. If forces are classified according
to their dependence on time, then they are said to either be steady or unsteady. While these
forces trace their origins either from mechanical or hydraulic effects, a full understanding of
the mechanism by which they occur and their influence on the pump performance deserves
much attention. Dynamic forces are generally known as perturbation forces. The name is
derived from their dynamic nature as perturbed forces.
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2.2 Perturbation Forces
Flows in centrifugal pumps are complex and turbulent with pressure pulsations present at both
the suction and the discharge of the impeller. The extent of flow complexity depends on the
design of the pump, the head produced by the pump, the response of the suction and discharge
piping and the operating point of the pump on its characteristic curve. These pulsations often
result in vibration problems in pumps. The observed frequencies in the discharge may be the
shaft frequency, the vane-pass frequency from impeller and/or casing or multiples of each. It
is also possible to expect other random frequencies. These may result from pressure pulsa-
tions higher than either the rotating or vane-pass frequency. Such frequencies have an influ-
ence on the stability of the pump. More often than not, their influence is destabilising. 

Perturbation forces responsible for vibration of hydraulic machinery can be classified by state
into two main categories: (i) periodic in nature under steady-state regime, (ii) aperiodic during
transition or unsteady regimes of operation, and (iii) aperiodic during steady-state operation,
e.g. forces due to turbulence. The perturbation forces in the unsteady state operating regime
usually appear during starting and stopping of a turbomachine and load changes. Steady-state
regime will be discussed further as this is our current regime of interest. Classifying these
forces by virtue of cause for each of these regimes, perturbation forces can further be subdi-
vided into mechanical, hydraulic and electrical. Electrical perturbation forces are normally
caused by

• rotors of the electro-motor experiencing unbalanced eddy forces,
• forces due to short-circuiting of poles,
• forces caused by asynchronous operation of the electro-motors,
• forces and moments caused by magnetic field due to non-uniform air-gaps between stator 

and rotor.

Mechanical perturbation forces are 

• centrifugal forces due to imbalance of the rotating parts,
• impeller and shaft weight 
• elastic forces of the shaft which appear when the centre-line is disturbed or distorted. This 

will induce rotor whirl and in worst cases at some critical rotational speed will excite 
rotors to whip, 

• forces caused by incorrect setting and unfavourable operating conditions of bearings
Some causes of hydraulic or fluid-induced forces are:

1. periodic forces due to:
• rotor-stator interaction, e.g. wake-vane interaction
• rotating stall cells
• non-uniform pressure distribution at impeller circumference
• non-uniform velocity distribution at pump suction
• rotor whirl
2. aperiodic forces due to:
• turbulence
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• inlet recirculation
• developed cavitation

Of all of the above listed causes, this research focuses on the effect of a non-uniform velocity
distribution in the suction pipe of the pump on hydrodynamic forces. Volumes of literature
reveal for both experimental as well as theoretical studies the effect of incident flow angles on
impeller performance (Wislicenus, 1965; Jekat, 1966; Alpan, 1989; Toyokura, 1961). For
example, impeller inlet design in dynamic pump impellers is based on the inlet flow angles
selected between , independent of specific speed. An angle of is often used in
many designs as a compromise between efficiency and cavitation in which for best impeller
efficiency this angle should be larger than , whereas for lower NPSH it should be smaller
(Karassik I. J., 1986). It can thus be argued that altering the inlet flow distribution will influ-
ence the local incident angle of the flow on the blade. Intuitively, this effect will also alter
with flow rate   (or flow coefficient). The influence of non-uniform velocity distribution at the
inlet is generally overlooked as a cause of lateral forces. We claim that this influence contrib-
utes significantly to the steady lateral forces in the stationary frame, though unsteady in the
rotating frame of reference.

2.3 Inlet Velocity Distribution and Steady Radial Forces

The ultimate goal in this research is to investigate the lateral forces resulting from a non-uni-
form inlet velocity distribution. The influence of non-uniform entrance flow on pump per-
formance has hardly been addressed in literature. Yet, this type of flow condition is
encountered in many pump installations and/or designs, e.g. double suction pumps, sump
pumps, inline radial and pumps installed close to a flow disturbance such as a bend. In this
study, the influence of non-uniform inlet flow on impeller lateral forces is assessed experi-
mentally. A scale model of a mixed-flow pump designed to serve as a waterjet propulsion sys-
tem (Section 1.2) is adapted for laboratory tests. In order to assess whether experimental
investigations on lateral forces are important, first a theoretical analysis is carried out.

In an effort to assess the magnitude of lateral forces on pump impellers resulting from non-
uniform suction flow, a two-dimensional blade element analysis is carried out (Nyirenda et.
al., 2003). Since such an analysis is only suited for axial fans or propellers, a hypothetical
axial flow impeller is constructed which resembles the current mixed-flow impeller in a
number of aspects as they both have (i) the same number of blades (ii) similar chord distribu-
tion and blade angles and (iii) similar hub diameters at the leading edge (Figure 2.1). How-
ever, blade section profiles are not the same. The axial flow impeller uses Eppler profiles
E852 for which the lift and drag coefficients are available for various angles of attack and
Reynolds numbers.

In the blade element method the impeller blades are divided into a discrete number of sections
along their span. The lift and drag forces are calculated for each section and used to determine
the contribution to the thrust, torque and lateral forces. The total forces are obtained by inte-
grating the contributions from hub to tip, for all blades. This method

10° 25°– 17°

17°
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• assumes zero spanwise velocity components
• neglects the possibility of inlet flow pre-rotation
• does not account for the effect of blade interaction

This method is initially applied to the axial impeller operating at its best efficiency point and
with a uniform entrance flow so that under these conditions all the blade sections experience
shockless entrance flow. Performance is found to be comparable to that of the mixed-flow
pump: torque and head values are respectively overestimated by only 3% and 9%. The non-
uniform entrance flow is modelled as a simple shear flow in which the velocity direction is
purely axial with a magnitude that is changing linearly with one lateral co-ordinate. With this
entrance flow condition, blade section performance is calculated based on flow conditions at
the leading edge location.

Calculations are performed at best efficiency conditions for average velocity. Consider a coor-
dinate system defined such that the x- and y-directions lie in a plane normal to the direction of
the flow and the y-direction is in the direction of shear. The entrance flow is distorted as a
simple shear flow, with magnitude changing from 90 to 110% of the average velocity. The
change in head and shaft torque for one blade of the hypothetical impeller over a complete
revolution is shown Figure 2.2. The presence of the unbalanced torque is evident from these
results.

Figure 2.3 is a force map of the instantaneous lateral forces in the x- and y-directions for one
blade pitch passage in impellers having identical blade shape but with blade numbers ranging
from 1 to 6. The forces are normalised by the weight of the bronze mixed-flow impeller used
in this study. Apparently, the time-averaged lateral force on the impeller is significant and is
directed almost perpendicular to the change in entrance velocity.

It is observed from the results that a slight force component exists in the y-direction owing to
the fact that the blade has a curved leading edge. In a one- and two-bladed impeller, the lateral

  

Figure 2.1 Theoretical (axial) and test (mixed flow) impellers

axial impeller mixed flow impeller
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force vector changes both in magnitude as well as direction during a revolution, whereas the
force vector is nearly constant over time for higher blade numbers. According to this simpli-
fied model, for a 6-bladed impeller, the lateral force owing to a shear flow distortion of only

% is larger than twice its own weight. 

Figure 2.2 Deviation of head and torque from average values, for hypothetical one-
bladed axial impeller for one complete shaft revolution

Figure 2.3 Lateral force map during one blade pitch revolution for impellers with blade 
number N.

10±
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2.4 Hydrodynamic Forces

Particular attention is paid to the fluid-induced radial forces that occur in turbomachinery. It
has become increasingly recognised that the reliability and acceptability of modern turboma-
chinery depend heavily on the degree of vibration and noise which these machines produce.
One of the most common sources of vibration is associated with the dynamics of the shaft and
its components, bearings, seals and impellers. These influences that cause the displacement of
the rotor system away from the casing centre within the working fluid causes hydraulic reac-
tion forces, resulting from e.g. rotor or shaft whirl. Franz et al. (1990) studied the fluid-
induced forces from rotor-casing interaction. Marscher (1988) investigated the shaft motions
induced by the unsteady flows at centrifugal impeller inlet operating below the design flow
rate. Consequently, the rotor position in its casing alters with excessive lateral forces and/or
vibrations so that rotor may undergo whirling or precession motion. Thus, a complete analysis
of rotordynamic forces addresses the influence of these forces in both whirling or precession
and centred impeller. In the following sections, a general case of off-centred impeller in the
lateral plane (without gyroscopic effects) is addressed followed by the centred rotor case
which is the main focus of this study.   

2.4.1 Forces on a Centred Impeller

In a normal pump the rotor is centered in the casing. For a pump with a centered impeller,
forces are influenced by flow conditions and geometry only as opposed to the whirling impel-
ler in which the whirl-frequency plays a role. Non-uniform pressure distribution at impeller
periphery, such as with asymmetric casings is widely recognised. Jery et al., (1985) has shown
the dependency of forces, steady as well as unsteady, on casing geometry. Similar work was
carried out by Jerry, (1987) and Brennen et al., (1988). Ohashi et al., (1988) performed meas-
urements on an impeller in a symmetric diffuser chamber from which the destabilising tan-
gential force was generally negligible. Theoretical work by Tsujimoto, 1988b, has also
predicted the absence of tangential forces in the absence of a volute or when neglecting the
unsteady vortex distribution in the volute. Deriving conclusions from findings by the refer-
ences above, despite much of the focus being on volute casings for their non-symmetric
geometry, forces are still present in circular casing designs because asymmetries still occur.
The effects are even more pronounced in high specific speed casings employing guide vanes
downstream the impeller, mainly resulting from blade-blade interaction. Rotor vane-tongue
interaction also introduce unsteady forces resulting from blade-pass influence. Impeller forces
depend on asymmetries introduced by the casing to the flow or those by asymmetries in the
rotor due to manufacture flaws owing to asymmetric passage-ways. To minimize these influ-
ences, pump designers ensure that casing designs are made to offer minimum interference to
the impeller outlet flow so as to maintain its symmetry as much as possible. Varied inlet con-
ditions such as a distorted inlet flowfield, due for instance to a bend, would have an effect on
flow symmetry in the pump. 

2.4.2 Forces on a Whirling Impeller

Whirl refers to the off-centerdness of the rotating impeller from its normal casing centre
resulting in simultaneous translation and rotation motions. In this state the impeller is said to
undergo whirling motion. Possible causes of impeller offset are numerous. It could be due to
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poor methods of manufacture, poor service such as lack of bearing lubrication causing rapid
wear and operation under wrong conditions such as very low flow rates over a prolonged
period of time resulting in excessive radial forces and heating in bearings and seals. Vibra-
tions causing impeller offset worsen in pumps operating at frequencies close to any of the
eigen frequencies of the rotor. Excessive vibrations are more likely to induce whirl.

Franz et. al. (1990) have shown that fluid-induced forces are dependent on the position of the
rotor and the flow coefficient. The influence of forces in pumps is reflected in the vibration of
the rotor-system. For synchronous vibration, typical of mass imbalance, the lateral vibration
of the rotor-shaft system is a whirl at the shaft rotation frequency. The deflection curve of the
shaft is stationary in the rotating frame. In asynchronous vibration the rotor whirls at a fre-
quency different from shaft frequency, subjecting the shaft to fluctuating stresses that are
unsteady in both the frame of the shaft rotation and the stationary casing frame. The afore-
mentioned describes what is known as self-excited whirl. The nature of these vibration fre-
quencies is random and superimposed on the operational frequency of the rotor. This
correspondingly influences the nature of the offset of the rotor system, which in turn influ-
ences the fluid-induced forces by altering the location and orientation of the rotor system.
Certain interactions and/or combinations of the different frequencies will have destabilising
or stabilising effects on machinery (Brennen, 1994).

2.5 Describing Impeller Whirl

A pump in which the impeller forces are unsteady will force the rotor to vibrate about its nor-
mal axis. This causes the rotor to displace from the normal centre in its casing. The random
path traced by the impeller could take any form as shown in Figure 2.4.

With very small deflection from the casing centre, , little accuracy is lost if we assume the
motion of the impeller to lie in some lateral plane located within the impeller proper. This ran-

impeller

pump casing

y

x
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tangential velocity
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Figure 2.4 Random path describing a whirling impeller
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dom path followed by the rotor can cause the impeller to undergo simultaneous periodic trans-
lation and rotation also known as whirl. A relationship can be derived between the casing
geometry and whirl orbit that is defined by the rotor offset from its normal undeflected posi-
tion. A global picture of the whirling rotor is shown in Figure 2.5. 

Figure 2.6 presents the parameters in Figure 2.4 and Figure 2.5, including the two frames of
reference. With the small instantaneous eccentricity , the impeller path is fully described
as undergoing translation along the circular orbit. 

This figure also includes the fluid-induced forces  and  in the pump casing frame, the
rotordynamic forces  and  (normal and tangential to whirl orbit) on the impeller. They are
assumed to act in the lateral plane lying perpendicular to the axis of rotation.

2.6 Lateral Force Analysis

2.6.1 Radial Forces

Radial forces acting on the impeller may be presented in a general mathematical form as

(2.1)

in which represents the impeller displacement from its normal centred position. It is a
general convenience in rotordynamics to express these forces in terms of their steady and
time-dependent components, thus 

(2.2)
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Figure 2.5 Impeller whirling about the casing axis 
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where  and are the steady and time-dependent parts respectively. If these forces

are resolved in a lateral plane perpendicular to the axis of the impeller,

(2.3)

With a sufficiently small rotor displacement a linear model can be expressed as

(2.4)

in which is known as the ‘rotordynamic force matrix’. It relates the perturbed force to the
eccentric position of the impeller. Analogously, for an impeller or rotor in whirl motion over a
small eccentricity , a linear perturbation model can be derived as 

(2.5)

Therefore is a function of the machine geometry, the operating conditions as well as the
whirl frequency .

For an in-depth analysis on system performance, the unsteady forces are further decomposed
into two components in the lateral plane of reference: tangential and normal forces. These are
defined relative to the orbital path taken by the impeller centre displacement.

2.6.2 Tangential and Normal Forces

Using Figure 2.6 and forces described in the previous section, normal and tangential compo-
nents are derived as

(2.6)
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in which  is the whirl frequency. From Eq. (2.5),

(2.8)

(2.9)

F0 dF s t( )( )

Fx t( )

Fy t( ) 
 
  F0 x,

F0 y, 
 
  dFx x y t, ,( )

dFy x y t, ,( ) 
 
 

+=

Fx t( )

Fy t( ) 
 
  F0 x,

F0 y, 
 
 

A[ ]
x t( )
y t( ) 

 
 

+=

A[ ]

ε

Fx t( )

Fy t( ) 
 
  F0 x,

F0 y, 
 
 

A[ ]ε
ωt( )cos
ωt( )sin 

 
 

+=

A[ ]
ω

Fn Fx ωt( ) Fy ωt( )sin+cos=

Ft F– x ωt( ) Fy ωt( )cos+sin=

ω

Fx F0 x, Axxε ωt( ) Axyε ωt( )sin+cos+=

Fy F0 y, Ayxε ωt( ) Ayyε ωt( )sin+cos+=



24 Hydrodynamic Force Analysis
Rotordynamic forces should generically be invariant to a rotation of the xy axes. Virtually all
experiments confirm the reasonable supposition that the rotordynamic matrix  be inde-
pendent of the particular choice of axes, x and y (Miskovish et al., 1992). This condition
requires that

(2.10)

Consequently, using Eq. (2.6) through Eq. (2.10), solving for and  yields

(2.11)

(2.12)

Taking only the unsteady part or time-averaging, (Eq. (2.11) and Eq. (2.12) respectively)
reduce to

(2.13)

with  defined positive radially outward and  positive in the direction of whirl. The rotor-
dynamic force matrix  can be decomposed according to

(2.14)
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in which ,  and  are respectively the added mass, damping and stiffness matrices,
the direct components ( ) on the diagonals and the cross-coupled components
( ) at off-diagonal positions, or 

(2.15)

Rotordynamists traditionally represent the rotordynamic force matrix as in Eq. (2.14) in order
to conveniently subdivide the matrix into familiar practically useful components: the position
of rotor in orbit , its velocity , and acceleration . Therefore, substituting Eq.
(2.15) into Eq. (2.14) and simplifying, matrix  is alternatively expressed as 

(2.16)

From the above relations the forces  and  become

(2.17)

(2.18)

in which it is easy to notice the linearity, since both tangential and normal forces have a

linear relation with .

These unsteady forces can be viewed as the reaction of the flow to the lateral displacements of
the rotor centre away from the casing centre. It has become common practice to group these
forces in a homogeneous presentation which can be:

• plots of the average of the tangential and normal forces, and 

• plots of the individual elements of matrix  in Eq. (2.4), averaged over the whirl orbit,
• using polynomial fits to elements of matrix in Eq. (2.16), to obtain tables of inertia, 

damping and stiffness coefficients. These coefficients are calculated from known or meas-
ured impeller forces for any three unique values of  to deduce each rotordynamic coeffi-
cient from Eq. (2.5) and Eq. (2.16). 

The first method of presentation is easier to physically interpret the data. The second format
reports the data in raw and complete form. Though this is an advantage, it is not always con-
venient a method to work with. The third format is the most popular amongst rotordynamists
as it readily provides results that can be used in standard linear dynamic analysis codes. How-
ever, if one assumes a particular symmetry in the matrix elements, the first format is easi-

M[ ] C[ ] K[ ]
M C K, ,

m c k±,±,±

M[ ] M m
m– M

= C[ ] C c
c– C

= K[ ] K k
k– K

=

x y,( ) x· y·,( ) x·· y··,( )
A[ ]

Axx Axy

Ayx Ayy

K ωc ω2M–+ k ωC– ω2m–

k– ωC ω2m+ + K ωc ω2M–+
–=

Ft Fn

Fn ε Mω2 cω– K–( ) εAxx= =

Ft ε m– ω2 Cω– k+( ) εAyx= =

Ft Fn

ε

Ft Fn

A[ ]

A[ ]

ω

A[ ]



26 Hydrodynamic Force Analysis
est to work with. The skew-symmetry in this rotordynamic matrix, though without a known
fundamental reason for the case, was also confirmed for the first time by Jerry, B. et al.
(1984). The significance of the lateral force components mean values is explained by Jery B.
et al. (1984) and even by Shoji et al. (1987). Figure 2.7 illustrates the average forces and

as a function of the whirl frequency ratio as observed by Jerry, B. for a centrifugal volute
pump of radial type. Shoji independently observed similar trends. 

The normal force component contributes to the natural bending frequencies of the shaft by
exerting a bending moment, whereas the tangential force component affects rotor stability in
the turbomachine. The tangential force has either a destabilising or damping effect on the
rotor. was observed to be destabilising if in the direction of whirl motion thereby aggravat-
ing whirl motion. Opposite signs between this force and whirl direction tend to stabilise the
system as will have a damping effect on the whirling rotor, which tends to reduce the rotor

kinetic energy. It was observed that was almost always in the radially outward direction.

Figure 2.7 demonstrates that at zero whirl frequency, has a positive value, which corre-

sponds to a negative stiffness at zero whirl speed. The sign of is such as to produce a stabil-
ising effect at negative and larger positive whirl speeds. However, there is a region of positive
whirl speeds in which the tangential force is rotordynamically destabilising: for whirl fre-
quency ratio between 0 and . 
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Figure 2.7 Normalised radial and tangential force as a function of whirl frequency at 
design flow rate, for fixed shaft frequency
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CHAPTER 3 The 
Experimental 
Test Facility

3.1 Introduction
In this chapter, details of the experimental setup used in this study will be discussed. It is built
at the Technische Universiteit Eindhoven in Process Technology Section of the faculty of
Mechanical Engineering. This installation is the first project to measure hydrodynamic forces
directly on a pump impeller of a waterjet pump. The pump used in the study is a scale model
waterjet pump provided by Wärtsilä Propulsion in Drunen, The Netherlands. As mentioned in
the Chapter 1, this study concentrates on hydrodynamic force measurements on a centred,
non-whirling mixed-flow pump impeller under varied inlet flow asymmetries. The facility is a
model of a mixed-flow waterjet pump built to measure instantaneous impeller forces. It is
additionally designed with features, uncommon to normal pump designs, to set the rotor in a
whirling motion. These special features will be only briefly explained in this chapter because
whirling rotor experiments are not part of the current study. This mentioned, more emphasis
will be put on the features supporting the current work and defer these additional features to
future work.

Forces in the pump are measured using a device known as a dynamometer. These modifica-
tions on the original design configuration were meant to answer many research questions that
arose in the system design phase; the key ones being:

1. what influence does the entrance flow distortion have on hydrodynamic forces generated 
at the impeller?

2. how effectively can the forces be measured directly on the impeller in a time-dependent 
frame of reference?
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3. how much do the casing stator vanes contribute to forces in the pump?
4. how much influence does the shaft protruding in the pump inlet have on forces?
5. if impeller forces are alternating, it is anticipated that in some cases rotor whirl results. 

How could the system design allow for measurement of these resulting perturbation 
forces?

6. what is the influence of the impeller, in terms of number of blades and tip-clearance on the 
forces?

The basic questions underlying this research are in listings 1, 2 and 3. Item 4 is taken care of
by means of adapting the waterjet system to research requirements. The adaptation of the
setup will become clear in the following sections. The design of the setup is such that the rotor
can be set to undergo whirling to allow for whirl experiments, as discussed in Section 3.5.3 in
this chapter. The last item, though interesting to investigate, is recommended for follow-up
research in Chapter 6. The above mentioned questions are attempted by means of setup con-
figuration that adapts from a waterjet system as discussed in the following sections.

3.2 The Facility Layout

The facility is a closed loop in which a mixed-flow waterjet pump is employed. The medium
used is clean water from domestic supply. Figure 3.1 shows major components in the general
scheme of the installation. A schematic drawing with some important details is given in
Appendix C.1.

The length of the piping is in excess of 17 m with a diameter of 315 mm, including a step to
250 mm over 1.8D upstream of the pump; where D is the diameter of the inlet pipe. The sys-
tem total volume is about 3 m3 with a maximum flow rate of just over 1.05Qbep; in which
Qbep is the flow rate through the pump at best efficiency point. The pump unit is built in the
lowest portion of the loop and with its inlet furthest from the nearest bend in the inlet section.
This arrangement makes the pump housing part of a bend of the loop. Though it is possible to
operate this pump model at 2000 rpm, the speed of 800 rpm is used in the current study. This
speed is preferred based on system dynamic response to different frequencies so that the cho-
sen frequency is practically far from any of the rotor harmonics. This is explained in Chapter
4. The pump unit is driven using an A.C. electro motor. Volume flow rate is measured using
an electromagnetic flowmeter of type DN 300 mm. The volume flow rate is regulated by
means of the butterfly valve at the discharge. Pressure is measured using pressure transducers
of type Druck PTX1400. 

The design process also ensured reduced system losses, cavitation-free measurements as well
as consistent entrance flow distribution. To keep system losses to a minimum, the closed loop
employs Polyvinylchloride (P.V.C) piping, which has very low friction coefficient. In addi-
tion, it does not suffer from corrosion. Of the four bends in the loop, the pump housing dis-
charge section is the first. 

The system is cavitation free by virtue of reduced system losses as well as raising the NPSH
available to the pump inlet. The latter is achieved through the vertical piping configuration
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and location of the pump at the bottom of the loop thereby supplying a positive head to the
pump suction. In addition, an external air pressure is supplied to raise the system datum pres-
sure during measurements. This pressure is applied to the water surface in a closed water-tank
connected to the loop through a tube. This way, the NPSH available to the pump is raised sig-
nificantly. 

3.3 Adaptation of the Waterjet Configuration

Firstly, to ensure reliable entrance flow distributions to the pump: 

1. the long, bend inlet section is replaced with a long, straight section upstream of the pump 
(Figure 3.1), thus, facilitating flow redistribution device installation

2. the shaft, which originally ran through the inlet side of the pump, is re-designed and 
installed on the discharge side, thus eliminating its influence on the entrance flow

motor pump

flowmeter

pressure tank

discharge
valve

discharge

air
release
valve

air release
valve

inlet

Figure 3.1 The general facility layout
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Other adaptations include

1. the impeller is mounted on the shaft through a force transducer known as a dynamometer 
so that impeller forces are measured directly in order to avoid any unwanted forces and 
drive system noise 

2. a flexible and strong impeller positioning mechanism is added to allow for easy adjust-
ment of impeller-casing clearance

3. a shaft system known as the dual-shaft system is included by means of which the rotor can 
be set to a whirl motion 

In addition, the installation is now a closed loop, pumping clear domestic water. Finally, the
pump is designed for easy assembly in order to facilitate checks and/or re-configuration with-
out prolonged down-times so that the impeller, dynamometer, seals, and bearings are easy to
access from the suction side without having to dismantle the whole pump unit. 

3.4 The Pump Inlet Section

Eight pressure taps at the pump inlet (Figure 3.2) connected to a pressure transducer are used
to measure the average inlet static pressure. At the same section of the taps location are three
pitot tubes used to measure the axial velocity distribution at the pump inlet. 

The flow redistribution device is used to preset axial velocity distribution at the pump
entrance. It is used to modify the entrance flow to the pump. To ensure reliable velocity distri-

Figure 3.2 Pump inlet section

pitot tubes

    

static pressure
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    flow redistribution device
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butions, the pump unit is installed so that the inlet is as far as possible from the nearest bend.
The closest bend upstream of the pump is at a distance of about 3.2 m; in excess of 12 inlet
pipe diameters. The number of intrusive measurements is kept to a minimum in an effort to
reduce the influence of the devices on the flow upstream of the pump; for instance, preference
for an electromagnetic to a turbine flowmeter. The entrance flow distribution is varied
between uniform to shear flow levels at different flow coefficients. Three different preset
velocity profiles are achieved: one uniform and the remainder shear flow. This device is made
of a tube bundle with a downstream face slope or chamfer for asymmetric distributions and
flat for uniform distribution. The following are the design requirements:

1. limiting system losses in the installation such that the attainable maximum flow never 
reduced to levels lower than best-efficiency flow rate, and

2. distribution of axial velocities of at least 20% of the mean velocity with a capability to 
remove cross-flow vortices in the flow.

The velocity distribution is estimated using the approach of developing a shear flow across
the tube bundles. A variety of methods to produce shear velocity profiles in fluids exist. Some
methods employ grids of rods (Owen et al., 1957) with very complicated analytical treatment.
Detailed design considerations using other methods can be found in a number of literature. In
this study, tube bundles are employed in producing this flow field (Figure 3.3). The desired
flow distribution is generated as close as is possible upstream of the pump in quest for flexi-
bility as well reduced device size. Appendix C.2 explains the method used to design the shape
of the flow redistribution device, based on simple treatment by means of pressure drop across
the device. A target velocity profile is initially assumed. Then, using the friction coefficient of
a single tube material and adapted Bernoulli relations, the length of each tube of the bundle is
determined for every radial location of that tube at the cross section of the pipe. Chapter 5
presents and discusses the resulting distribution achieved in this study.

flow redistribution device
pump

pitot-tubes location 

Figure 3.3 Flow redistribution device



32 The Experimental Test Facility
3.5 The Pump Unit

The internal design of the pump shown in Figure 3.1 is explained in this section. The section
view of the pump unit is annotated in Figure 3.4. Water enters through the suction nozzle to
the impeller. The impeller adds kinetic energy to the water, consequently driving it through
the stator vanes in the casing. The water then flows through the discharge to the outlet pipe.
Between the impeller and the shaft is a force sensing device, known as the dynamometer, stra-
tegically placed so as to measure the forces directly on the impeller. The dynamometer-shaft
mount seats are tapered for better centring and positive clamping. The main shaft is supported
by the outer shaft, both supported on respective pairs of bearings. Part 11 constitutes a pure
radial bearing (11a) and a single roller thrust self-aligning bearing. Part 12 is made up of a
combined set of pure thrust and pure radial bearings (12a) and a double roller self-aligning
thrust bearing (12b). Parts 5, 6, 11 and 12 make up the dual shaft system discussed in Section
3.5.3. The measured forces are communicated to the outside using wire cables through the
hole in the centre of the main shaft. A detailed discussion on data acquisition is provided in
Section 3.6. Parts 1, 3, 7, 8 and 10 make up the pump casing. 

The side-wall is known as the suction cover. The suction nozzle and side wall are opened in
the event that the impeller or dynamometer has to be assembled in the pump. This cover
becomes handy when bearings and seals require checking. Since the suction and discharge
nozzles are in the same half of the casing length, either of the sides can be removed to inspect
the interior without disturbing the bearings. In effect, only partial dismantling from the suc-
tion side suffices for all the necessary checks. The pump unit is driven via a pulley system and
a coupling. 
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Figure 3.4 Section view of the pump unit
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3.5.1 Impeller and Casing

The impeller used in this study is single-suction in which water enters the suction eye on a
single side. If we categorise the pump by the way the impeller is mounted, it is known as an
end-suction pump with an overhung impeller (see Figure 3.4). 

The open design of the impeller makes this single-suction impeller suitable for handling sus-
pended matter, such as grit, since the solids in such matter are more likely to clog the space
between the rotating shrouds of a closed impeller and the stationary casing walls. This, in
addition to the reasons given in Chapter 1, enforces the reason why the open type impellers
are generally preferred for ship propulsors. Figure 3.5 shows the impeller used in the study.
Such types of impellers are generally restricted to single-suction designs. It is made of cast
bronze and has a single wearing ring on the discharge side.

Figure 3.6 shows the front view of the casing used in this study. It is made of cast bronze. It is
a single-stage radially split circular casing. A cover on the open side is part of the side-walls
that together constitute the casing (see Figure 3.4) unit. The impeller rotates within close run-
ning clearance of the pump casing. This is necessary for this open impeller since an increase
in clearance deteriorates the pump efficiency very rapidly. In this study, a nominal clearance

of mm is used, where is the impeller discharge diameter. The casing is equipped
with seven fixed casing stator vanes and a wearing ring. Water from the impeller is driven into
the discharge nozzle through the passage ways. Seen inside the casing is the dynamometer on
which the impeller is mounted.

3.5.2 The Dynamometer

This device is, in its simplest terms, a rotating cylinder carrying strain gauges used to measure
impeller forces. It is mounted between the impeller and the shaft (see Figure 3.4) co-rotating
with the shaft as part of the rotor system. This strategic location is chosen in order to avoid
any unwanted forces and drive system noise. 

Figure 3.5 The impeller (top view) in its casing (front view)
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The dynamometer essentially consists of two disks linked by four parallel bars or posts that
are monolithically machined from a single stainless steel billet (Figure 3.7). The posts whose
axes are parallel to the shaft axis are identical and equally spaced at a diameter of 114 mm,
post span length L = 35 mm and approximately square cross-section of side 10.6 mm. A
dimensioned drawing of the dynamometer is shown in Appendix D.1. The deflections in these
bars are a measure of the forces on the impeller. On each of the four bars are bonded solid-
state foil strain gauges such that a total of six full bridges is used to measure the six general-
ised forces (forces in three directions and associated bending moments). Resolution of forces
was detailed in Chapter 2. Design considerations and design stress-strain calculation methods
used to initially dimension the dynamometer are provided in Appendix D.2. The eventual cir-
cuitry of the strain gauge connections is provided in Appendix D.5. It should be noted that

Figure 3.6 The casing 

1. casing

2. stator vanes

3. passage ways

4. dynamometer
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Figure 3.7 The dynamometer
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final dimensions of the dynamometer are arrived at upon considering its expected sensitivity
and dynamic behaviour as will become clear shortly. 

During the design process the following requirements are transformed into specifications: 

1. significant sensitivity to forces while acknowledging the anticipated low radial forces in 
this type of pump. The material to be employed in the dynamometer construction is stain-
less steel and strain gauges contemplated are foil gauges This choice limited the design to 
strains in the range of 80-200 micro-strain and gauge factors in the range of 2

2. good accuracy in the DAQ System for the anticipated signal levels

3. acceptable dynamic characteristics in the frequency range of the experiments knowing 
that dimensions of the dynamometer has an influence on its natural frequencies (see Chap-
ter 4), and 

4. a single, symmetric rigid enough structure to avoid excessive and/or uneven distortions 
that would (i) alter impeller-casing clearances, (ii) induce non-linear behaviour of the 
dynamometer, and (iii) cause premature failures due to such influences as fatigue. 

Since 1 and 4 are contradictive, a compromise has to be reached between the dynamometer
sensitivity and stiffness otherwise a very stiff posts would mean too weak a signal. On the
other hand a very weak device implies increased possibility in measuring unwanted noise and
high risk of failure and non-linear behaviour. Thus, the initial design of the posts in the
dynamometer (Appendix D), using the force values expected, determined the radius of the
dynamometer , the section side length  and length of the posts . The size is a
compromise between the deflection in the dynamometer posts and the natural frequencies
expected from the dynamometer with respect to the contemplated operating speed. With this
initially dimensioned dynamometer tests were performed to check the quality of the signal as
well as its dynamic behaviour. Using this information, adjustments were made to the
dynamometer so that tentative dimensions were taken (Appendix D). The decision was based
on obtaining a better signal (high strains) but with deflections low enough to prevent the phe-
nomena in listing 4 above and coincidence of one of its natural frequencies with the shaft
speed.

The theoretical natural frequency of an oscillating beam with a free end is used for posts in the
dynamometer and has the following relation:

 (3.1)

where is the Young Modulus of the material, the moment of inertia about the axis of

vibration,  the mass per unit length of the post and  the post length between
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dynamometer disks. Expressing Eq. 3.1 in terms of the post dimensions, the following
dependency exists:

 (3.2)

in which is the side length of the post cross-section. This is one of the bases for sizing the
posts in the dynamometer for suitable dynamic characteristics. The first lateral natural fre-
quency is roughly 103 Hz, conveniently high and far enough from the shaft speed. A further
increase in this value means a very stiff and thus less sensitive dynamometer. Consequently,
these dimensions are selected for the time being.

Next, the sensitivity of the dynamometer is assessed by considering the values of and

. Reducing the value of significantly implies more sensitivity while reducing

further means little space for gauge mounting. In other words, the strain gauges would
be placed too close to the post ends. A distance in excess of half the post thickness from the
post ends is conveniently selected for strain gauge placement, resulting in the dynamometer
shown in Appendix D.5. 

Calculations are performed to determine the strains from initial estimates of expected forces
in the pump. These strains are then used to check the signal levels. The signal level sufficient
for the current DAQ System is selected for the currently available signal amplifier. 

Some disadvantages with the dynamometer lie in the difficulty faced with its production,
because

• machining a monolithic component for this geometry to good accuracy is more difficult 
than it is for a multi-component unit, and

• bridge configuration on the dynamometer involved a few logical checks in strains from 
the dynamometer geometry

Advantages outweighed these shortfalls:

• stress-strain analysis is easier to carry out for symmetric posts in a symmetric dynamome-
ter. For the whole dynamometer, logical summations of principal strains gives a reasona-
ble estimate of the expected directions of primary sensitivities of the various gauges

• mounting and bonding the bridges to the posts is easier on flat faces of the posts 
•  full Wheatstone bridge configurations are utilised for all the bridges to enhance tempera-

ture compensation
• bridges arrangement is chosen so that the dynamometer could measure all the generalised 

six forces, 
• it is easier to calculate the power developed by the impeller with minimum uncertainties 

emanating from mechanical losses in the pump since the dynamometer measures torque 
directly on the impeller. 

fn
spost

4

Lpost
3

-------------∝

spost

Lpost

spost spost

Lpost



The Pump Unit 37
Stainless steel 316, is opted for by virtue of its good elasticity, resistance to corrosion as well
as heat conduction. The bridge primarily sensitive to axial forces is made up of identical strain
gauges with resistance of 350 ohm and a nominal gauge factor of 2.13. The remaining twenty
are 120 ohm with a nominal gauge factor of 1.97. 

The dynamometer outer jacket is made of aluminium for shielding the dynamometer posts
from (i) fluctuating loads effected by splashing water, and (ii) isolating it from the parasitic
forces generated by the spirting fluid in the casing. In addition to the serving as a seal of water
from leaking out of the pump, (i) the strain gauges are coated and sealed with water-proofing
resin binders, and (ii) the dynamometer had the second and most important seal, the inner
jacket. This jacket served as the shield for the distribution printed chip board (p.c.b) and as the
isolation between the inside and outside of the pump through the shaft hole. O-rings are the
seal between most metallic components of the dynamometer (Figure 3.8). This o-ring
required a minimum squeeze in order to seal properly while ensuring small deflections so that
it did not interfere with the dynamometer deflections. This demanded that the seal damping as
well as stiffness be negligible compared to those of the posts. 80-durometer neoprene ring is
used. 

The complete building of the dynamometer involved (i) machining of the dynamometer parts,
(ii) fine surface finish using a grinding process with a fine sand blast, (iii) strain gauge bond-
ing, dynamometer baking, electric insulation, protection with a gauge sealant and water-
proofing, and (iv) wiring the 6 full bridges. Finally, the inside cavity is filled with a silicon
compound for additional water-proofing. Using this device, both steady as well as unsteady
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shaft end

impeller seat
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base plate (1)
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o-ring
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Figure 3.8 Internal structure of the dynamometer (foil gauges sealed)

inner jacket
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impeller fluid forces can be measured. The calibration of the dynamometer is discussed in
Chapter 4. 

3.5.3 The Dual Shaft System
This refers to the arrangement in which the main shaft (Figure 3.4) is mounted in another
rotatable outer shaft. Both shafts are supported on separate axial-radial bearing pairs. As a
result, it is possible to independently drive the two shafts at different speeds and/or directions.
Depending on the concentricity of the bearing mounting, the eccentricity of the impeller with
respect to the casing axis can be set. On one hand, a concentric mount of the inner shaft, oper-
ating the outer shaft or sleeve at a frequency  neither alters the orientation nor the location
of the impeller. On the other hand, however, an eccentric mount results in an impeller with a
superimposed whirl at a frequency , at a radius equal to this eccentricity. This way, reaction
forces as a result of whirling or precession of the rotor can be measured.

In this study, neither whirling nor precession rotor experiment is performed. Only unsteady
forces on a centred impeller are measured. This report will, from this point on, refer to the
main shaft as shaft unless explicitly stated otherwise.

At design stage two options pertaining to the kind of drive mechanism to employ are identi-
fied: (i) use two motors, each for respective shafts, or (ii) driving both shafts with a single
motor by means of pre-determined pulley size ratios. Acknowledging the difficulties antici-
pated in synchronising both shafts with the data acquisition process, the second option is pre-
ferred. Then the implementation revealed two feasible possibilities: either to use a chain-
sprocket or a belt-pulley drive system. The main disadvantage with chain drives is the inher-
ent noise that would introduce a dynamic nuisance of vibrations and chatter, which would
introduce a significant error in the measured forces. In addition, maintenance due to wear
becomes a big problem with time. The advantage is the slip-free capability that would provide
a guaranteed synchronisation that becomes critical in whirl experiments. Conclusively, a belt-
drive system is opted for by virtue of its smooth operation as well as low maintenance costs.
Necessary measures are undertaken to achieve slip-free operation: slow-start of the pump to
desired operational speed, slight over-design in the number of belts between pulleys, use of v-
belts and pulleys for increased contact surfaces, slightly higher belt tension. For the purpose
of this study, only the main shaft is driven and hence the use of a single pulley-belt set. This
arrangement is shown in Figure 3.9. The shaft is linked to the electro-motor via a close-fitting
coupling. The shaft is made from steel type 080 M40, common material suitable for shaft
designs. 

3.5.4 Impeller Positioning
As mentioned in Chapter 1, rotor position relative to the casing is one of the many factors
influencing pump performance and forces. Inconsistent impeller position with respect to the
pump casing can cause unreliable behaviour in pump performance. Excessive forces, vibra-
tions, rubbing, for example, may result. Impeller position change could either be in the radial
or axial directions. Radial impeller position changes can be caused by

1. radial deflections in the shaft

ω

ω
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2. radial play at the bearings due to clearance change caused by wear or wrong choice of 
bearing tolerances

3. rotor-casing eccentricity

Items 1 and 2 may result from pump seal wear, very long unsupported shaft spans, excessive
working clearances between impeller and casing, excessive impeller overhung length or
excessive hydraulic instabilities such as those resulting from perturbation forces, rotor weight
and/or steady radial forces and operating near or at any of the rotor eigen frequencies. These
deflections in the current system can occur, in addition to the shaft at the bearings, in the
dynamometer. To account for these possible causes, tests are performed, in addition to simple
analytical checks, to ensure that the pump operation frequency is not very close to any of its
eigen frequencies. The critical speeds in the shaft is also estimated and the shaft dimensioned
so that its natural frequencies are not close to the operating speed of the pump. Design esti-
mates evaluated to 1890 rpm as the first natural frequency. Spectral analysis of the rotor
behaviour is discussed in Chapter 4. Special rubber seals are used for sealing between rotating
and stationary parts in the pump. It is a well known fact from dynamics that seals affect the
dynamic behaviour of the rotors, such as the critical speed of the rotor due to their damping
effect. Despite this fact, no detailed analysis of their contribution is investigated, only the glo-
bal response of the pump to frequency is assessed. In addition, impeller overhung is limited to
within 16% of the shaft span. The small overhung in the shaft at dynamometer seat results in
shaft deflections of only 20% of the impeller-casing clearance for a balanced impeller at the
current rotational speed. The total deflection is only 22% of the impeller-casing clearance.

slip ring assembly

pulley-belt system

coupling

motor

pick-up

Figure 3.9 Photograph of pump drive configuration
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Also, the sum of the bidirectional tolerances, as specified in manufacturer data-sheets, in the
two radial bearings is about 4.x10-7 mm, which is a choice made considering the worst case
such that a number of factors mentioned above acted at the same time. Consequently, during
shaft design the rotor deflection is one of the important design constraints. On the whole, a
limiting radial deviation is also fixed by setting the maximum permissible deflection in the
rotor as a limiting value. Finally, minimising deflections in the rotor will raise the critical
speeds, consequently avoiding unreliable system behaviour. 

Possible causes of change in axial impeller position are

1. axial play in the bearings
2. elongation of the shaft or supporting parts due to excessive temperature changes
3. shaft elongation by virtue of axial forces
4. wrong design choices of tolerances due to multiple datums

The pump used in this study is a mixed-flow type for a waterjet system and as such one will
imagine that axial forces can be quite significant. Therefore, the choice of bearings is such
that tolerances are low in the axial direction. The sum of the bidirectional tolerances for dou-
ble-roller bearings is about 12x10-6 mm. Consequently, the design of the rotor involved estab-
lishing a single reference datum in the rotor axial direction against which all dimensions are

outer shaft

 (main) shaft

   thrust bearing

 radial bearing

   double-roller bearing

   thrust plate

 end-cap

 spacing ring

   inner bush

Figure 3.10 Impeller positioning system   
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calculated in an effort to minimise possible accumulation of errors in targeted tolerances.
Shaft elongation can be due to temperature increase due to prolonged periods of operations or
axial forces. Over the contemplated period of operation of 4 hours per test-run, the elongation
of the shaft due to temperature increase in the pump is found to be negligible because the tem-
perature rise is only about 2 degrees centigrade. Some of the heat is dissipated by the metallic
portions of the installation, such as the pump housing.

The resolute design therefore uses a floating bearing system at the impeller side to (i) allow
for rotor expansion (mostly elongation) due temperature effects, and (ii) permit easy adjust-
ment of the impeller position from a single assembly-section without having to strip the com-
plete pump unit. Figure 3.10 shows components utilised in impeller positioning. The shaft is
locked in place axially and radially by means of the axial and radial bearings respectively. The
radial bearing is press-fitted on the shaft on its inside and on the inner bush on its outside. The
inner bush is slid with a very close tolerance into the outer shaft. Between the two bearings is
a thrust plate unit that is pressed against the shaft. It serves as a lock to both bearings so that
the stationary side of the thrust bearing abuts against it. Its outer diameter is, together with the
stationary part of the thrust bearing, press-locked to the inner bush. The thrust bearing is
finally secured in place using the end-cap with a clearance of 0.01 mm. This arrangement
implies adjusting the inner bush correspondingly translates the whole rotor assembly: radial
bearing, thrust bearing, thrust plate as well as the shaft. Thus, in the experiments, only the
spacing rings of preset sizes are used. Indeed for all the measurements in the current study
only one setting is employed, implying only a single impeller-casing clearance.

3.6 The Data Acquisition System

In this section the signal flow from inside the pump to the desktop computer for storage of
numerical values is discussed. Figure 3.11 shows a photograph of the main instruments used
in the data acquisition process. The scheme of this figure is presented in Figure 3.12 for com-
plete description of the signal-processing paths.

Figure 3.11 Photograph of the signal-processing instruments
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The dynamometer is the main source of data. The signal from the dynamometer inside the
pump is firstly communicated through an assembly of slip rings to the signal-conditioning
amplifier. The 24 wire slip ring assembly interfaces with the signal amplifier by means of a
connection rack, together making up a basic link circuitry. The slip rings establish the connec-
tion between the rotating and stationary wiring. The rotating wiring refers to the section of
wiring between the strain gauges in the dynamometer and slip-ring; achieved by means of the
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Figure 3.12 Signal-flow diagram
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hole in the centre of the shaft. The excitation voltage per bridge is 5 V.A.C. Secondly, the
incoming amplified analog data from the signal amplifier is digitised and multiplexed by the
National Instruments’ Analog-To-Digital 12-bit (NI adc-12) data acquisition card on the desk-
top PC before storage to disk. Simultaneously, a separate reference signal (or index-pulse)
supplied from every shaft revolution to provide shaft orientation information is supplied to its
own (reference) channel. This information is important for correct extraction of the impeller
forces detected by the dynamometer. Next, all this numerical data is consequently written in
formatted tables to a text file. Finally, this stored data is processed using an in-house utility
program to obtain the forces on the pump impeller. Screened cables are used to minimise
noise in the signal. Other connections are for instruments such as pressure transducers, and
electromagnetic flowmeter.

3.7 The Dynamometer and Force Measurement

The six generalised forces detected by the dynamometer are shown in Figure 3.13. They
include direct forces with their corresponding moments, axial force and torque in the rotating
frame of reference. The reference lateral plane rotates with the dynamometer. F1, F2 are
orthogonal forces pointing in the directions of the y- and x-axis respectively of this reference
plane. F3, the axial force is directed towards the observer as seen from the pump inlet. M1, M2

are the moments associated with forces F1 and F2 respectively and T the torque in the
dynamometer. 

The lateral forces, F1 and F2, in the rotating frame of reference are eventually resolved to

forces in the stationary frame,  and .In the general case of the impeller displaced at a

axis

F1M1

M2F2

T

F3
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F1M1

M2F2
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Figure 3.13 Forces detected by the dynamometer
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known radius, , forces can be resolved as shown in Figure 3.14. From the geometry in this
figure,  and  are resolved into the stationary frame by rotating over -Ωt to get

(3.3)

(3.4)

Equating Eq. (3.3) and Eq. (3.4) to Eq. (2.8) and Eq. (2.9) respectively, yields the following
relations:

(3.5)

(3.6)

To be able to measure these forces accurately a reference orientation of the dynamometer
needs to be known so that using this information, the directions of the generalised forces is
known. Thus, referring to a force as initially oriented in a known direction at the start of a
given experimental measurement would suffice in resolving all the forces in Eq. (3.5) and Eq.
(3.6).

Unsteady Force Components

To obtain the unsteady forces, elements of the hydrodynamic force matrix are firstly deter-
mined. Fourier Transforms are utilised to obtain sine1) and cosine2) coefficients at the whirl

1. Fourier sines are obtained by the integral, 

2. Fourier cosines are obtained using 
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Figure 3.14 Generalised forces resolved in the stationary frame
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frequency, . Consequently, Fourier cosine coefficients are obtained by the appropriate inte-
gration of the left-hand side of Eq. (3.5) 

(3.7)

provided  for arbitrary integer . Similarly, the Fourier cosine for Eq.
(3.6) yields 

(3.8)

The Fourier sine coefficients are obtained using the appropriate transform integration,

(3.9)

(3.10)

 and  can then be calculated using Eq. (2.13). These forces are normally plotted against
whirl frequency ratio for analysis as shown in Figure 3.14.

Steady Force Components

These forces are obtained by averaging each of the above equations (Eq. (3.5) and Eq. (3.6)
over some arbitrary time interval ( ). These forces in the steady or inertial frame
yield,

(3.11)

(3.12)

These time average forces are taken from the constant coefficient in the FFT procedures.
However, it is important to note that this is not the way the forces are obtained in this study.
Instead, the method of ensemble averaging over many cycles is used in order to extract the
instantaneous forces  and . The preliminary test results are presented in Chapter 4.
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CHAPTER 4 Control and 
Measurement

4.1 Introduction

Measurements are performed in an effort to understand hydrodynamic forces generated by the
pump at different inlet flow conditions. The term flow condition refers to the distortion of the
entrance flow to different levels of asymmetry. These are assessed at different flow rates. In
this chapter the data acquisition procedure, calibration procedure and error analysis are dis-
cussed. 

When the impeller rotates in water, the resultant reaction force in the stationary frame of ref-
erence, say at the bearing nearest the impeller, is due to:

1. gravitational force caused by mass loads on the rotor

2. centrifugal force resulting from rotor imbalance and/or its components

3. fluid-induced force on the submerged rotor, including buoyancy force

4. system reaction force such as structural contribution

In order to extract the fluid-induced force acting purely on the impeller vanes from the meas-
ured force, the following two sub-experiments are performed at the operation speed: 

• impeller operated in air: the measure force  consists of contributions from item 1, 2 
and 4 above 

• impeller operated in water: the measured force  contains all contributions 1 through 
4 

F1 t( )

F2 t( )



48 Control and Measurement
Fluid-induced forces on impeller vanes in the rotating frame of the dynamometer are
then obtained by calculating the difference

(4.1)

in which the force vector  contains six (generalised force) components.

The buoyancy force is then subtracted separately to extract pure impeller fluid forces. It is
worth summing up here that the rotation of the impeller alone in air serves to remove gravita-
tional, centrifugal as well as all other system forces except hydraulic forces. The eventual sub-
traction of the buoyancy (hydrostatic) force leaves out only hydrodynamic impeller force. The
forces  and  are obtained by the dynamometer, the force measuring device. 

4.2 Data Acquisition Procedure

The signal voltages from the six bridges of strain gauges mounted on the dynamometer are
continuously sampled at a fixed rate. The magnetic pick-up attached to the shaft provides an
addition signal containing a reference pulse at the beginning of every complete shaft revolu-
tion. The sampled signals are stored on disc, internally organised in tables such that the refer-
ence pulse voltage occupies the first column of useful data. Subsequent channels fill the
remaining columns for the bridges in the dynamometer. About 10, 000 samples were taken on
average. Forces are finally extracted using dedicated in-house tools written in Matlab®. The
processing of data is performed by the following steps:

1. Pre-processing
Bridge signals are corrected for possible drift and filtered. Filtering of the signals can be 
performed at different levels, to
- remove disturbing background frequencies
- retrieve shaft frequency and higher harmonics
- retrieve only shaft frequency
At this stage, the spectral content of the signal can be assessed using the Fast Fourier 
Transform (FFT) method

2. Ensemble averaging
Based on the reference pulse signal, a bridge signal is divided in parts of precisely one 
shaft revolution. This way, the complete signal can be ensemble-averaged into a signal for 
a single equivalent shaft revolution. An example of an ensemble-average of data fit is 
shown in Figure 4.1. 

3. Calculation of forces
The ensemble-average of signals of the six bridges are used to calculate the six general-
ised forces in the rotating frame of reference. The relation between bridge signals and 
forces is obtained through calibration of the dynamometer (Section 4.3).

Ffluid t( )

Ffluid t( ) F2 t( ) F1 t( )–=

F t( )

F1 t( ) F2 t( )
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4. Transformation of forces
The forces in the rotating frame are transformed into the inertial or casing frame of refer-
ence.

4.3 Calibration of the Dynamometer
In order to determine the relation between forces applied to the dynamometer and the result-
ing bridge signals, a calibration process has to be performed. During calibration, different
force components are individually applied to the dynamometer and signal voltages are
recorded. From these measurements it follows:

(4.2)

in which is the response (in volts) of bridge i during loading by force component . is
known as the interaction coefficient. Referring to Figure 4.2, it is the slope of the curve relat-
ing bridge response and applied force. Assuming small deflections in the dynamometer, the
response of the bridge to a mixed loading can be written as

(4.3)
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resulting into a linear system of six equations for the six bridges signals.

(4.4)

where  is a vector containing instantaneous bridge responses ,  is a vector containing

the force components , and  is called the interaction matrix. Matrix  is conse-
quently inverted so that the 6 bridge responses are readily utilised in determining the force
vector  using

(4.5)

To account for initial offset values in bridge responses, Eq. (4.5) is rewritten as

(4.6)

with  the bridge response at initial loading .

Prior to the actual calibration of the dynamometer to obtain the interaction matrix , some
preliminary tests are performed in an effort to

1. ensure the circuitry of the bridge circuitry and scheme were correctly implemented 
2. select a suitable amplifier gain for the bridges

Figure 4.2 Relation between statically applied radial force and output voltage of bridge 
1.
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3. examine dynamometer behaviour with more attention to linearity in bridge responses or 
slopes. This undertaking is also a verification of how effectively the gauges are bonded in 
the dynamometer. For this purpose the pump has been operated at the lowest stable shaft 
speed and the signal continuously recorded so that the signal continuity is assessed

4. assessing the amount and effect of drift on the signal in every bridge. This has been per-
formed at pre-determined fixed orientations of respective bridge with and without a load-
ing over long periods of time, typically in excess of one hour. In both cases, drift remained 
flat regardless of orientation i.e. whether loading is in the direction of primary sensitivity 
or not. 

All these tests were performed on the dynamometer in situ. After these tests, the dynamome-
ter response has been calibrated for static and dynamic loading. Static calibration is first
described, followed by dynamic calibration. 

4.3.1 Static Calibration

During static calibration the dynamometer is loaded in a static way, i.e. damping and added
mass in the rotor system are not effectuated. Calibration encompassed four loading situations:

1. radial force loading, where standard weights are hung to the dynamometer in situ, at dif-
ferent dynamometer orientations. The forces are applied at two different axial locations 

2. axial loading
3. torque loading
4. mixed force loading using a lever arm to simultaneously apply a torque and a radial force

Radial force loading of type 1 is performed at two different axial positions in order to assess
bridges response to pure shear force and bending moment individually. Loading is done in
small steps to check the linear behaviour of the dynamometer, as expressed in Eq. (4.2). Type
4 loading serves as an extra check, to ensure that deflections originating from different types
of loading can be superimposed (Eq. (4.3)).

Figure 4.3 shows a typical response graph of bridge 1 to stepwise radial force loading at two
different axial locations A and B. Response in these bridges is linear with scatter within 4%. 

Strain gauges are mounted such that every bridge responds primarily to a particular compo-
nent of the generalised force vector. Ideally, this would result in an orthogonal interaction
matrix  with which forces can be calculated with maximum accuracy. Orthogonality in this
particular case is lost since bridges for radial loading are always sensitive to shear force as
well as bending moment. Moreover, cross-interactions, though not indicated in Figure 4.3, do
exist and are not insignificant. In some of the bridges, sensitivity to force components other
than the targeted component can reach values as high as 30% of the primary sensitivity. How-
ever, the response in the dynamometer bridges is linear, thus easily accounted for during cali-
bration. This poses, however, consequences to the obtained accuracy, as will be explained in
section 4.4.

A
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An example test run is performed at a low speed to approximate steady state but under contin-
uous sampling. The impeller is mounted on the dynamometer and runs in air. Bridge signals
are filtered to obtain shaft frequency only, and are subsequently ensemble averaged. The
result is shown in Figure 4.4. From this figure it becomes clear that bridges 5 and 6, primarily
sensitive to torque and axial forces, do not have a zero value, nor are the signals of bridges 1
to 4 nicely in phase (or 90°, 180°, 270° out of phase). The reason is the cross-coupling of the
bridges.

4.3.2 Dynamic Calibration

Since the forces to be measured are dynamic in nature, the matrix obtained from static calibra-
tions is tested under dynamic conditions so that, as necessary, corrections are made. Conse-
quently, the interaction matrix has been partly obtained by dynamic calibration. The
dynamometer is loaded by two discs of different weight and mounted on the shaft at different
distances from the dynamometer. At the normal shaft operating speed the signals of all
bridges are sampled and stored on disc. A third run without dynamometer loading is per-
formed and its bridge responses are subtracted from the loaded runs to eliminate the influence
of dynamometer and spline weight. After filtering all but the shaft frequency from the result-
ing signals, and ensemble averaging, the amplitude and phase shift is obtained. The measured
bridge response can thus be given as

(4.7)
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with Vi,j the voltage of bridge i resulting from loading by disc j, Ω the angular frequency of
the disc, t the time, Bi,j the amplitude of the response and φi,j its phase shift. 

Bridge response can also be written in terms of the interaction matrix  and the force loading
vector F, which in case of loading during dynamic calibration, reduces to

(4.8)

with ai,j the coefficients of the interaction matrix  and F1,j, F2,j, M1,j and M2,j force and
bending moment applied to the dynamometer by disc j. Inserting the expressions for forces
and bending moments in terms of disc weight and moment arm gives

(4.9)

with Fj the weight of disc j and ∆zj its moment arm.

Combining equations Eq. (4.7) and Eq. (4.9) yields a non-linear system of four equations per
bridge

(4.10)

 (4.11)
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for which i = 1, 2,...,6; j = 1, 2 where the unknown coefficients of the interaction matrix can
be solved. Consequently, the dynamically obtained matrix is employed to evaluate impeller
forces. The difference in the coefficients, though small, are attributed to the response of the
structure under dynamic conditions, that is not the same as static behaviour. This, eventually
affects the response of the dynamometer. The finally obtained interaction matrix is used for all
force measurements at this operational speed.

In Figures 4.5 and 4.9, results are shown of a measurement for the impeller running in air at
the operational speed. The interaction matrix from dynamic calibrations is used to calculate
the forces from the bridge signals. Results are obtained after filtering to retrieve shaft fre-
quency and higher harmonics, and ensemble averaging over 133 shaft revolutions. The weight
of the impeller and the axial position of its centre of gravity is measured to within an accuracy
of 15% and 10% resp.  

4.4 Error Analysis
The accuracy with which forces and associated moments are measured, depends on

• accuracy of interaction matrix A, assessed by calibration
• accuracy of bridge voltage signals, obtained during measurements
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During dynamic calibration, voltage signals are filtered to retrieve shaft frequency only, and
subsequently ensemble averaged. Calculation of standard deviation leads to an error in ampli-

tude of  Volt. According to Eq. (4.10), with discs weights of about 100 N and axial dis-
tances in the order of 0.1 m, standard deviation in interaction coefficients is approximately

 Volt/N for force components and  Volt/Nm for bending moment components. Cal-
culating relative errors of interaction coefficients reveals inaccuracies of about 5%.

Adding to the error in the interaction matrix A are the errors in voltage signals during meas-
urements. Standard deviation of the measured voltages depends on the level of filtering prior
to ensemble averaging. It should be noted that although filtering tends to reduce standard
deviation, important information present in the bridge signals can be lost in the process.

Figures 4.6 to 4.9 show results of a test run with the impeller mounted on the dynamometer,
running in air at operational speed. Results are shown with and without filtering the bridge
voltage signals. The observed error in radial force is in correspondence with the estimated
error, as tabulated in Table 4.1. These deviations were consistent with what was expected
upon checking against the resolution of the Data Acquisition Card used and the Signal-to-
Noise (S/N) ratio checks at the test site.

4.5 Preliminary Tests

These tests encompass assessment of the dynamic response of the dynamometer. These tests
provide a means of checking its dynamic behaviour under specific, selected conditions:

1. loading the dynamometer with a dummy disk that has a known imbalance mass at a 
known radius. The disk is located at a known distance used in the calibration procedures 
described above and the system runs at the operating speed. The mass imbalance resulting 
in centrifugal force presents static loading of the dynamometer in the rotating frame of ref-
erence. Results compare well within 5% for the expected centrifugal force.

2. mounting the impeller onto the dynamometer and operating at two different speeds. The 
operation at a speed other than the normal operational speed provides an insight to justify 

Table 4.1 Standard deviation in voltage signals and calculated forces. Errors include the 
error in the interaction matrix A.

measured bridge signals
(V)

calculated forces 
(% impeller weight)

100

50

15

10 4–

10 6– 10 5–

10 3–

5 10 4–⋅

10 4–
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the reason to correct static calibration tests for dynamic response of the dynamometer as 
evidenced by the difference in the results for the same weight. 

3. the dynamometer is accelerated to full speed and freely deccelerated or coast-down to rest 
with power turned off. The signal voltages are continuously sampled, and logged to disc, 
from which the spectrum of the whole signal is computed. In this manner, all possible fre-
quencies present, including the amplitudes are assessed 

4. impact tests are performed where hammer blows are used to excite the dynamometer. Data 
is continuously sampled and logged to disk for spectrum computation. This undertaking 
reveals the natural frequencies of the rotor system. 

For a coast-down test the resulting frequency spectrum is shown in Figure 4.11. The spectrum
revealed harmonics to the starting fundamental frequency of 10.6 Hz: 2, 5. The remainder
could be attributed to the rotor dynamics and structural response of the system (shaft and all
attachments, including the dynamometer itself). These are not pursued further in the study.
This dynamic test is supplemented by impact tests on the impeller in situ as explained in the
next paragraph. 

Impact tests involve direct hammer blows in the direction of primary sensitivity of the bridge
being examined. Figure 4.10 shows the response of the dynamometer for the same bridge 2 as
in coast-down tests. It is observed that a frequency of about 69 Hz is common between these
two graphs, which implies that this is one of the natural frequencies of the system. The same
applies to a frequency in the range of 104 Hz. However, a frequency of about 4 Hz appears
that is not as dominant in the Figure 4.11. The 50 Hz frequency is the line frequency. Since the
other frequencies are still difficult to explain, the spectral content of another bridge, bridge 4,
to impact tests is also examined. The selected bridge has a different configuration from that of
bridge 2 so that commonalities in response would help establish the dynamometer or the rotor
natural frequency. Impact test results from these bridges subjected to impact tests reveals the
following common frequencies: 3.5, 35, 69, 103, 138 and 150 Hz. The comparison of these
results to the spectral content of the coast-down test (Figure 4.11) reveals the following com-
mon frequencies: 3.5, 69, and about 103 Hz. However, the 3.5 and 103 Hz are not as strong in
the coast-down tests. Damping behaviour of the parts on the rotor (mounts, seals, bearings,
etc.) could also be attributes to the lower amplitude of the 3.5 Hz in coast down tests com-
pared to the impact tests.

As the purpose of these checks is to assess the rotor dynamic response, the tests also serve to
determine the safe operational speed of the pump in all the force measurements. The speed
has to be at least 10% from any of the rotor natural frequencies, especially the lower harmon-
ics. The preferred speed is to some extent selected based on the coast-down tests since the
contemplated operational frequencies cannot be higher than 16 Hz owing to limitations in the
driver available. It therefore means a speed within the range 10.6 and 16 Hz should be
selected. The choice of 13.3 Hz is opted for, despite the implication of this choice that the 8th
harmonic is not very far from one of the rotor natural frequencies. Filtering and ensemble
averaging should provide enough means to render this disturbing effect negligible. 
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Figure 4.6 Standard deviation (in Volts) of bridge signals over one shaft revolution, for 
a measurement of the impeller running in air. Signals are not filtered.
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Figure 4.8 Standard deviation (Volts) of bridge signals over one shaft revolution, for a 
measurement of the impeller in air. Signals are filtered to obtain only shaft 
frequency and higher harmonics.
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4.6 Motor Speed Control

The operational speed of the pump is set using a voltage-triggered frequency controller in a
local-closed-loop system as opposed to a global-closed-loop system. Here, a local closed-loop
system refers to a network that is formed between the frequency controller and the motor with
only a prefixed voltage-level source to the frequency controller. It is here also referred to as
self-compensating control configuration. A global closed-loop system refers to the common
control system in which the feedback network corrects the error with direct reference pulse
from the pump shaft to a control PC. The global feedback system makes use of a signal (volt-
age) pulse per shaft revolution provided through a magnetic pick-up mounted on the pump
shaft. The delayed settling of the system in the global system results in voltage overshoots
that induced speed fluctuations greater than 5% regardless of extent of system relaxation. The
instability is attributed to the single pulse per revolution from shaft feedback that provides a
low resolution for real-time speed control. This problem can be overcome if higher resolution
equipment is used, such as employing a high resolution encoder mounted on the pump shaft
and determining an optimum relaxation time for the operational speed. It was abandoned in
preference for the local control loop in which the controller has a self-compensation control
configuration that remains stable within 1% of the shaft speed, which is not detrimental.

The user presets a speed from a desktop PC. This is essentially a voltage fed to the frequency
generator inside the controller (Figure 4.12). The frequency generator appropriates the input

Figure 4.10 Spectrum of bridge 2 with impeller on impact
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voltage to a proportional frequency. It regulates the motor speed using an internal system that
relies on the change in reaction voltage from the motor as a result of change in electro-mag-
netic field over 30 µs. The controller internally compensates for this change, thereby main-
taining the motor speed to within 1%. Sufficient shaft frequency control in force
measurements is one of the main requirements as mentioned in Chapter 1. This is to ensure
the cycle length per shaft revolution, in which data is taken to average, is as homogeneous and
consistent as possible. 

At start-up, the user sets the speed of the pump starting with a low speed to a prescribed value
via the software on the desktop P.C. The interface card on the PC internally feeds the appro-
priate ramp signal to the frequency generator. The Field-Change Detector internally provides
information on motor speed status. This detector supplies ramp voltages to provide informa-
tion on both motor speed (high frequency path: n x rpm) as well as phase (low frequency path:
1x rpm), where n is its resolution. As the motor reaches the prescribed speed for the first time,
phase coincidence is detected between the command signal and the feedback signal. The
phase detector then alters the actuator to freeze the ramp voltage and release the frequency
counter and the integrator. The counter corrects for deviations in frequency and the integrator
corrects for deviations in phase, by feeding into the summation junction a voltage (amplified
before reaching the motor) proportional to the error. The loop is thus closed.

Figure 4.11 Bridge 2 response to coast-down test (impeller mounted)
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Figure 4.12 Scheme of the system control
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CHAPTER 5 Results and 
Discussion

5.1 Introduction

In order to make use of the measured data, the dynamometer performance is re-checked and
assessed as discussed in the preceding chapters. Also, initial system performance tests are car-
ried out prior to final measurements. The tests encompass

1. system hydraulic performance checks to ensure the maximum attainable flow beyond the 
Best Efficiency Point (B.E.P.) flow,

2. system stability checks to assess the closeness of the operating frequency to the rotor crit-
ical frequencies. This involves impact as well as coast-down tests as discussed in Chapter 
4. Secondly, the performance characteristic revealed the minimum achievable, stable flow 
rate using noise-level assessment from recorded pressure transducer pulsations as well as 
visual checks. The shaft frequency variation is also checked both at part- and full load 
extremes and remains constant to within 1%. Below , pump speed is no longer 
stable, probably due to slip between the belts and pulleys as well as possible secondary 
flow phenomena effects. This finding is in agreement with findings of Kawata et al. 
(1984) who observed breakdown of pump performance for flow rates at and below 70% of 
the best efficiency flow in a centrifugal impeller employing diffuser casing.

3. The dynamometer is calibrated before and after the final force measurements for static 
behaviour in order to assess its linearity in the strain gauge bridges. The linear response 
remained consistent with initial behaviour at the time of installation. The originally consti-
tuted dynamic calibration matrix is eventually used in the measurements presented here. 

0.4Qbep
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5.2 Hydraulic Performance

The performance of the pump measured under steady operating conditions are presented in 
terms of flow and head coefficients as given by:

(5.1)

in which is the impeller peripheral velocity, the impeller outlet area and  is the total
pressure rise across the impeller between its inlet and outlet. Figure 5.1 shows the plot of head
versus the flow coefficients, for non-cavitating conditions. These results compare quite well
with the initial test results performed on the impeller and casing in a different installation in
which the same impeller casing combination was used before the current setup was built.
Results compare well within 5%. However, the maximum achievable flow is lower in the cur-
rent configuration.

From the results, it is possible to reach the best efficiency point. The stable operating range is
found for flow rates within % of B.E.P. (0.87Qbep and 1.06Qbep) at the operation speed.
However, the maximum flow achieved is lower by about 10%. This is an attribute of
increased system losses significantly from the flow redistribution device as well as the four
bends of the piping loop. Other sources of losses are the long piping, connections and other
connecting instruments. The configuration of the prototype is an open system with a free dis-
charge.
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Figure 5.1 Pump performance curve
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5.3 Inlet velocity Profile 

The velocity distribution at the pump entrance is the key factor whose influence on hydrody-
namic forces is currently under study. The typical distributions achieved in normal applica-
tions of waterjet propulsion systems at the pump inlet vary between 80-120% up to 50-150%
of the mean flow velocity, depending on operating conditions (see Figure 1.4).

In the experimental set-up, a pipe bundle is employed to produce a non-uniform entrance flow
in a straight pipe (Section 3.5). The inlet velocity profile is measured about 35 minutes after
the system stabilised to include possible influence of the impeller as well as possible second-
ary flow interactions upstream of the pump inlet. Two distributions are obtained by rotating
the device 180 degrees in orientation. The results of pitot tube measurements along three tra-
jectories are shown in Figure 5.2. The achieved range in axial velocity is between 70-130% of
average velocity. Results also show that there is a considerable influence of the pipe bend
upstream of the redistribution device, since both velocity profiles are not identical.

Although the velocity profiles are not closely resembling the situation encountered in waterjet
pump installations, the main feature of a changing axial velocity in vertical direction is
obtained. The observed variation in axial velocity is in the range of what is normally encoun-
tered. Therefore it is concluded that many of the phenomena exhibited in waterjet installa-
tions, resulting from non-uniform entrance flow, can be studied in the current set-up.

5.4 Force Measurements

In this section results of measurements of radial forces will be given. Nine different flow con-
ditions are considered, resulting from combinations of

Figure 5.2 Veclocity distributions for profiles 1 and 2. Values normalised with average 
axial velocity.

profile 2profile 1



66 Results and Discussion
• three different flow rates at fixed shaft speed: 87%, 100% and 106% of nominal flow rate, 
subsequently referred to as Qlow, Qbep and Qhigh. The latter flow rate is the maximum flow 
rate which can be attained in the current set-up.

• three different inlet velocity profiles: uniform and two types of shear profiles (see previous 
section).

5.4.1 Steady Forces

In Figure 5.3, the result is given for measurements of steady radial force for a uniform inlet
velocity distribution, at three different flow rates. Measured bridge signals are filtered to
retrieve only shaft frequency and ensemble averaged. The force in the steady frame of refer-
ence is subsequently time-averaged. The accuracy of the results is given by horizontal and
vertical error bars. An error analysis equivalent to Section 4.4 is conducted. On the basis of
these measurements, the dependency between flow rate and time-averaged radial force for a
uniform inlet velocity profile cannot be determined, since differences are smaller than the
inaccuracy of the measurements. It can be concluded that there is a net radial force, in down-
ward direction, irrespective of flow rate. Calculation of bending moments reveals that the
point of action of the radial force is close to the impeller centre of gravity, to within 3 percent.

Similar measurements are also performed for sheared inlet velocity profiles and compared
with uniform velocity, for nominal flow rate. The result is given in Figure 5.4. In as far as the
direction of horizontal forces is concerned, the results are in accordance with what is expected
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Figure 5.3 Force map showing time-averaged radial forces for uniform inlet velocity 
distribution. Forces are corrected for impeller weight (incl. buoyancy) and 
normalised with impeller weight.
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from a theoretical analysis (see Section 2.3). The large downward vertical force is not com-
pletely understood. It could be attributed to a flow distortion resulting from the pump dis-
charge geometry that is a bend not very far from the impeller which remains constant under
stable operating conditions.

The complete set of measured steady radial forces is shown in Figure 5.5. Results show a
large dependency of radial forces on flow rate, for non-uniform inlet flow distributions. The
radial force in vertical direction is especially sensitive to flow rate. In Figure 5.6 the magni-
tude of the steady radial force is given as a function of flow rate, for the three inlet velocity
profiles. For all profiles, the radial force is relatively small at nominal flow rate and increases
at off-design conditions. .

5.4.2 Unsteady Forces

Results of radial forces presented this far are time averaged. In this section some unsteady
components of the force are presented. In Figure 5.7 an example of the power spectra for the
signals of the six bridges is given. It can be observed that, although the contribution of the
shaft frequency to the total signal is relatively large, other frequencies cannot be neglected. Of
these frequencies, 6 x Ω and 7 x Ω are of special interest since these reflect first harmonics of
rotor and stator blade passing frequencies. If filtering of the signals is performed such that
higher harmonics of shaft frequency are preserved up to the seventh harmonic, radial forces
are obtained as in Figure 5.8. Standard deviation of the ensemble averaged signals is below
10-4 Volts, resulting in errors comparable to those given in previous figures. Results for uni-
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Figure 5.4 Force map showing time-averaged radial forces for the pump operating at nominal 
flow rate, at different inlet velocity distributions. Normalisation as in Figure 5.3.
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form inlet velocity profile and shear profile no. 1 show similar behaviour. It is clear that blade
interaction plays a large role when assessing unsteady radial forces.

5.5 Radial Forces in Practice

Most pump manufacturers assume a uniform entrance flow distribution to the pump. Indeed,
many applications encountered in practice, show fairly uniform entrance flow conditions or
distorted entrance flows that are below what is considered critical. Unfortunately, with the
trend towards increased power density asymmetries at the pump entrance are no longer insig-
nificant. 

As an example, the waterjet application is taken. From the measurements, a radial force equal
to 20% of the impeller weight seems realistic for moderate entrance flow distortion and shaft
speed. This result can be scaled up to practical waterjet installations for ship propulsion. In
Figure 5.9, the scaled radial force is given as a function of power density of the installations.
Use is made of scaling relations for forces F

(5.2)
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and shaft power P

(5.3)

where power density is defined as shaft power divided by D3. The results show pump diame-
ters D varying from 0.3 m up to well over 2 m. Curves give steady radial force for constant
pump diameter at different shaft speed. From the figure, it can be concluded that especially
small pumps can reach very high power densities and radial forces as high as five times the
impeller weight. One should bear in mind that in practice, inlet velocity profiles are much
more distorted than what could be attained in this investigation (Section 5.3). Therefore, it
seems reasonable to suggest that radial forces will be higher than what is indicated in Figure
5.9.

In pumps exhibiting vaned diffusers, the pressure pulsations resulting from rotor-stator inter-
action are a well known cause for a high dynamic loading of impeller, shaft and supporting
bearings. In an effort to reduce this loading, the gap between rotor vanes and stator vanes is
sometimes increased. Also in volute pumps, the distance between rotor tip and the tongue has
a minimum value depending on the level of pulsations allowed. This investigations show that
in some cases of non-uniform entrance flow to the pump, the effect on the force can be
equally important. Although this force is steady in the inertial frame of reference, it is experi-
enced as a fluctuating force by the rotor system. Thus, it should be regarded as an additional
cause for damage or even (fatigue) failure.
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CHAPTER 6 Conclusions and 
Recommendations

Conclusions

The demands for stable and predictable pumping installations with respect to inlet flow distor-
tions has been stressed. This investigation was undertaken to provide a better understanding
of the effects of inlet flow conditions on the hydrodynamic forces in rotordynamic pumps,
particularly in mixed-flow pumps. A model of a waterjet pump was built into a test rig dedi-
cated to the measurement of steady impeller radial forces experienced by the impeller at dif-
ferent flow conditions, viz axial-flow distribution and varied flow rates. Since distorted inlet
distributions are a characteristic of waterjet propulsion system installations, their unpredicta-
ble behaviour at different capacities describes the motivate of this study.

Possible causes of flow distribution at the inlet of the pump have been highlighted in the
sequel of this thesis. These have logically been built into the basis for our claim that hydrody-
namic forces on the impeller are the attributes to the eventual instabilities in rotordynamic
pumps. To carry out this investigation required an experimental setup suited to allow control-
led operating conditions, the main one being inlet flow distribution. To do this, adaptations to
a waterjet pump model were carried out as detailed in Chapter 3. Speed control was main-
tained to within 1%, the flow rate closely monitored to ensure stable operation of the system,
internal system pressure was also monitored using two pressure gauges and power supply to
the dynamometer was set to a single, monitored value for all the measurements. Static and
calibration measurements on the dynamometer were performed, together with initial tests that
included system hydraulic performance. Dynamometer calibrations served to create the inter-
action matrix used in determining the forces from the measured signal voltage from the
dynamometer during actual measurements. The hydraulic performance was important to
ensure the maximum achievable flow beyond Qbep and also to establish a reliable range of
flows in which the system operated reliably. Dynamic response of the system was also
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assessed using spectral content checks as outlined in Chapter 4. The Fourier Spectrum analy-
sis was used to provide information on the harmonic contents of the measured signal. All
actual force measurements were performed 30 minutes after start-up to ensure system stability
as well as well developed inlet flow distributions. With these checks and settings, the actual
force measurements took place.

For a given inlet flow condition (profile 1, 2 or uniform distribution) steady hydrodynamic
forces were measured at a fixed shaft speed for different volume flow rates. A six-blade
impeller was employed in its seven-blade circular casing. In all the force measurement under-
takings, the obtained data were averaged over several number of cycles (in this case a cycle
equals a shaft revolution). Of the six measurable force components only four lateral ones are
assessed in this study. The following are the key conclusions supported by results from this
study:

• inlet flow distributions, as estimated from simple shear flow development methods, are 
achievable and well comparable to distortions achieved in practice. The comparison 
between the achieved distributions and those experienced in actual installations are 
encouraging because the earlier lie within the bounds of IVR values experienced in real 
installations

• steady hydrodynamic lateral forces are significantly influenced by inlet flow distribution 
at different flow rates. In Figure 5.6, it is observed that forces are lowest at Qbep for all 
distributions. However, in profile 1 the forces are more sensitive to change in flow rates. 
These significant differences help explain the instabilities experienced in these installa-
tions. Its interesting to observe that there is still some force at Qbep for uniform flow 
though it may be expected, on the contrary, that such impeller/circular-casing combination 
gives insignificantly adds to lateral forces. The explanation could be that despite being 
uniform, the actual distribution may not be axis-symmetric due to some influence of the 
bend upstream the pump. This is one of the possible candidate reasons for this influence. 

• The steady hydrodynamic forces measured by the rotating dynamometer is in agreement 
with general findings by many researchers as found in volumes of literature for uniform 
inflow: that hydrodynamic forces tend to increase with reducing flow and more so at 
higher flow values

• though the hydrodynamic forces are steady in the inertial frame of reference, they are sig-
nificantly dynamic in the rotating frame. While steady forces significantly vary with inlet 
distribution, the dynamic component correspondingly does so. This explains the instabili-
ties in waterjet systems at different inlet conditions as described by phenomena detailed in 
the sequel of this thesis.

• rotor-stator interaction as defined in terms of impeller and casing blade pass( and 
respectively) also contribute to the lateral forces. This is evident in the spectra in 

Chapter 5.
• lateral forces are very sensitive to flow rate at all flow distributions. It is seen from Figure 

5.6 that for uniform flow, the changes in forces over the three flow rates is less compared 
to those for profile 1 and 2. However, profile 1 gives higher force values. This is attributa-
ble to the influence of the unbalanced torque that contributes to the radial lateral force in 
the same direction as that of gravity.

6Ω
7Ω
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• results in this study provide a good qualitative (and in some cases quantitative) insight in 
what influence the inlet flow conditions have on impeller forces. Measurement signal was 
very low so that despite having small errors in signal voltage, the error is significant (in 
the order of 20%) in the actual force values.

• it is not possible yet to verify the reason for the 30 minutes period at start-up before actual 
measurements could begin to ensure stable conditions

• torque and axial forces were not considered in this study because interest was in the lateral 
forces that are generally known to significantly and directly induce rotordynamic instabil-
ities.

It is thus demonstrated in this study that the influence of inlet flow distribution influences
hydrodynamic forces significantly. Since problems of non-uniform entrance flow are encoun-
tered in daily installations, this approach to assessing such problems are can be applied to
other dynamic pumps. In addition, it is proven possible the use of simple analytical methods
as a base to designing an building complex adaptable installations dedicated to particular tar-
gets. Though designing and building such installations takes time before actual measurements
can commence, rewards and clear once results become available.

Recommendations

The installation was designed so that whirl experiments are possible to carry out. This was not
possible due to time constraints. However, it will be interesting to investigate the influence of
whirling and/or precession of the impeller under different inlet distribution on hydrodynamic
forces. This would explain secondary effects of excessive rotordynamic forces on system sta-
bility. Other tests worth carrying out include the effect of impeller/casing clearance on lateral
forces on the impeller. This is a constant clearance case as opposed to the variable clearance
situation for the case of a whirling impeller just mentioned. It would be interesting to fully
investigate the influence of the impeller itself on the inlet flow distribution with or without the
flow re-distribution device. This will help to explain secondary effects of a changing pre-
defined inlet flow on impeller forces. Up to now, all actual measurements were instead carried
out 30 minutes after system start-up, with an assumption of stable flow conditions on few,
including visual, checks. It will be important to scientifically explain these considerations as
may help turbomachinists establish correct practices in pump management. Also, the domi-
nant radial force concordant with impeller weight has to be investigated with dedicated exper-
iments. It is important to assess the distribution of the flow in time between start up and much
later during operation both at the pump inlet as well as the discharge section. The current
design of the pump is such that the discharge has a bent section at a location not greater than
at least eight diameters and this could have significant influence on this vertical force. In addi-
tion, torque and axial force measurements should be carried out in order to allow for a
detailed system characteristic analysis. Finally, it is my hope that researcher begin to synchro-
nise problems from industry and academic undertakings in an effort to formalise solutions to
pumps and installations. To date a lot of research (academic and industrial) have been carried
out. It is now our challenge as researchers to compile solutions supported by particular case
scenarios, build dedicated installations and supply industry with realistic designs that emanate
from combined efforts between industrial and academic inputs.
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Nomenclature

Latin Symbols

aij interaction coefficient (i-th bridge forj-th force) [m2]

A cross-sectionalarea................................................... [m2]

A1 ship duct inlet area.... ..................................................... [m2]

A2 pump outlet area ........ [m2]

B ship duct inlet width..... [m]

Cp pressure coefficient....... [ - ]

D impeller diameter...........................................................................................[m]

E material Young’s Modulus [Nm-2]

F1,2 lateral force components in rotating frame [N]

F3 axial force [N]

Ffluid fluid-induced impeller force [N]

fn theoretical natural frequency of an oscillating beam [Hz]

Fn force component normal to whirl orbit [N]

F total radial (lateral) force‘ [N]

F0 steady part of total lateral force [N]

Fx,y x-, y-force components in inertial frame [N]

Ft force component tangent to whirl orbit [N]
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H pump head [m]

hst height of ship duct inlet area. [m]

g acceleration due to gravity. [ms-2]

P total power absorbed by the pump [W]

Q volumetric flow rate [m3s-1]

Ps shaft power [W]

 power coefficient [-]

. total pressure rise across the pump [Nm-2]

total pressure at impeller inlet [Nm-2]

IVR ratio of ship speed to average axial velocity through pump [-]

L ship length [m]

M1,2. moments in the rotating frame of reference [Nm]

[M] added mass matrix. [-]

N shaft speed rpm]

NPSH Net Positive Suction Head [m]

NVR ratio of pump nozzle to ship velocities [-]

 specific speed [-]

Tnet net thrust. [N]

Vs ship velocity [ms-1]

Vn outlet velocity at nozzle  [ms-1]

Vp average axial velocity though the pump [ms-1]

fT thrust ratio [-]

Dn nozzle diameter [m]

Dp pump suction diameter [m]

. mass-averaged total pressure difference between inlet duct and outlet [m-1s-2]

ps static pressure [Nm-2]

R dynamometer post radial position [m]

s side length of dynamometer post [m]

s rotor displacement vector from casing center [m]

P̃

∆p

∆p0 in,

nω

∆p0
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T torque Nm]

Greek Symbols

 fluid density [kgm-2]

 boundary-layer thickness [m]

 eccentricity [m]

 overall efficiency [-]

 flow coefficient [-]

 radian (shaft) frequency [rad.s-1]

 head coefficient [-]

 duct efficiency [-]

 pump efficiency [-]

 interaction efficiency [-]

 waterjet system under freestream conditions [-]

 critical whirl frequency ratio [rad.s-1]

Subscripts and Superscripts
0 initial state or steady part if used with a force

1,2. refers to the two lateral force components or refers to inlet and discharge

3 refers to axial force component

bep refers to Best Efficiency Point (B.E.P)

crit critical value

duct refers to duct of waterjet system

fs free stream 

m mechaical

n nozzle or natural if referring to frequency

net. resultant parameters

post dynamometer post

p pump

s ship or suction or static 

ρ

δ

ε

η

φ

Ω

ψ

ηduct

ηp

ηI

ηfs

ωcrit
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x, y components in the x- and y-directions in stationary frame of reference



Appendix A Centrifugal 
Pumps

A centrifugal pump consists of a set of rotating vanes enclosed within a casing and is used to
impart energy to a fluid through centrifugal force. By its principle of operation, a centrifugal
pump consists of two main parts:

1. a rotating element comprising a shaft and one or more impellers, and
2. a stationary element comprising the casing, bearings and seals.

In this type of pump, the fluid enters the centre of the impeller in axial direction into a set of
rotating vane passages. These vanes constitute an impeller which discharges the liquid at its
periphery at a higher velocity and pressure. At this point, the fluid will have gained in both
momentum and pressure as this higher velocity is converted into pressure energy by a deccel-
eration in the casing surrounding the impeller. 

A.1 Classification and Construction 

In this chapter, the classification of pumps first defines the principle by which energy is added
to the fluid, then identifies the means by which this principle is implemented, and finally, dis-
tinguishes among specific geometries commonly used. The first definition groups pumps into
two categories, dynamic and displacement, identified earlier. In this section, the latter two cri-
teria are utilised so that, consequently, dynamic pumps can be classified as one of several
types of centrifugal pumps and a group of special effect pumps (Figure A.1).

Centrifugal pumps may be classified on the basis of the applications they serve, the material
from which they are constructed, their geometry and the direction in which the fluid leaves
the impeller with respect to axis of rotation, the liquids they handle and even their orientation



82 Centrifugal Pumps
in space. In these pumps, energy is imparted to the fluid by centrifugal action often combined
with propeller or lifting action. Centrifugal pumps can be classified by the shape and charac-
teristics of the rotating element - the impeller. Impellers are grouped according to the major
direction of flow with respect to the axis of rotation. A continuous range in impeller types can
be found. They vary from the radial-flow type (which develops head mainly by the action of
centrifugal force), through mixed-flow types, to the axial flow type (which develops most of
its head by the propelling or lifting action of the vanes). Corresponding to the type of impel-
ler, all centrifugal pumps can be classified into the three following groups: axial-flow, mixed-
flow or radial-flow pumps. 

In the radial-flow pumps flow enters the pump near the axis of the impeller, and by centrifugal
force is thrown radially outward into the pump casing whereas in axial-flow (or propeller)
pumps it leaves axially in the same direction as the inlet flow. Axial-flow pumps produce flow
by the lifting action of the propellers. Further sub-classification of centrifugal pumps distin-
guishes among the number of water inlets to the impeller, namely single suction and double
suction impellers. Single-suction impellers have a single inlet on one side whereas double-
suction impellers have liquid flowing to the impeller symmetrically from both sides. Further,
the mechanical construction of the impellers gives a subdivision into enclosed (with side-
walls or shrouds), open (no shrouds), or semi-open types. A pump in which the pressure rise
is developed by a single impeller is called a single-stage pump whereas in those in which
many impellers are used in series in a single casing block are called multi-stage pumps.

Depending on the needs, these pumps can have impellers in casings equipped with guide
vanes. For example, in certain extremely low-head units these vanes are omitted, whereas in
mixed-flow pumps - with moderate heads - vanes become important. Radial-flow pumps may

Figure A.1 Types of dynamic pumps

displacement

circular casing (vaned)
- single stage
- multi-stage

axial flow
- closed impeller
- open impeller

circular casing (vaned)
- single-suction
- double-suction

volute casing
- single-suction
- double-suction

mixed flow
- closed impeller
- open impeller
- semiopen impeller

circular casing (vaned)
- single-suction
- double-suction

volute casing (vaned)
- single-suction
- double-suction

volute casing
- single-suction

radial flow
- closed impeller
- open impeller
- semiopen impeller

centrifugal

diaphragm
- air lift
- hydraulic ram
- jet (eductor)

special effect

dynamic

Pump



83
employ casings with stator vanes. When they are, these are normally referred to as diffuser
vanes. These vanes surround the impeller. The casing configurations can either be volute or
circular. The pumps employing volute casing, the most common design, are normally distin-
guished from those with circular casing by naming them as volute pumps. If the casing has
diffuser vanes, then the pump is termed diffuser pump. These casing designs are shown in
Figure A.2. Some pump configurations employ mixed-flow impellers in these casing types.

In axial-flow as well as some mixed-flow pump casing designs a circular casing is normally
employed. However, this type of casing, as opposed to that in Figure A.2 has an axial dis-
charge. In other words the pump casing designs are pipe-like and are equipped with guide
vanes downstream of the impeller. Figure A.3 shows a typical configuration of either an axial-
flow or a mixed-flow pump.

In the casings the collected fluid is diffused into high pressure flow into the discharge piping
connected to the pump.

A.2 Definitions

For a pump, the most important operating characteristics are the capacity , the head , the
power , and the efficiency . Variables which influence these are the speed  and the
impeller diameter  assuming that all other dimensions of the impeller and casing are

Figure A.2 Types of casing design
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known. The pump capacity is the volume of fluid per unit time delivered by the pump. The
total pressure rise represents the net rate at which work is done on a unit volume of liquid
in passing from the inlet or suction flange to the discharge flange. The pump head is given by

(A.1)

in which is the density of the fluid being pumped and  the gravitation constant. The over-
all pump efficiency is the ratio of the pump’s energy output to the power input to the pump
shaft and is given by

(A.2)

in which is the shaft power. This ratio is a measure of how much of the input power is con-
verted to total pressure increase. Of the several sources of losses, the most important ones
include mechanical losses in shaft bearings and seals, leakage losses, disk friction and hydrau-
lic losses resulting from skin friction, mixing processes, boundary layer separation, etc. 

Turbomachine design constraints are as varied as the almost innumerable applications. How-
ever, there are a number of ubiquitous trends which allow for fairly general conclusions. To
do so, affinity (or scaling) laws resulting from dimensional analysis are utilised. These are
scaling laws for groups of geometrically similar machines with similar internal flow condi-
tions (or kinematic similarity), which relate performance characteristics to the density of the
fluid, , the rotational speed and diameter of the impeller. The volume flow rate through
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the pump, the total head rise across the pump, , and the power absorbed by the pump, ,
scale according to

(A.3)

(A.4)

(A.5)

in which the dimensionless quantities, ,  and , are respectively known as the flow, head,
and power coefficients. These relations allow basic scaling predictions and initial design esti-
mates when applied to non-cavitating operating conditions.

A parameter, known as the discharge specific speed (or simply, specific speed), nω, is a non-
dimensional parameter used to classify impellers according to geometry and operating charac-
teristics. This parameter is normally determined for maximum efficiency (B.E.P.) conditions.
It can be obtained from equations (1.3) and (1.4) upon eliminating as follows:

 (A.6)

This entails geometrically similar machines to have the same specific speed regardless of their
size provided they have similar internal flow conditions. Thus, relating specific speed to type
of impellers, radial flow impellers have lowest specific speed values (low capacity, high head)
as compared with mixed and axial flow impellers. Mixed flow impellers have higher specific
speed values than radial flow impellers but lower than those for axial flow impellers. 

The suction specific speed is customarily explicitly stated. Figure A.4. shows the relationship
between best efficiency against specific speeds of various pumps with different specific
speeds operating at the same capacity. There is a relation between the impeller width-to-diam-
eter ratio and specific speed of impellers: the ratio increasing with specific speed or with
increasing capacity (and reducing head). The change in maximum efficiency with flow rate
for a given class of similar pumps (constant specific speed) is directly related to the varying
size of pumps within the class. Mixed-flow pumps generally have higher efficiencies.

A.3 Flow Phenomena

Centrifugal pumps are usually designed to operate near their design points where efficiency
has its maximum value. However, many applications require operation over a wide range of
capacities, including shut-off, for extended periods of time. Noise, vibration and cavitation
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may be encountered at low capacities. Large radial forces at shut-off as well as lack of
through-flow to provide cooling may cause damage or breakage to such parts as shafts, bear-
ings, seals, glands and wearing rings to pumps not intended for such a service. Some of the
phenomena associated with operation at capacities other than design capacity are prerotation,
recirculation, separation, temperature rise, high radial thrust and high rotordynamic forces.
Figure A.5 shows typical flow phenomena experienced in pumps.

Prerotation

This phenomenon belongs to the category of secondary flows and is important in the hydrau-
lic performance as well as cavitation behaviour of a pump. The flow exhibits swirl in the axial
direction. Improper entrance conditions as well as inadequate suction approach shapes may
cause the liquid column in the suction pipe to swirl for some distance ahead of the impeller
entrance. This phenomenon is attributed to various operational and design factors that often
include: leakage flow tangential velocity component in shrouded pumps, upstream contribu-
tions (such as inlet vanes, return passages in multi-stage pumps), slip and inlet recirculation
(discussed in the next paragraph). Prerotation has been detected over considerable distances
upstream from the impeller in pumps equipped with long, straight suction nozzles without
suction elbows (Karassik, 1995). In suction sections where the cross-sectional area is non-
constant the flow is accelerated or decelerated. As a result, the swirl velocity increases for
accelerating flows due to the stretching of the vortex line. Prerotation is usually harmful to the
operation of the pump since the liquid enters between the impeller vanes at an angle other
than that allowed for in design. This phenomenon is usually avoided both in pump construc-
tion and design of the suction approach.

Figure A.4 Best efficiency  vs specific speed nω (1gpm = 0.2273m3/h).ηBEP
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Recirculation

This phenomenon, also known as backflow induced swirl, is a secondary flow that results
from backflow caused by either impeller leading edge shape, diffusion in the inlet or wall cur-
vature or any combination of these factors. It is a flow reversal at the suction and/or at the dis-
charge tips of the impeller vanes. When it occurs at the impeller inlet or outlet, it is
respectively known as inlet or discharge recirculation (Figure A.5). Recirculation can take
place at any capacity, for example in open impellers. However, all impellers have a critical
capacity below which recirculation occurs. Below a certain critical flow coefficient the pres-
sure difference driving the leakage flow becomes significantly large in the case of open
impellers so that the tip leakage jet penetrates the inlet plane of the impeller. This forms a
rotating annular region of backflow in the inlet duct. After penetrating upstream a certain dis-
tance, the fluid of this jet is then entrained back into the main inlet flow. The upstream pene-
tration distance increases with decreasing flow coefficient, and can reach many diameters.
The high shear rate between the rotating annulus and the axial flow through the core produces
vortices which form and collapse, producing noise in the suction of the pump. This affects the
pump performance negatively as it results in inlet flowfield distortion. The result is a loss of
swirl energy in backflow (Sloteman et al., 1984). The capacity at which suction recirculation
occurs is directly related to the design specific speed, nω of the pump. The higher the specific
speed, the closer will be the beginning of recirculation to the capacity at best efficiency. 

Figure A.5 Flow in and around an impeller stage (Wood, G.M. et al., 1965) 

impeller blade 
leading edge 

guide vane 

    impeller

      casing

shaft axis

impeller blade trailing edge 
      diffuser vane leading edge   1. stall

2. inlet and discharge recirculation

3. separation

4. leakage flow

5. recirculating flow (general)

6. wake

7. cavitation



88 Centrifugal Pumps
Separation and Stall

Separation of boundary layers often takes place at the suction side of the vanes, especially at
low capacities. Fischer at. al. (1932) observed that the separated regime nearly filled the flow
channels with flows nearing shut-off. In some instances, this phenomenon was observed at the
pressure side of the vanes at capacities above normal and in all cases the separated regions
were filled with turbulent eddying fluid. Boundary layer separation close to the leading edge
of the blades is generally referred to as stall. It is sometimes observed that on approaching
shut-off, the fluid in the separated zones surges back and forth parallel to the vanes, with out-
ward flow in some channels matched by inward flow in the others. This is caused by so-called
stall cells rotating in the suction area from one passage to the other, hence it is referred to as
rotating stall.

Leakage Flow

This flow, often small, from discharge to suction of the impeller takes place through the wear-
ing rings, seals and any hydraulic balancing devices present in pumps employing closed
impellers. The fluid under high pressure at impeller outlet tends to flow back to the impeller
eye through the clearance between the impeller shroud and pump housing. A different type of
flow exists in open impellers: this is a flow at the impeller blade tips and pump housing. It is
normally defined as tip-clearance flow. High leakage flows will influence the main flow on
re-entrance as it will almost certainly alter the development of the boundary layer along the
impeller shroud. Leakage flow leads to a reduced head and an increase in shaft power.



Appendix B Waterjet 
Performance

B.1 Waterjet Performance

A suitable way to describe a waterjet propelled ship is by decomposing it into two parts as
shown in Figure B.1. For a waterjet propelled ship, the overall system efficiency η is defined
by the ratio of power FdVs needed to propel the ship at velocity Vs against the hull’s drag Fd,
and the mechanical power Pm to drive the waterjet pump unit :

(B.1)

The pump mechanical power is related to the net pump power Pp,net by the pump efficiency
ηp :

(B.2)

and net pump power is related to the power increase in the duct by the duct efficiency ηduct :

(B.3)

η
FdVs

Pm
-----------=

ηp
Pp net,

Pm
-------------=

ηduct
Q∆p0

Pp net,
--------------=
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with Q the volume flow rate through the duct, and  the (mass averaged) difference in total
pressure between the inlet of the duct and the outlet. Above equations combined yield

(B.4)

From force equilibrium it is required that the net thrust Tnet provided by the waterjet system is
equal to the drag force Fd from the hull, which gives

(B.5)

B.2 Interaction Efficiency

At this point a distinction is made between performance of subsystems in free stream condi-
tions and effects due to interaction. The net thrust Tnet can be written as

(B.6)

with  the thrust production in free stream and  the momentum interaction effi-

ciency. Similarly, the difference in total pressure across the duct can be written as

(B.7)

Figure B.1 Describing a waterjet propelled ship.
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with  the total pressure difference in free stream and  the energy interaction effi-

ciency. 

In total, the overall efficiency can be written as

(B.8)

with  the waterjet system efficiency at free stream condition

(B.9)

and the interaction efficiency ηI defined as

(B.10)

In Figure B.2 the control volume for the waterjet subsystem is depicted. This control volume
is most frequently used to quantify waterjet system performance (Wilson, 1977; Miller, 1977
and Etter et al., 1980). 

From conservation of momentum it follows that the rate of change of momentum for this con-
trol volume equals the sum of all forces exerted on its boundaries and on the internal volume.
It is called the gross thrust vector Tg. If only the horizontal component is considered and
stresses on fluid boundaries A1, A2 and A4 are neglected, the net thrust Tnet in horizontal direc-
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Figure B.2 Schematic drawing of waterjet system with control volume. The inlet is denoted by A1, 
the nozzle outlet by A2, the duct solid wall by A3 and the stream surface bounding the 
inlet flow by A4.
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tion can be written as

(B.11)

with ρ the density, and v the local velocity at the inflow and outflow boundaries. If free stream
conditions are assumed, the trust Tnet can easily be evaluated as

(B.12)

where the outlet velocity at the nozzle is denoted by Vn. With a boundary layer present below
the hull of the ship the evaluation becomes more complicated. In cases where the boundary
layer at the hull of the ship reaches a relatively large thickness at the intake duct, the inlet
velocity can no longer be considered to be uniform. In a two-dimensional approximation the
inlet area A1 is assumed to be rectangular with height hst and width B. If the velocity v of the
fluid in the boundary layer is written as

(B.13)

with y the distance from, and perpendicular to, the hull of the ship, and 1/n a power depending
on Reynolds number (e.g. Schlichting, 1979), the rate of change of momentum at the inlet
plane A1 can be written as 

(B.14)

where a distinction should be made between cases where the boundary layer is thinner than
the stream tube and cases where the boundary layer thickness exceeds the height h of the
stream tube. In the above equation δ is the boundary layer thickness, δ1 the displacement
thickness, and δ2 the momentum thickness.

The relation between flow rate Q and height hst of the stream tube can be derived from con-
servation of mass as

(B.15)

Tnet ρ v2 Ad
A1 A2+
∫=

Tnet fs
ρQ Vn Vs–( )=

v y
Vs
----- 
  1 n⁄

=

ρ v2 Ad
A1

∫
ρBVs hst δ1– δ2–( )

ρBVs
2δ n

n 2+
------------

hst

δ
------ 
 

n 2+( ) n⁄

hst δ>

hst δ<






=

Q
BVs hst δ1–( )

BVsδ
n

n 1+
------------

hst

δ
------ 
 

n 1+( ) n⁄

hst δ>

hst δ<






=



93
for an incompressible fluid. Substitution of equation (B.15) into (B.14) gives

(B.16)

with cm the momentum coefficient

(B.17)

For the case where the height h of the stream tube exceeds the boundary layer thickness δ one
recognises in the second term between brackets the fraction of the total flow rate Q flowing
through the momentum loss thickness δ2 of the boundary layer with velocity Vs.

The net thrust Tnet can now be expressed as

(B.18)

From equation (B.6) and (B.12) it follows that

(B.19)

with NVR the nozzle velocity ratio defined as the ratio of nozzle velocity Vn and ship velocity
Vs.

Similarly, the mass averaged total pressure at the inlet, defined as

(B.20)

can be evaluated as

(B.21)
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Thus the energy interaction efficiency reads

(B.22)

with ce the energy coefficient, given by

(B.23)

Note that a possible change in elevation of the nozzle with respect to the inlet, due to the
effect of the boundary layer, is neglected.

To illustrate the influence of a boundary layer on net thrust generated by a waterjet system, an
example is given in Figure B.3. It depicts the thrust ratio defined as 

(B.24)

Note that fT is equal to 1/ηM and has a unit value in case boundary layers are assumed to be

absent. The example is for a ship sailing at 20 m/s with a flow rate Q of 18 m3/s, and has fol-
lowing dimensions

• nozzle diameter Dn = 0.9 m 
• impeller diameter Dp = 1.5 m

The streamtube is assumed to have a constant width B of 1.3Dp upstream of the inlet duct.
The thrust ratio is plotted as a function of ship length L, which is directly related to the thick-
ness of the boundary layer. From the figure it is seen that, for this particular case, the bound-
ary layer exceeds the height of the stream tube for ship lengths larger than approximately 60
m. It is apparent that the effect of the boundary layer becomes increasingly important which
larger ship size. Also shown in Figure B.3 is the interaction efficiency (hull resistance incre-
ment neglected). It should be noted that the interaction efficiency is always in excess of 1 and
thus contributes to the overall performance. In this example the maximum interaction effi-
ciency is attained at large ship length, i.e. large boundary layer thickness. The interaction effi-
ciency approaches a value of 1 asymptotically as the boundary layer thickness reduces to
zero. In Figure B.4 the interaction efficiency ηI is plotted for different values of ship speed.
(as indicated by NVR values).
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Appendix C Key Installation 
Components

C.1 Schematic of pump network

Figure C.1 shows key components of the hydraulic components in the test rig. The flow is set
using the valve at the discharge. The electromagnetic flowmeter is opted for owing to its
advantage that it is non-intrusive, thus not inducing flow distortions that are only intended to

 discharge valve

air in (max. 4 bar)

gauge and safety valve

 inlet pressure
 transducer

outlet pressure
transducer

waterjet pump redistribution device

pressure can

and pitot tubes

Figure C.1 Scheme of main functional hydraulic system components
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be introduced by the flow redistribution device upstream of the pump. System pressure can be
increased by air pressure to prevent cavitation. The distribution of the flow is measured using
pitot tube arrangement between the flow redistribution device and the (adapted) waterjet
pump. Pressure transducers at the inlet and outlet are used to monitor the pressure changes or
pulsations during measurements and can also be used to determine the pump performance
characteristic. The loop is closed with clean water as the working fluid.

C.2 Flow Redistribution Device

The flow redistribution device consists of a pipe bundle and is designed to produce a shear
flow. A constraint is formed by the maximum allowable pressure drop in the system, to ensure
that the waterjet pump can reach Best Efficiency Point (B.E.P.) flow conditions. The design of
the device is based on simple pressure-loss estimates. 

Assuming a uniform velocity profile entering the device, the axial velocities before and after
the device  are related as  (see Figure C.2):

(C.1)

in which R is the pipe radius, r the incremental radial location and  the slope of the shear
velocity profile. It is then clear that

From conservation of momentum, it follows that
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Figure C.2 Pressure and axial velocity distribution
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Writing velocity v1 in terms of v2, using Eq. C.1, gives

and using , and , and simplifying :

.

So that conservation of momentum can be written as 

or

(C.2)

Applying adapted Bernoulli equation along a streamline gives (integrated momentum equa-
tion)

and substituting v2 for v1 using Eq. C.1 and simplifying yields

(C.3)

Equating equations C.2 and C.3 and solving for pressure loss gives
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Since the pressure loss cannot be a negative value, K has to be increased by , so that

(C.4)

Inserting Eq. C.4 into Eq. C.3 and assuming that the shear velocity profile will become uni-
form eventually, without pressure recovery, the total pressure loss across the device is given
as

(C.5)

with

(C.6)

The maximum allowable pressure drop in the setup determines a maximum attainable value
for α of about 0.3.

Since the flow redistribution device employs a bundle of pipes with equal diameter, the pres-
sure drop in Eq. C.4 can only be achieved by using pipes of different length, which are to be
stacked such that a parabolic profile is obtained (Figure.C.3). 
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Appendix D Dynamometer 
Design 
Considerations

Design considerations for dynamometer are outlined here. At the time of design little was
known about the anticipated force magnitude and dynamic response of the dynamometer, thus
lending some evaluations to tentative estimates.

Most ideas about dynamometer desig were sought from literature (Jerry et al., 1986). Four
posts are used to mount 24 foil (strain) gauges, making six full wheatstone bridges. These
gauges are installed such as to detect the six generalised force components experienced by the
rotating dynamometer: axial force, two orthogonal lateral forces and two moments and
torque. One full bridge is primarily sensitive to axial force while as the remainder detect lat-
eral forces. The bridge primarily sensitive to axial-force is mounted at mid-span of posts.
Positions of maximum curvature on the dynamometer posts are chosen for gauge mounting.
However, the location is also influenced by the fillet radii at the post ends so that the final
locations are at and , where is the length of a post. Figure D.1 (see

also Figure D.3) shows the dynamometer. Each post is located at a radius  and has a

square section of side . Design requirements for the dynamometer were:

• good signal-to-noise ratio
• strength: trade-off between enough strength and better sensitivity
• good dynamic response, such as natural frequencies at least far enough from the contem-

plated shaft speed
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D.1 The Dynamometer

The dynamometer is manufactured as a monolithic component using turning and milling
machining. The square posts have equal lengths. All dimensions are defined with respect to
the datums, e.g. datum D for axial dimensions (Figure D.1). The cylindricity, circularity and
concentricity of the shaft seat is crucial to the punctuality of the impeller in the pump. This
also includes the concentricity between the stud recess, where the shaft stud is mounted, and
the shaft seat. These form tolerances were bound to within 0.01mm. Finally, the parallelity
between the posts and the dynamometer axis is crucial to symmetric global deformation in the
dynamometer. 

D.2 Radial Loading and Bending Moment

Consider the dynamometer under radial loading, applied at an axial distance L from the back-
plate. The main sources of stresses in the posts are deformations (see Figure D.2). Deforma-

Figure D.1 The dynamometer
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tion under radial loading can be considered as a combination of pure shear and bending so that
local stresses σ at any position in the post are assumed to be a superposition of stresses due to
shear and bending

(D.1)

The bending moment due to shear (see Figure D.2a) is considered first. A single post in the
dynamometer (Figure D.3) is treated analogously to a built-in beam with one end displaceble
relative to the other. Then, the bending moment Mb at any location x along the span of the post
is

(D.2)

in which FB is the bending force applied at position B, and  the bending moment. From
equilibrium conditions it follows that

(D.3)

L

x dynamometer

Figure D.2 Dynamometer loaded by a radial force Fr at distance L. Dynamometer deformation can 
be considered as a combination of pure shear (a) and bending (b). The shaft stud and 
the dynamometer front and backplate are assumed rigid.
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so that substitution into Eq. D.1 yields

(D.4)

This equation can be used to calculate the bending moment in the dynamometer under pure
shear, even though the radial loading is applied at an axial distance L. The force FB should be
replaced by Fr/4

(D.5)

If a linear stress distribution at cross sections of the posts is assumed, the bending moment can
be related to the maximum stress σmax by

(D.6)

so that the maximum stress due to shear deformation is given by

(D.7)

which entails the maximum stresses to occur at the ends of the post. The gauge positions at
Lpost/4 and 3Lpost/4 are chosen for the reason of fillet radii at the post ends in transition to the
dynamometer disks. 

The radial loading Fr of the dynamometer at axial distance L, as depicted in Figure D.2b,
results in a bending moment Mb equal to

(D.8)

which is counteracted by stresses σ in the posts:

(D.9)

Thus, the stress due to bending is given by

(D.10)

Combining equations (D.1), (D.7), and (D.10), yields the local stresses at the faces of the
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posts. Local strain ε at the faces of the posts can be easily calculated using the relation
, where E is the material Young’s modulus. 

D.3 Torque Loading

Applying torque to the dynamometer yields a shear deformation of the posts, analogous to
radial loading. Eq. D.4 can be used where the bending force FB has the value

(D.11)

in which T is the torque. The maximum stress at the face of the posts can be calculated using

(D.12)

Local strain ε at the faces of the posts follows from , where E is the material Young’s
modulus.

D.4 Axial Loading

Finally, the stress associated with axial loading  is easily derived as

(D.13)

D.5 Strain Gauge Placement

Consider a single post in the dynamometer. If the deformation shape is as shown in Figure
D.2(a) then the post in the vertical plane (Figure D.4(a)) takes the shape shown in Figure
D.4(b). The signs shown are the gauge response to strain as a function of stress distribution.
The positive signs indicate tension (positive strain) while the negative sign corresponds to
compression (negative strain). Consequently, for the two opposite posts on the dynamometer
(top and bottom), the gauges are equivalently placed as shown in Figure D.4(c) and the corre-
sponding circuitry to give the favourable response is also shown in Figure D.4(d).

Decisions on gauge configuration are made depending on the type of loads the dynamometer
is intended to be more sensitive to: bending force (and moment) and/or torque or axial loads.
Previous sections show the strains associated with the different kinds of forces. When the
dynamometer is installed and loaded radially, its deformation is regarded as a superposition of
two shapes: a shape corresponding to pure shear force and that due to bending force (Figure
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D.5). It is clear from Figure D.4 that the response of the same bridge is different for a given
stress distribution. The difference is observed in the signs of individual gauges when the dif-
ferent components of froce are assessed independently. In Figure D.5(a) the bridge response
to pure force (and bending moment) is different from its response to torque in Figure D.5(b).
The latter shows dependence on both F and L and consequently responsive to both force (F)
and moment (M). It should be noted here however that the circuitry of gauges for pure shear
force Figure D.5(a) is the same as that for torque. The difference is in the placement of the
gauges themselves on the dynamometer. The gauges responding favourably to torque are
placed in the hoop faces of the dynamometer, making the gauges respond mostly to torque
(tangential load). On the other hand the gauges responding primarily to bending are placed on
the outer and/or inner faces of the dynamometer. Therefore, since certain configurations will
favourably respond to forces and moments while others to moment only, a set of bridges can
be used to solve the system of the 6 unknown force components. To distinguish between
torque, the 2 lateral forces and their moments, 5 bridges are installed in a manner that the
components are resolved using a system of simultanous equations. Finally, the bridge sensi-
tive to axial loads is made up from gauges placed mid span of the posts where the most elon-
gation occurs. Figure D.6 shows the complete gauge mounting on the dynamometer posts.
The electric wiring is shown in Figure D.7.
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Figure D.5 Possible dynamometer shapes under a load in response to (a) pure shear (b) 
bending components of stress. Associated bridge respnses are shown. Vo is the 
output signal. 
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Figure D.6 Strain gauge placement on the dynamometer. 
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Figure D.7 Circuitry for gauge connections (V1...V6 are voltage outputs per channel. Forces 
to which bridges are primarily sensitive to are included in brackets). 
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Summary

Hydrodynamic forces in turbomachinery cause huge problems ranging from excessive wear
emanating from steady forces to vibrations mainly from unsteady forces. Any installation
employing this type of machine will suffer from premature or unpredictable breakdowns if the
pumps are operating under unfavourable conditions. Of the numerous causes of fluid forces
found in volumes of literature, their source attributed to non-uniform entrance flow has hardly
been addressed. Yet, such flows are ubiquitous in many different designs. This flow phenom-
enon is common in pumps installed close to an upstream flow disturbance such as a bend,
though are also encountered in working designs such as double-suction and sump pumps, and
inter-stages of multistage pumps. A typical example application is the waterjet pump, a com-
ponent of the propulsion system in ferry boats, with a characteristic non-uniform entrance
flow. The non-uniform flow at the pump entrance has generally been associated with reduc-
tion in pump efficiency and unsteady flow phenomena like cavitation and system vibrations
such as those from surge. Excessive impeller forces cause excessive wear, premature failures
in rotors, vibrations, to mention few. 

This thesis is aimed at consolidating an insight into excitation forces resulting from non-uni-
form inlet flow distribution in a mixed-flow waterjet pump. Until now, no known experimen-
tal investigation has been carried out to demonstrate this influence as one of the factors. A
model of a mixed-flow pump, that was originally designed to serve as a waterjet propulsion
system, is used. The resulting laboratory size experimental setup is a dedicated test rig
adapted so that impeller fluid forces are measured reliably. A lot of effort was spent on ensur-
ing reliable measurements. Theoretical methods were mainly used for design specifications
and assessment of expected results. Simple tests were also carried out to examine some theo-
retical estimates. Finally, the actual measurements were performed.

The operating speed of the pump was constant within 1%, the flow rate was closely monitored
to ensure stable operation of the system, internal system pressure was also monitored using
pressure gauges and a single stable voltage supplied to the dynamometer was also closely
monitored for all the measurements. Assessment of the hydraulic performance revealed about
10% difference in the maximum attainable flows between the original and adapted installa-
tions. However, the maximum achievable flow stretched beyond design flow. This is impor-
tant in establishing a stable operating range of the system over which forces could be
measured both below and beyond design flow. The achieved stable volume flow range is
within 13% of the design flow. Actual force measurements were tentatively performed 30
minutes after start-up to ensure system stability as well as developed inlet flow distributions.
With these prevailing conditions, actual force measurements were carried out.

Since distorted inlet distributions are a characteristic of waterjet propulsion installations, their
unpredictable behaviour at different capacities describes the motivation of this study. Esti-
mates to predict the inlet flow distributions using the theoretical method are comparable to
those achieved in measurements. Consequently, this method was used to dimension the flow
redistribution device. This device, constructed from a tube bundle, was used to vary the inlet
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flow distribution by developing a shear flow upstream of the impeller. Two different asym-
metric flows were achieved in addition to the uniform distribution. Typical distributions
observed in normal waterjet propulsion systems at the pump inlet vary, between 80-120% up
to 50-150% of the mean axial flow velocity, depending on the operating conditions. In this
study 70-130% of the average velocity was achieved. This variation in axial velocity is within
the range normally encountered. It was thus concluded that many of the phenomena related to
non-uniform entrance flow in waterjet installations could be studied using this laboratory size
installation.

At a single operating speed, impeller forces were measured for three different inlet flow distri-
butions for different volume flow rates. A six-blade impeller installed in a seven-blade circu-
lar casing is used in the study. The obtained data are averaged over several number of cycles.
Of the six measurable force components, only four lateral forces are of current concern in this
study. This is mainly because it is generally known from literature that lateral forces signifi-
cantly and directly affect rotordynamic instabilities.

Steady hydrodynamic lateral forces are significantly influenced by inlet flow distribution at
different flow rates, which partly serves as evidence for instabilities experienced in waterjet or
other pumping installations. Its interesting to observe that there is still some force registered
at design flow rate for uniform flow though it may be expected, on the contrary, that such
impeller/circular-casing combination insignificantly contributes to the forces. One of the rea-
sons is the possible influence of the bend upstream of the pump so that the actual distribution
for the uniform inlet flow may not be axis-symmetric. This influence was not explored fur-
ther. The steady hydrodynamic forces measured by the rotating dynamometer is in agreement
with general findings by many researchers: hydrodynamic forces tend to increase with reduc-
ing flow and more so at higher flow values. It is also found that lateral forces are very sensi-
tive to flow rate at all flow distributions and more so with flows below flow rate. These forces
are attributed to the influence of the unbalanced torque acting on the impeller through its
blade surfaces. The impeller and casing blade pass ( and respectively) also contribute
to the lateral forces. Though hydrodynamic forces are steady in the inertial frame of reference,
they are significantly dynamic in the rotating frame. Both the steady and dynamic forces sig-
nificantly vary with inlet distribution, which explains the instabilities in waterjet systems for
different inlet and/or operating conditions.

The signal-to-noise level from the dynamometer was not so high as preferred so that despite
having small errors in the signal voltage, the error in the evaluated forces is significant (in the
order of 20%). In addition, there is no concrete reason for the tentatively selected 30 minutes
period between start-up and force measurements. On the whole, this study demonstrates that
the inlet flow distribution has a significant effect on hydrodynamic forces on pump impellers.
Since problems of non-uniform entrance flow are encountered in many pumping installations,
our methods can well be applied to any other dynamic pumps. In conclusion, results in this
study provide a good qualitative, and in many cases quantitative, insight on the influence of
inlet flow conditions on impeller forces. In addition, it is shown that using simple analytical
methods, complex but adaptable installations can be designed and built. 

6Ω 7Ω
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Samenvatting

Hydrodynamische krachten in roterende apparaten kunnen grote problemen veroorzaken, var-
iërend van excessieve slijtage ten gevolge van statische krachten tot vibraties ten gevolge van
dynamische krachten. Iedere installatie heeft last van versnelde en onvoorspelbare uitval als
de pompen in ongunstige omstandigheden gebruikt worden. Van de vele oorzaken van hydro-
dynamische krachten die in de literatuur beschreven staan, zijn die, die veroorzaakt worden
door een niet-uniform instroomprofiel nauwelijks bestudeerd. Toch is dit van groot belang in
veel ontwerpprocessen. Dit stromingsprobleem komt namelijk veel voor bij pompen die
direct na een bocht staan, en kan ook het gevolg zijn van het ontwerp zoals bij ‘double-suc-
tion’ en ‘sump’ pompen en bij tussentrappen van meertrapspompen. Een karakteristiek voor-
beeld is een waterjet pomp, die een onderdeel is van het voortstuwingssysteem van veerboten
met een sterk niet-uniform instroomprofiel. Dit niet-uniforme instroomprofiel bij de pomp
wordt als oorzaak gezien van een verminderde efficiëntie van de pomp en van instationaire
stromingsverschijnselen zoals cavitatie en vibraties. Verhoogde krachten op de waaier veroor-
zaken bijvoorbeeld excessieve slijtage, voortijdig uitvallen van rotoren en vibraties.

Het doel van dit proefschrift is het vergroten van de kennis omtrent krachten die optreden
door een niet-uniform instroomprofiel in een mixed flow waterjet pomp. Tot nu toe is hiernaar
geen enkel experimenteel onderzoek gedaan. Voor het uitvoeren van de experimenten is
gebruik gemaakt van een mixed-flow pomp, die oorspronkelijk bedoeld was als waterjet.
Rond deze pomp is een opstelling gebouwd die speciaal bedoeld is om de krachten op de
waaier met grote nauwkeurigheid te meten. Veel aandacht is besteed aan de bouw en het real-
iseren van hoge betrouwbaarheid. Voor de bepaling van de ontwerpspecificaties zijn voor-
namelijk theoretische methoden gebruikt. Om de verschillende theoretische voorspellingen te
controleren is een aantal eenvoudige tests uitgevoerd. Daarna zijn de hieronder beschreven
metingen uitgevoerd. 

Bij het uitvoeren van de metingen van de krachten op de waaier was de rotatiesnelheid van de
pomp steeds binnen 1% constant. Om vast te stellen dat de stroming stabiel is, zijn het debiet
door de pomp en de druk op verschillende plaatsen in het systeem continu gemeten. Analyse
van het hydrodynamische rendement laat zien dat er 10% verschil bestaat in het maximaal
bereikbare debiet tussen de originele en de gemodificeerde installatie. Het maximaal bereik-
bare debiet was echter groter dan het ontwerpdebiet. Dit is belangrijk voor het gebied waarin
een stabiele operatie gerealiseerd kan worden, zodat krachten op de waaier gemeten kunnen
worden. Het bereikte stabiele debiet wijkt minder dan 13% af van het ontwerpdebiet. Kracht-
metingen zijn minimaal 30 minuten na opstarten uitgevoerd om een stabiele en volledig
ontwikkelde instroom te garanderen.

Aangezien inhomogene inlaatprofielen een karakteristiek zijn van waterjets, is de motivatie
van dit onderzoek het onvoorspelbare gedrag bij verschillende capaciteiten. Schattingen op
basis van de theoretische methode zijn vergeleken met gemeten snelheidsprofielen bij de
inlaat van de pomp. De resultaten van deze vergelijking zijn gebruikt om een hulpmiddel te
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ontwerpen dat een inhomogene stroming stroomopwaarts van de waaier genereert. Naast een
homogeen stromingsprofiel zijn twee verschillende asymmetrische inlaatprofielen gerealise-
erd. Typische verdelingen, die voorkomen bij de inlaat van een waterjet voortstuwingssys-
teem, hebben een snelheid die varieert van 80%-120% tot 50-150% van de gemiddelde axiale
snelheid, afhankelijk van de omstandigheden. In dit onderzoek is een variatie van 70-130%
gebruikt. Omdat dit binnen de voor waterjets gebruikelijke verdeling valt, kan de opstelling
gebruikt worden voor de bestudering van de effecten van een niet-uniform inlaatprofiel bij
waterjets.

De krachten op de waaier zijn bij één volumedebiet en bij drie verschillende snelheidsverde-
lingen gemeten. Bij dit onderzoek is een zesbladige waaier in een zevenbladig huis gebruikt.
De gemeten data zijn gemiddeld over meerdere cycli. Van de zes krachtscomponenten zijn in
dit onderzoek alleen de vier laterale van belang. Dit komt omdat alleen de laterale krachten
direct van invloed zijn op instabiliteiten van de rotor. 

Variatie van het instroomprofiel heeft, bij verschillende debieten, een grote invloed op de lat-
erale tijdsgemiddelde hydrodynamische krachten. Het is interessant te zien dat ook bij het
ontwerpdebiet en bij een uniform instroomprofiel nog steeds een kleine tijdsgemiddelde lat-
erale kracht op de waaier werkt. Dit kan het gevolg zijn van een bocht in de aanvoerleiding
voor de pomp, waardoor de aanvoer niet rotatie-symmetrisch is. De invloed hiervan is niet
verder onderzocht. De tijdsgemiddelde hydrodynamische krachten komen overeen met resul-
taten van verschillende andere groepen: hydrodynamische krachten nemen toe met afnemend
debiet. Laterale krachten zijn voor alle inlaatprofielen, maar vooral bij lage debieten een sterk
afhankelijke functie van het debiet. Deze krachten kunnen worden toegeschreven aan niet-uit-
gebalanceerde torsie die werkt op de waaier via de rotorbladen. Ook de waaier en ‘casing
bladepass’ dragen bij aan de laterale krachten. Hoewel hydrodynamische krachten in een sta-
tionair coördinatensysteem tijdsonafhankelijk zijn, zijn deze krachten sterk dynamisch voor
een roterende waaier. Zowel de statische als de dynamische krachten variëren sterk met het
inlaatprofiel en de werkomstandigheden.

De signaal-ruisverhouding van de dynamometer was niet zo hoog als gewenst, zodat kleine
fouten in de signaalspanning leiden tot een fout in de krachten van ongeveer 20%. Verder is
geen duidelijke noodzaak gebleken voor de opstarttijd van 30 minuten. Dit onderzoek laat
zien dat de snelheidsverdeling bij de inlaat een significant effect heeft op de hydrodynamische
krachten die werken op de waaiers van pompen. Onze methode kan goed voor andere onder-
zoeken gebruikt worden, aangezien een niet-uniform inlaatprofiel een probleem is dat bij veel
typen pompen voorkomt. Concluderend kan gezegd worden dat de resultaten van dit onder-
zoek een goed kwalitatief, en meestal ook kwantitatief beeld geven van de invloed van inho-
mogene inlaatprofielen op de krachten die werken op een waaier. Daarnaast is aangetoond dat
met eenvoudige analytische methoden een complexe en flexibele opstelling gebouwd kan
worden.
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