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Societal summary

Car manufacturers are pushing towards ever safer and more comfortable vehicles.
To keep on improving both safety and comfort, more and more active systems are
being installed in cars. In this research two of these systems are analyzed, with
semi-active suspension primarily aimed at improving comfort and steer-by-wire
aimed at improving safety.

With semi-active suspension the main focus in this research was to determine
how to control it such that vehicle comfort is improved over existing passive
systems. Optimization is used to determine what is physically possible with
the available system. Results of this optimization have been used to develop
a controller that is simple to implement and only requires a limited amount of
sensors. Measurements with the developed controller show that it is possible to
improve driver comfort with more than 10% compared to the most comfortable
uncontrolled suspension setting.

In a steer-by-wire system there is no physical connection between the steering
wheel and front wheels. One of the main goals of this research is to develop
techniques to ensure that with steer-by-wire the vehicle safety is increased. It is
shown in this research that in for example an evasive maneuver the vehicle can
be kept stable, whereas without any safety related system the driver would lose
control and most likely crash.
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Nomenclature

Acronyms and abbreviations

HTAS Hightech automotive systems
VERIFIED Verified, economical and robust integrated functionality for in-

vehicle embedded development
ISO International organization for standardization
ADD Acceleration driven damper
PDD Power driven damper
LQ Linear quadratic
MPC Model predictive control
ABS Anti-lock braking system
ESC Electronic stability control
4WS Four wheel steering
TRC Traction control
AFS Active front wheel steering
ARS Active rear wheel steering
ARC Active roll control
aLSD Active limited slip differential
TVD Torque vectoring differential
TVbB Torque vectoring by braking
O.S. Oversteer
U.S. Understeer



2 Nomenclature

Symbols and letters

Symbol Description Unit
a distance from COG to front axle m
aRMS RMS acceleration m/s2

ax longitudinal acceleration m/s2

ay lateral acceleration m/s2

az vertical acceleration m/s2

b distance from COG to rear axle m
C1 front cornering stiffness N/rad
C2 rear cornering stiffness N/rad
dADD ADD damping coefficient Ns/m
dGH ground hook damping coefficient Ns/m
droll roll damping Nms/rad
ds0 nominal damping coefficient Ns/m
dsc steering system torsion bar damping Nms/rad
dsky sky-hook damping coefficient Ns/m
dsmin minimum damping coefficient Ns/m
dsmax maximum damping coefficient Ns/m
dsr steering rack damping Ns/m
dsw steering wheel damping to world Nms/rad
e error of control signal Ns/m
ec(f) error of controller with respect to MPC controller N2s2/m2

f frequency Hz
Fact actuator force N
fc crossover frequency of controller Hz
Fd damper force N
fe eigen frequency Hz
Fexternal external force acting on steering rack N
Fhydr hydraulic force acting on steering rack N
Fz vertical force N
fLP low pass frequency Hz
fw crossover frequency of weighting filter Hz
gi scaling for white noise
Gaz>Fact(s) transfer function from az to Fact

Gn(s) nominal bicycle model transfer function
Gp(s) perturbed bicycle model transfer function
H(s) controller transfer function
Izz Moment of inertia around z-axis kgm−2

Jay cost objective for lateral acceleration
Jay,rz cost objective for lateral acceleration and yaw-rate
k sample number



Nomenclature 3

Symbol Description Unit
K1(k) time varying output feedback gain Ns/m
K2 constant output feedback gain Ns/m
Kd derivative gain
kp proportional gain of controller
kroll roll stiffness Nm/rad
krough roughness scaling for road
ks suspension spring stiffness N/m
ksc steering system torsion bar stiffness Nm/rad
ksF front spring stiffness N/m
ksR rear spring stiffness N/m
ksw steering wheel spring stiffness to world Nm/rad
kt tire vertical stiffness N/m
kx scaling for longitudinal acceleration
ky scaling for lateral acceleration
kz scaling for vertical acceleration
Kp proportional gain
Kδ→ay scaling reference model
kδ→rz yaw velocity gain 1/s
Klim(δ, vx) scaling for yaw-rate and lateral acceleration
l wheel base length m
L(s) open loop transfer function
lI(ω) radius of uncertainty
M number of samples for controller estimation
ms sprung mass kg
msr steering rack mass kg
mu unsprung mass kg
N number of samples in MPC optimization
Nsr gear ratio between steering column and rack rad/m
q weight for objective function
Q covariance matrix of acceleration noise
R covariance matrix of suspension travel
s Laplace variable rad/s
ts sample time s
Tsw steering wheel torque Nm
Tswmax maximum steering wheel torque Nm
T (s) closed loop transfer function
uMPC MPC control signal Ns/m
vx longitudinal velocity m/s
vy lateral velocity m/s
wa white noise on acceleration m/s2



4 Nomenclature

Symbol Description Unit
wz white noise on suspension travel m
wzr white noise input for road m
wφ white noise input for roll component of the road rad
wI(jω) uncertainty weight
xq quarter car state vector
xqd discrete time state vector of quarter car
xref reference model state vector
yq quarter car output vector
yqd discrete time output vector of quarter car
ys selected output for output feedback
ysr steering rack position m
ẑ Kalman estimate of suspension travel m
zr road input m
zs sprung mass position m
zu unsprung mass position m
βc dimensionless damping coefficient of controller
βe dimensionless damping coefficient
∆ds adjustment range of damping Ns/m
δrack steering wheel angle as seen on rack rad
δsine amplitude of sine input for sine steer test rad
δsw steering wheel angle rad
µ peak friction coefficient
τ time constant s
τr time constant for road description s
Φ(s) weighting filter of suspension controls signal
φm roll component of road description rad
ω frequency rad/s
ωi rotational velocity of wheel rad/s

Subscripts and superscripts

Symbol Description
COG center of gravity
FL front left
FR front right
RL rear left
RR rear right
sc steering column
sr steering rack
x x-direction
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Symbol Description
y y-direction
z z-direction
s sprung mass
u unsprung mass
q quarter car
d discrete
h horizon
F filtered
ref reference
+ upper bound
− lower bound
nom nominal
act active





Chapter 1

Introduction

From society, there is a constant pressure to improve road vehicle safety. Over
the years mayor contributions have been made to vehicle safety, such as the
three point seat belt by Volvo in 1959 and the introduction of ABS to produc-
tion vehicles by Mercedes in 1978 [36]. These contributions have resulted in a
steady decline of the number of traffic related fatalities in the Netherlands [90].
To maintain this decline manufacturers are introducing new safety systems such
as adaptive cruise control, lane departure warning and city braking. To aid
the driver in limit handling situations, systems such as electronic stability con-
trol [81], active differentials [19] and active front steering [65] [54] have been
introduced. A study of the NHTSA on the effectiveness of electronic stability
control shows that this system has a significant contribution on the reduction of
crashes [43]. Besides these dedicated safety enhancing systems, comfort improv-
ing systems such as semi-active and, in limited numbers, active suspension are
incorporated in road vehicles. With the increasing number of actuators it is of
the utmost importance to carefully coordinate the contribution of each system
to prevent a conflict between them.

Within this context the Dutch Ministry of Economic Affairs, Agriculture and
Innovation via the High Tech Automotive Systems (HTAS) Program has funded
the VERIFIED II (Verified, Economical and Robust Integrated Functionality
for In-Vehicle Embedded Development) project. The goal of this project is to
show that integration of by-wire features on the basis of Flexray is functional,
safe, robust and cost effective. Within this thesis the primary focus lies on the
development of controllers for by-wire features to show that vehicle safety can
be improved. For this a set of actuators, made available by the project partners,
is used. The development and verification of Flexray is left to other project
partners.

The project partners provided a vehicle with steer-by-wire and semi-active
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suspension which can both be used for controller implementation. Driver in-
puts such as throttle, braking and steering wheel angle cannot be controlled.
Both steer-by-wire as well as semi-active suspension are capable of influencing
the vehicle handling dynamics but also have limitations. To determine the im-
provement on vehicle handling both systems are first investigated separately. For
steer-by-wire this means that the possible improvements on the vehicle behavior,
independent of the controller have to be identified. Following this, a controller for
the steer-by-wire system is designed. For the semi-active suspension, the control
objective is two-fold. Besides the improvement in vehicle handling dynamics,
semi-active suspension offers great possibilities for improving driver comfort by
reducing the vertical accelerations caused by road irregularities. Both topics are
discussed in this thesis.

Having the objective to improve handling and comfort the question arises how
these quantities are defined. This will be discussed in more detail in Section 1.1.
The objectives of this thesis are discussed in Section 1.2 and the contributions
are summarized in Section 1.3. An outline of the thesis is given in Section 1.4.
This chapter will introduce the objectives involved with controlling the vehicle
dynamics, more detailed literature reviews are given in the individual chapters.

1.1 Vehicle comfort and handling

The large variety of vehicles on the road may indicate that there is not a single
solution for comfort and handling. Human preference greatly contributes to this
diversity, with some people wanting a comfortable car and others may prefer a
sporty, well handling car. It can be shown using a simple quarter-car model that
these properties are conflicting [45] [84], requiring the manufacturer to balance
comfort and handling. An illustration of this trade-off is given in Fig. 1.1.

An extensive study on the trade-off between handling and comfort is pre-
sented in [51] using a quarter car model. The author shows that all transfer
functions are coupled and that once the transfer function from unsprung po-
sition to sprung position has been determined, the suspension travel and tire
compression transfer functions are fixed. Besides these transfer function rela-
tions, it is shown that even with active suspension, there are certain frequencies
at which the transfer functions cannot be influenced. These points are called
invariant points. The author refers to [51] for further details.

This duality of comfort and handling is also expressed in control of suspen-
sion systems. For example, linear quadratic gaussian control with weightings for
vertical acceleration (comfort), suspension stroke and dynamic tire force (han-
dling) is used in [32]. Control of the sprung acceleration at the body resonance
frequency is performed in [57]. The goal is to decrease the sprung acceleration at
the body resonance frequency without increasing the acceleration at a different
frequency or letting the dynamic tire force increase. The power consumption of
an active suspension system is considered in [40], where a range of controllers is
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Fig. 1.1. Trade-off between comfort and handling indicated by a Pareto
front [79]. Note, a lower number indicates better comfort or better han-
dling.

developed ranging from emphasizing handling to comfort. The authors find that
the passive damping implemented in the system strongly influences the amount
of energy required for actuation. Besides the handling of the vehicle as expressed
by the dynamic tire force variation, the vehicle yaw and lateral dynamics play an
important role [81]. Numerous papers have been written on the subject, ranging
from control of simple two degree of freedom models [5] to highly non-linear
models [20].

From the aforementioned paragraphs it becomes clear that both handling and
comfort can be expressed numerically in a performance index. Driving a car,
however, is very much a human effort. Therefore, in the next two subsections,
the relationship between these performance measures and subjective experience
of the driver will be explained.

1.1.1 Comfort

When a vehicle drives over an uneven surface, road disturbances are transmitted
to the vehicle body via the tires and suspension system. This results in motions
of the vehicle body, mostly in vertical direction, but vibrations in the roll and
pitch direction also have a contribution on the experience of the driver. All
these movements influence the driver experience, however, the general notion is
that the fewer these disturbances are transmitted to the driver, the better the
comfort of the vehicle is. The industry standard for expressing comfort is the
acceleration of the vehicle body [47]. This ISO standard states that the RMS
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sprung acceleration

aRMS =

(
1

T

∫ T

0

a2i (t)dt

)1/2

, (1.1)

with ai(t) the acceleration as a function of time and T the duration of the
measurement, is a good measure for comfort. When including accelerations in
multiple directions, the calculation of the comfort number done as follows

a =
(
k2xa

2
x + k2ya

2
y + k2za

2
z

) 1
2 (1.2)

where kx, ky and kz are multiplication factors to scale the accelerations.
Besides the amplitude of vertical acceleration, the frequency content of the

disturbance has influence on the comfort and perception of the driver [47]. The
main cause of this are the different eigenfrequencies of the human body. The
International Organization for Standardization (ISO) has recognized this and has
created frequency dependent weightings for each axis of vibration. A graphic
representation of the weighting filter for vertical vibrations is shown in Fig. 1.2.
From this figure it can be seen that vertical vibrations between 4 and 8 Hz have
the highest weight. This frequency range corresponds with the eigenfrequency
of the thoracic diaphragm. For real time implementation a fifth order filter has
been created [95] which closely mimics the ISO weighting function.

1.1.2 Handling

Vehicle comfort is described in great detail in ISO2631 [47] whereas, for vehicle
handling no undisputable definition exists [23]. It is generally accepted though,
that vehicle yaw-rate is the parameter most drivers focus on when assessing vehi-
cle behavior [78] and that lateral position comes secondary. The exact meaning
of unsafe vehicle handling is perhaps best described by a quote fromMitschke [64]
“... vehicle handling becomes critical as soon as the vehicle behavior, expressed
by the transfer function of the yaw velocity as a result of a steering wheel angle
differs so much from the normal linear reaction, that it becomes beyond the range
of experience of the normal driver. ” This quote obviously indicates that yaw-
rate is the primary performance objective and that a linear reaction is required.
However, what the linear response should be is not described by the quote.

A good example of the lack of a clear definition is presented in [22]. In this
research a subjective handling assessment of a vehicle was performed by eight
trained drivers. This vehicle allowed for its characteristics, such as damping,
roll stiffness, yaw inertia etcetera, to be changed. In total, sixteen different con-
figurations were tested against a benchmark vehicle. The drivers were asked to
perform their own manoeuvres to assess vehicle handling. Typically they per-
formed a test on the steering pad to evaluate steady state behavior. Secondly a
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Fig. 1.2. Weighting of vertical vibrations according to ISO2631 [47].

test on a motor way was performed. Thirdly, a handling circuit was used to per-
form aggressive manoeuvres such as lane changes and sudden braking in turns.
Fourthly, a ride and handling course was used to drive over various discrete fea-
tures such as ridges, cambers and potholes. Finally, stability of the vehicle for
increasing speed was tested on a high speed oval. During all situations a refer-
ence vehicle was present to compare the results to. The subjective measurements
did not show a clear preference for a typical vehicle setting. No clear distinction
whether the vehicle was better or worse compared to the reference vehicle could
be made. The author attributes this to a difference in manoeuvres performed
by the drivers, i.e. some drivers may have driven more aggressively than others,
highlighting different aspects of the vehicle’s handling. A second point made is
that personal preference obviously plays an important role.

Another attempt to identify vehicle handling is done in [24]. In this paper
a clear distinction between normal driving and limit handling is made. The
author argues that during normal driving, the feel of the driver is the most im-
portant. Various interesting parameters are mentioned for this such as quickness
to response, progressiveness of feedback, on center feel etcetera. In limit han-
dling, parameters such as stability, steerability and oscillation after a cornering
manoeuvre are mentioned as most important factors.

An extensive review of 68 papers on the field of yaw-rate and vehicle side
slip control was performed in [60]. One of the main conclusions of the paper is
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that there is still a significant research effort required to address the subjective
performance of control systems. Furthermore, more research is needed to develop
schemes that integrate the various systems to achieve high level performance
objectives.

An observation is made concerning both yaw-rate and side slip control, the
author finds that both methods can improve vehicle stability in limit handling
situations, independent of the actuator chosen. For yaw-rate control is was
furthermore found that most authors use yaw-rate tracking, with the target
yaw-rate being a first or second order filter on the steering input with a forward
velocity dependent scaling. For the vehicle side slip angle, a set point equal to
zero is often used. A problem that exists with the vehicle side slip angle though,
is that it is usually not measured and has to be reconstructed using an observer.
An example of a typical control layout is given in Fig. 1.3.
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Fig. 1.3. Feedback control layout.

The author [60] identifies that a recurring problem in literature is that the
distinction between stability near the limit and handling during normal driving
is usually muddled or blurred. Especially what is meant by handling during
normal driving is vague. For limit situations the control objective is often to
push the non-linear vehicle behavior towards linear behavior. This however
gives problems as actuator bandwidth and power are limited. The author finds
that braking systems offer the best possibility for changing the yaw behavior of
the vehicle, but the longitudinal dynamics are affected.

The work performed by Bosch by Van Zanten [81], [83], [76] deserves at-
tention. In this work it is argued that both the yaw-rate and vehicle side slip
angle should be controlled, to prevent excessive side slip angles in the case of
a low friction surface. In the papers, first a general overview of how electronic
stability control (ESC) works is given. The main reason for implementing ESC
is that the vehicle should behave similar in limit situations as in normal driv-
ing, which corresponds to the quote from Mitschke [64]. The control structure
is chosen as an inner control loop for the individual wheel slip ratios and an
outer control loop for the vehicle stability, as this part of the system has a lower
bandwidth than the individual wheels. As reference signal for the controller a
linear yaw-rate model that includes the forward velocity is used. A limit is set
on the lateral acceleration, the allowed lateral acceleration is bounded by the
tire friction coefficient. Dividing this by the forward velocity defines the peak



1.2 Objectives 13

yaw-rate. The tire friction coefficient is estimated by the vehicle slip controller.
This yaw-rate limitation is not enough to control the vehicle, since the vehicle
may still develop large side slip angles. The vehicle side slip angle should there-
fore be determined. For estimating this vehicle slip angle the HSRI tire model is
used, which is implemented in the vehicle dynamics observer. A state feedback
controller using the measured yaw-rate and observed vehicle side slip angle is
then developed. The weighting of the vehicle side slip angle is increased as the
angle gets larger. Numerous simulation results are presented to show that the
ESC functions properly.

From the aforementioned literature review it becomes abundantly clear that
there exists no single solution to achieve good handling, however, the two re-
turning vehicle states mention in the context of handling are yaw-rate and the,
hard to measure, vehicle side slip angle. For the vehicle yaw-rate the typical
approach is to use a reference model and a feed-back controller to maintain yaw
stability. The type of reference model differs from paper to paper, the most used
model is a velocity dependent first order lag filter on the steering wheel input.
Since yaw-rate control allows the vehicle side slip angle to become large on low
friction surfaces, the second objective is vehicle side slip angle control. Most
papers focus on a small or zero slip angle. However, since this quantity is very
hard to measure and the goal of this thesis is not to develop a state observer,
the vehicle side slip angle will not be used throughout this thesis. To consider
the lateral dynamics, the vehicle lateral acceleration is used instead, which can
be measured directly in practice.

1.2 Objectives

Within the VERIFIED project a by-wire vehicle that has steer-by-wire and semi-
active suspension is available. These actuators are capable of influencing the ride
comfort and handling of the vehicle. The aim of this PhD thesis is to improve the
vehicle dynamics using these actuators. The objective is now to understand how
to design controllers for steer-by-wire and semi-active suspension. This leads to
the main research objective:

Design a controller for steer-by-wire and semi-active suspension such that
the handling of the vehicle compared to the baseline is made safer and that the
comfort is improved.

Since designing one integrated controller which includes all aspects is complex,
the approach is taken to first analyse the individual actuators and performance
objectives. It is assumed in this thesis that semi-active suspension can influence
both comfort and handling. Steer-by-wire only influences handling, as illustrated
by Fig. 1.4.



14 Chapter 1. Introduction

Steer-by-wire

Semi-active

suspension

Handling

Comfort

Control

Fig. 1.4. Objectives and actuators.

The first aspect that is considered, is control of the semi-active suspension for
the improvement of comfort. This results in the following objective:

Develop a controller for semi-active suspension, such that the sprung mass
vertical acceleration is minimized.

For handling, the yaw dynamics of the vehicle need to be stable, however, the
lateral dynamics also influence vehicle stability. Both actuators considered in
this thesis are capable of influencing vehicle handling. First the individual con-
tribution to the vehicle handling will be explored. This leads to the following
objective for control of the handling:

Develop two separate controllers for semi-active suspension and for steer-
by-wire such that the vehicle handling is improved compared to the uncontrolled
vehicle.

Finally, steer-by-wire and semi-active suspension influence the vehicle dynamics
via different paths. Steer-by-wire directly affectes the front wheel side slip angle,
whereas with semi-active suspension the vertical force distribution between the
front and rear axle can be influenced. This suggests that combining these two
systems could improve the safety envelope over just using one controller. This
leads to the following objective:

Determine whether combining steer-by-wire and semi-active suspension re-
sults in better vehicle handling than the uncontrolled vehicle and the vehicle with
only one of the aforementioned actuators.

1.3 Contributions

Each of the aforementioned objectives has resulted in contributions to the field
of vehicle control. A short summary of these contributions is given below.

• Damping control for comfort: A novel, real-time implementable, rule-based
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controller for semi-active suspension is developed. The rule is based on the
product of vertical acceleration and suspension velocity and includes a fil-
ter that shifts the phase of the product, depending on the frequency of
excitation. It is shown that this controller mimics the results of the ‘opti-
mal’ controller that is determined using model predictive control (MPC).
The rule-based controller is derived using the results of an MPC optimiza-
tion, which is designed for minimal vertical acceleration. Measurements
show that the control method also works in practice on a prototype vehicle
where all four corners are controlled.

• Damping control for handling: The aim of the controller is to minimize the
overshoot of the lateral acceleration in transient maneuvers. The main con-
tribution is the development of a simple PD controller that minimizes the
lateral acceleration overshoot based on the error between the true value
and a reference model, thereby improving the vehicle stability. Simula-
tions show that the available range of damper adjustment has a significant
influence on the amount of reduction of the lateral acceleration overshoot.

• Steer-by-wire: A small contribution on the selection criteria of steer-by-
wire hardware is presented in this thesis based on measurements and sim-
ulations. Furthermore, it is explored up to which frequency steer-by-wire
is effective. The main contribution in the field of steer-by-wire lies in the
development of a controller that removes the velocity dependency of the
vehicle dynamics on the closed loop behavior, resulting in a more consis-
tent vehicle response over the velocity range. Besides this, bounds on the
parameters of the controller are determined based on uncertainties in the
vehicle parameters.

• Integrated control: A small contribution is made in the field of reference
models. A linear reference model for integrated control, containing both
yaw-rate and lateral acceleration has been developed. Besides this, an opti-
mization routine is used to show the potential benefit of integrated control
of steer-by-wire and semi-active suspension over the individual systems.

1.4 Outline of the thesis

This thesis discusses the control of steer-by-wire and semi-active suspension for
comfort and handling. This is done in the following seven chapters, with 2 and 3
discussing the hardware and simulation models used throughout this thesis.
The comfort and handling control of semi-active suspension is considered Chap-
ters 4 and 5. Steer-by-wire potential is handled in Chapter 6 and control of
steer-by-wire in Chapter 7. The integrated control of steer-by-wire and semi-
active suspension combined is discussed in Chapter 8. Finally, conclusions and
recommendations are presented in Chapter 9.
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Chapter 2 introduces the test vehicle, the semi-active suspension and steer-
by-wire system. The sensors placed on the test vehicle and data acquisition are
discussed, together with a Kalman filter to estimate the suspension velocity.

The ‘digital prototype’ of the test vehicle, a multi-body model, is described
in detail in Chapter 3. The modeling approach is discussed in detail and the
model is verified using measurements performed on the BMW.

In Chapter 4 the control of a semi-active suspension is discussed. The
controller is developed using the results from a model predictive controller which
is designed for minimal vertical acceleration, taking into account the actuator
constraints. It is shown that a controller can be designed that improves ride
comfort significantly and can be implemented in real-time.

The control of roll damping of the vehicle is considered in Chapter 5. For
this the behavior of different damper settings is explored first. This knowledge
is used to create a simple model that can be used for optimization purposes.
The results achieved with this optimization routine are then converted into a
controller that can be implemented in real-time.

The potential of steer-by-wire as discussed in Chapter 6 is split in three
steps. First the minimum requirements, defined by human inputs are explored.
After this, requirements on the rack actuator are formulated, using a combi-
nation of measurements and simulations. Finally, actuation limits such as the
bandwidth of the vehicle are discussed.

Chapter 7 discusses the control of the steer-by-wire system for better han-
dling. First a linear vehicle model is introduced that contains parametric un-
certainties. For this model a nominal controller is developed which is tested for
robust stability and performance. Using a simulation model, the performance of
the controller is shown.

The integrated control of steer-by-wire and semi-active suspension is han-
dled in Chapter 8 which first discussed the vehicle reference model and then
the performance of the previously developed steer-by-wire and semi-active sus-
pension controllers. An optimization routine is then used to show the benefits
of combining steer-by-wire and semi-active suspension.



Chapter 2

By-wire test vehicle

2.1 Introduction

Throughout this thesis various controllers are designed for semi-active suspen-
sion, steer-by-wire and an integrated controller combining both. The vehicle for
which this is done is a 2001 BMW 318i as is shown in Fig. 2.1. The BMW is
a rear wheel drive four door saloon car equipped with an inline four cylinder
engine which produces 87 kW and has an automatic transmission. The vehicle
is equipped with a steer-by-wire developed by TNO [86] and semi-active suspen-
sion, which is designed by Tractive suspension [1]. Furthermore, it is equipped
with a large set of sensors and a dSpace [30] real-time control platform. Through-
out this thesis the sign convention for all measurements performed on this are
defined by ISO8855 [46].

Fig. 2.1. BMW 318i by-wire test vehicle.
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The BMW is equipped with independent front and rear suspension, the front
suspension of the car is of the McPherson type as shown in Fig. 2.2. This type
of suspension has a lower control arm that primarily controls the hub motion
in longitudinal and lateral direction. The suspension strut, which contains the
spring and damper, provides the vertical degree of freedom and prevents rotation
about the longitudinal and lateral axis. The tie rod which is connected to the
steering rack, controls the rotation of the wheel about the vertical axis. Finally,
a stabi-link can be seen that connects the left and right suspension with the
stabilizer bar to reduce vehicle body roll. In the figure the unsprung acceleration
sensor and stroke sensor can also be seen. These sensors will be described in
more detail in section 2.4.

Fig. 2.2. Front suspension with 1: suspension strut, 2: tie rod, 3: lower
control arm, 4: stabilizer bar, 5: unsprung acceleration sensors, 6: sus-
pension stroke sensor.

A central-link suspension is used at the rear of the vehicle as shown in Fig. 2.3.
Three links are used to locate the wheel for this type of suspension. The spring
is supported halfway on the upper link and the damper is directly coupled to the
hub. In the photo the drive shaft and rear stabilizer bar can also be seen. This
drive shaft connects to the differential and transfers all the powertrain torque to
the wheels. The sprung acceleration sensor is mounted on the damper and the
stroke sensor is integrated inside this same damper.

The tires on the BMW are Vredestein Sportrac3 195/65 R15 91V. The me-
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Fig. 2.3. Rear suspension with 1: damper, 2: lower link, 3: central link,
4: upper control link, 5: stabilizer bar, 6: unsprung acceleration sensor.

chanical properties of these tires have been determined using the flatplank tire
tester [15] available at the TU/e and dynamic measurements with the BMW.
For further details the author refers to [85].

2.2 Semi-active suspension

The vehicle is equipped with controllable dampers designed by Tractive suspen-
sion [1]. A change of the damping force is achieved by opening or closing a valve
mounted on the piston of the damper, which can be considered as either a soft
or hard damper setting respectively. The unique property of the damper is that
it can switch from open to closed while in motion in only 0.01 s. The range of
adjustment for the front and rear damper is shown in Fig. 2.4, here żs stands for
the velocity of the chassis and żu for the velocity of the unsprung mass. As is
visible from the picture, there is less compression damping than rebound damp-
ing. For rebound a controllable range of approximately 350 N of adjustment is
available in both the front and rear damper. In the compression range this is
approximately 270 N for the rear damper and 140 N for the front damper. Since
the conception of the BMW by-wire prototype Tractive has developed dampers
with an increased range. Unfortunately, these were not yet available at the time
of this research.
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Fig. 2.4. Range of damper force as a function of suspension velocity.

2.3 Steer-by-wire

In the BMW 318i a rack and pinion system is used to transfer the rotation of
the steering wheel into a translational motion of the steering rack. To lower
the steering moment applied by the driver, this steering rack is hydraulically
assisted. In the by-wire BMW the conventional steering column has been split
in two parts with an electromagnetic clutch in between. On the steering wheel
side two brusless DC motors which are capable of delivering a combined torque
of 30 Nm are used to provide feedback torque [86]. Furthermore, an encoder
is fitted to measure the steering wheel angle. A torque sensor is incorporated
to measure the driver torque. The electromagnetic clutch is installed for safety
purposes, which creates a fixed connection between the steering wheel and rack
such that normal steering is returned in case of an emergency. A diagram of the
system is shown in Fig. 2.5.

The conventional steering rack of the BMW is maintained, however, rack
actuation is done using a hydraulic servo system. A hydraulic pump with in-
creased capacity is fixed to the crankshaft of the engine. This pump is connected
to the conventional steering rack via a Moog servo valve. Local position control
is done using a PID controller that compares the reference position provided
by the steering system with the measured position of the steering rack. Forces
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and moments from the tires acting on the steering rack are measured by strain
gauges on the steering arms. For real-time control a dSpace Autobox system is
used at a sampling frequency of 2000 Hz.

The steer-by-wire system offers great possibilities in controlling the vehicle as
well as personalizing the steering feel. The former will be discussed in Chapter 7.
For the steering wheel feedback torque two cases can be considered. In the first
case the driver is in direct control of the rack motion, in the second case the
steering wheel angle is used as input for a reference model. The outputs of this
reference model are then used for control of the rack motion.

2.3.1 Direct control

When the driver is in direct control of the vehicle the steer-by-wire system can be
used for analysis of driver preference of various steering systems characteristics.
For this, a model of a convention system is created in software and run on the
dSpace real-time target. An overview of the model used is shown in Fig. 2.6.
The input the model is the steering wheel angle δsw. This rotation is converted
into a translation of the steering rack via a pinion gear with ratio Nsr. The
steering rack has mass msr and an independent degree of freedom, ysr. The
stiffness and damping of the steering rack are also taken into account. To prevent
unwanted vibrations, the steering rack has a damper attached to it. The motion
of the steering rack is transferred to the steering arms which move the wheels as
discussed before. The dynamics can be described by

msrÿsr = −ksc (δsw −Nsrysr)− dsc

(
δ̇sw −Nsrẏsr

)
− dsrẏsr + Fexternal − Fhydr (2.1)

The steering rack damping is represented by dsr and forces originating from the
wheels are indicated by Fexternal. Finally, the power steering force Fhydr can be
scaled, which influences the feedback torque. A summary of the steering system
parameters is given in Table A.2, which can be found in Appendix A.

With the conventional steering system available in software, various param-
eters can be changed and the response and the subjective analysis of the driver
analyzed. It is found that changing the steering system parameters does not
change the drivers performance in a normal driving task. In terms of personal
preference, clear changes can be noted. A detailed study of this can be found
in [10].

2.3.2 Yaw control

When controlling the yaw motion of the vehicle, the position of the rack might
not correspond to the steering wheel angle since the steering wheel angle is only
used as input to a reference model. If in this case the forces acting on the steering
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Fig. 2.5. Steer-by-wire system.

arms would be used to calculate the driver feedback torque this would create
confusing situations for the driver. Therefore, the driver feedback torque is no
longer based on the position of the rack, but only on the absolute position and
velocity of the steering wheel, δsw

Tsw =
∣∣∣min

(
kswδsw + dsw δ̇sw, Tswmax

)∣∣∣ sign (δsw) . (2.2)

This means that feedback torque is modeled as a spring with stiffness ksw and
a damper with coefficient dsw multiplied only with the position of the steering
wheel, saturated by the maximum allowable torque, Tswmax. All three parame-
ters can be chosen freely.

2.4 Sensors

For analysis and control purposes the BMW test vehicle is equipped with a
large set of sensors. A location of all the sensors in the car is shown in Fig 2.7
and Fig. 2.8. Approximately in the center of gravity of the car an inertial
measurement unit with six degrees of freedom sensor is mounted. This sensor
measures acceleration in all three directions and rotation velocities about the
same axis. Using these six signals, the roll and pitch angle can be reconstructed
using an observer, for more details see [34].
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Besides this inertial measurement unit, the acceleration of the chassis in three
directions is measured at each corner. The vertical acceleration of the unsprung
mass is measured at each corner as well. Stroke sensors are installed between the
wheel and chassis at each corner such that the suspension stoke can be measured,
the sensors are calibrated such that installation ratio does not have to be taken
into account. For the steer-by-wire system, a torque sensor is mounted on the
steering wheel and the steering wheel position is measured at the same location.
At the steering rack side, the rack position and individual tie rod forces on the
left and right side are measured. Individual wheel speeds are measured using
the existing Hall sensors that are used for the conventional ABS system of the
BMW.

All sensor signals are logged using the dSpace Autobox which samples at
2000 Hz. Processing of the signals happens in software, this means that no
filtering of the signals is done before the enter the data acquisition device. This
also means that a substantial number of wires is added, increasing the weight of
the car by approximately 100 kg. Using a network approach such as Flexray or
CAN would reduce the large number of wires significantly.

2.4.1 Suspension velocity observer

Later on in the thesis it will be shown that the velocity of the suspension is re-
quired for control of the damping. With the aforementioned sensors the suspen-
sion stroke velocity can be estimated using either the derivative of the suspension
stroke or the integral of the difference between the sprung and unsprung accel-
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Fig. 2.7. Side view of sensors in BMW, here the following nomenclature
is used: FR = front right, FL = front left, RL = rear left, RR = rear
right, sw = steering wheel, sr = steering rack.

Fig. 2.8. Top view of sensors in BMW, here the following nomenclature
is used: FR = front right, FL = front left, RL = rear left, RR = rear
right, sw = steering wheel, sr = steering rack.

eration. Both, however, result in bad estimates as differentiating the measured
stroke results in a very noisy signal, whereas integrating the acceleration differ-
ence amplifies each small offset present in the measurement and may result in a
velocity error that increases over time. Therefore, an observer is used that com-
bines the sprung and unsprung acceleration sensors and the suspension stroke
sensor of each corner. For this assume that the acceleration measurements, âi,
can be modeled as the true value, ai, plus noise

âi = ai + giwa (2.3)
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with gi the scaling for the noise wa. The suspension stroke, ẑ, is also modeled
as its true value, z, plus noise

ẑ = z + wz. (2.4)

To create an observer for this consider the system[
żs − żu
z̈s − z̈u

]
=

[
0 1
0 0

] [
zs − zu
żs − żu

]
+

[
0 0
−1 1

] [
az
azu

]
+

[
0 0
g1 g2

]
wa (2.5)

y = zs − zu =
[
1 0

] [ zs − zu
żs − żu

]
+ wz (2.6)

where the inputs to the system are the sprung acceleration, az, and unsprung
acceleration, azu, the output is the suspension stroke, z = zs − zu. The Kalman
filter is then formulated as

˙̂z = Akẑ +Bkuaz + L (y − Ckẑ) . (2.7)

With knowledge of the noise values the error covariance matrices

E(waw
T
a ) = Q, E(wzw

T
z ) = R (2.8)

are determined and the optimal gain L can be found solving the Riccati equation.
For the sensors discussed here, Q and R are chosen as

Q =

[
1 0
0 1

]
, R = 5e−9. (2.9)

These matrices have been determined using experimental data for which the true
suspension travel zs − zu is compared with the estimate by the Kalman filter
to achieve a minimal RMS error between the two signals. Using Q and R in
the design of the Kalman filter result in good tacking behavior as can be seen
in Fig. 2.9. Here, in the first plot the suspension travel zs − zu is shown and
compared to the estimate by the Kalman filter. It can be clearly seen that there
is a very good agreement between the measured suspension stroke and estimate.
The second plot shows the suspension velocity calculated by differentiation of
the stroke, filtering and differentiating the suspension stroke with a low-pass
filter at 20 Hz and the suspension velocity estimated by the Kalman filter. As
can be seen the differentiation results in a very noisy signal. Differentiation and
filtering of the suspension stroke does give a smooth signal, however as the figure
shows, a phase delay as well. Obviously this is not desired when controlling the
suspension. Finally, the plot shows the velocity estimated with the Kalman filter
which has a good agreement with the measured signal, although with less noise.
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2.5 Conclusion

In this chapter the by-wire vehicle that will be used throughout this thesis is
discussed. The vehicle is equipped with semi-active suspension and a steer-by-
wire system. The steer-by-wire system consists of an hydraulically operated
steering rack and two electric motors that provide feedback torque to the driver.
For measuring and controlling all the different vehicle features, the vehicle is
equipped with a large set of sensors. Besides this, an observer has been created
that estimates the suspension velocity.
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By-wire vehicle model

3.1 Introduction

Although there is no substitute for real life tests, an accurate model helps to
support controller development and may reduce the number of physical tests.
Besides this, low cost, increased safety, development time reduction and the
ease of changing parameters and evaluating alternatives are all advantages of
a simulation model over real life testing. It is therefore important to have a
model that closely resembles the vehicle dynamics of the by-wire test vehicle
as described in Chapter 2. Throughout this thesis this model will be used as
a “digital prototype”, especially for situations where the handling dynamics
are considered and safety is of importance. The expression “digital prototype”
implies that the model will be used as a substitute for real life testing with the
BMW 318i that was described in Chapter 2.

Although a vehicle model offers clear advantages over real life testing, some
disadvantages can also be identified. For one, for a correct model, all relevant
parameters of the test vehicle need to be obtained using a combination of static
and dynamic testing. Secondly, a model never represents the real system with
one hundred percent accuracy. This can be caused by a mismatch of certain
parameters or for example unmodeled dynamics.

A large range of vehicle models exists, with simple models that only represent
one degree of freedom such as the models used by Hrovat [44]. Via often used two
degrees of freedom models such as the bicycle model [66] for handling dynamics
and the quarter car model for vertical dynamics. Through to seven degree of
freedom models such as used in [67] al the way up to full multi-body models. A
more extensive overview can be found in [56].

Through this thesis a number of the aforementioned models will be used.
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The one returning model, however, will always be the SimMechanics multi-body
model of the BMW 318i which will serve as “digital prototype”. This model will
be discussed in more detail in this chapter. First the general layout of the model
will be presented, after which it will be compared with various measurements
performed with the test vehicle.

3.2 Multi-body model

A multi-body model offers the possibility to include all moving parts in the car
suspension and thus mimics the physical representation of the suspension in
software. Here, the software package MATLAB-Simulink is used to model the
vehicle. An overview of the model is given in Fig. 3.1. As is visible, the chassis
is modeled as a single rigid mass to which four suspensions are connected. Each
suspension is modeled in detail with all physical links as they are present in the
real car. The left and right suspension systems are connected by means of an
anti-roll bar. Furthermore, the steering system dynamics are taken into account.
Finally, the tires are modeled with the TNO Delft-Tyre package which represents
the forces and moments created by the tire by means of the Magic Formula.

The chassis is connected to the ground via two joints that both have three
degrees of freedom with an intermediate body in between. The joint closes to
the ground allows for the yaw degree of freedom and the x- and y-position to
be measured. The second joint creates the z-position degree of freedom and the
other two rotation angles. By modeling the roll and pitch degrees of freedom
this way, the measurement is not influenced by the yaw angle. The orientation
of the coordinate system is according to the ISO sign convention [46].

3.2.1 Model inputs

For the model to perform a manoeuvre, multiple variables can be influened.
These can either be provide by the user or by a controller. A list of these
variables is given below:

• The longitudinal velocity can be defined by the user. Two options are
offered for this, either a drive/brake torque is provided or a velocity profile
is used as input. This velocity profile is followed by a PI cruise control
which controls the throttle and brakes.

• The lateral and yaw motions of the vehicle can be influenced by the steering
wheel angle. This can be entered as a prescribed angle, or as a required
trajectory. This trajectory is then followed by a driver model as described
in [88]. Obviously, the steering wheel angle can also be influenced by
the steer-by-wire system. More details will be provided in the applicable
chapters.
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Fig. 3.1. Layout of the multi-body model.

• The damper current, which determines the damper setting, can be provided
as an input or can be calculated by the controller. More details about the
controller are given in Chapter 4 and Chapter 5. See Fig. 2.4 for the range
of adjustment.

3.2.2 Front suspension

The front suspension of the BMW is of the McPherson type, see Fig. 3.2. This
means that it consists of a hub that is connected to a lower control arm that
fixes the wheel in x- and y-direction and a suspension strut that fixes the wheel
in roll, pitch and z-direction. The yaw degree of freedom is controlled by the
steering arm. Furthermore an anti-roll bar is present that connects the left and
right wheel and acts on a suspension travel difference between left and right side,
thereby reducing vehicle body roll.

The lower control arm is fixed to the chassis with a spherical joint on one
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Fig. 3.2. BMW McPherson front suspension.

side and bushing on the other side. The stiffness of the bushing is chosen such
that during handling measurements the behavior is similar as the that of the
BMW 318i. The suspension strut is rigidly fixed to the hub and connected to
the body by a spherical joint. A prismatic joint with a stiffness and damping
is incorporated in the strut, allowing the wheel to move up and down. The
semi-active suspension is incorporated by means of a look-up-table that has
the suspension velocity and the damper current as input and damper force as
output. The steering rod is connected to the hub by means of a spherical joint,
a universal joint connects it to the steering rack. Finally, the anti-roll bar is
connected to the suspension using a stabi-link with a universal joint on one side
and a spherical joint on the other. A graphical overview of all joints, together
with the coordinates of the suspension can be found in Appendix B.

3.2.3 Rear suspension

The rear suspension is described by BMW as a central link suspension and
consists of three main links that connect the hub to the chassis, see Fig. 3.3.
The central arm points forward and is rigidly connected to the hub. A spherical
joint is used to connect it to the chassis. The lower lateral link is connected
to the hub and chassis with a spherical joint and a universal joint respectively.
Together with lower link, the upper link controls the lateral motion and camber
angle of the wheel. Furthermore, the spring is positioned on the upper link,
approximately half way along this arm. The damper is directly connected to the
hub and chassis via a spherical and a universal joint. Again, an overview of the
parameters and joints can be found in Appendix B.
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Fig. 3.3. BMW central link rear suspension.

3.2.4 Steering system

First the conventional steering system of the BMW is modeled. An overview is
given in Fig. 2.6. The model is similar to the steering system model used when
the driver is in direct control of the rack motion. However, since the feedback
torque provided to the driver is not of interest, the power steering is ignored, the
steering system parameters are adapted accordingly to achieve the same system
dynamics as the real car. With the removal of the power steering (2.1) reduces
to

msrÿsr = −ksc (δsw −Nsrysr)− dsc

(
δ̇sw −Nsrẏsr

)
− dsrẏsr + Fexternal (3.1)

again with msr the steering rack mass, ksc and dsc the torsion bar stiffness and
damping respectively. The pinion gear with ratio Nsr converts the rotation of
the steering rack into a translation. The steering rack damping is represented
by dsr and external forces coming from the wheels are indicated by Fexternal.
The steering wheel velocity δ̇sw is estimated using a velocity estimator with a
bandwidth much higher than the steering system dynamics. A summary of the
steering system parameters is given in Table A.2.

In steer-by-wire mode, the model of the steering system is not included. The
steering wheel angle δsw is then used as an input for a reference model. The
steering rack motion is a direct output of the controller, thereby ignoring the
steering system dynamics.
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3.2.5 Tires

In the multi-body model the tires are modeled using the TNO Delft-Tyre soft-
ware package. This package uses the Magic Formula as described in [66]. Part of
the required parameters, such as the cornering stiffness, camber stiffness, lateral
and vertical stiffness and pneumatic trail, are measured on the flatplank tire
tester [15] as available at Eindhoven University of Technology. The parameters
that influence the behavior of the tires at large slip angles are identified using
dynamic manoeuvres. For more details on this process, see [85].

3.3 Model verification

The vehicle parameters have been determined using both static and dynamic
measurements. To show that the multi-body model mimics the behavior of
the real vehicle multiple tests have been performed. First the parameters that
can be statically determined will be discussed, after this it will be shown that
the vertical dynamics match the actual vehicle behavior closely. After this the
lateral dynamics of the model are verified using a combination of steady state
and dynamic manoeuvres at low and high lateral acceleration.

Fig. 3.4. Center of gravity determination of the BMW 318i test vehicle.
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3.3.1 Static measurements

The mass and location of the center of gravity have been determined using
scales and a hoist, see Fig. 3.4 [85]. This showes that the vehicle has an almost
50/50 front to rear weight distribution. Furthermore, the spring stiffness of all
four corners has been determined using the same scales and a tape measure. A
graphic display of these measurements can be seen in Fig. 3.5. An overview of
important vehicle parameters is given in Appendix A.
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Fig. 3.5. Measured suspension force versus stroke and fit.

3.3.2 Vertical dynamics

To verify the vertical dynamics of the multi-body model, measurements with
the BMW on the campus of Eindhoven University of Technology have been per-
formed. The campus roads consists mostly of well worn bricks and is considered
as a rough road by the regular users. For the multi-body the road is modeled as
white noise multiplied with a low pass filter [84]

zr,h =
krough
s+ τr

wzr (3.2)

with zr,h the heave road amplitude, krough a scaling parameter, τr a road and
velocity dependent constant and wzr the white noise source. It is assumed that



34 Chapter 3. By-wire vehicle model

the left and right track are correlated for low frequencies and are uncorrelated
for high frequencies [29]. To describe this phenomena a roll model of the road
surface is created resulting in the total road description

zr,L = zr,h +
wφm

2
(3.3)

zr,R = zr,h − wφm

2
. (3.4)

Here, φm represents the roll component of the road description and w the average
track width. A similar approach to (3.2) is taken for the roll component [29].

φm =
krough,φ
s+ τφ

wφ (3.5)

With krough,φ the scaling parameter for the road roughness and τφ =16.8 rad/s
for a vx of 14 m/s. It is assumed that the road input to the rear tires is delayed
with respect to the input on the front tires. The time delay is equal to the
wheelbase divided by the forward velocity.

A comparison of the measurements and simulations are shown in Fig. 3.6. In
the simulations, the scaling parameter krough is chosen such that the amplitude of
the unsprung acceleration in the simulations matches that of the measurements.
Only the left side of the car is shown, as the results are similar for the right
side. From these results it can be seen that the general trend is similar, but
that there is a difference in amplitude at the sprung eigenfrequency at 1.4 Hz
for all three metrics. This difference has also been observed in a quarter car
and 7 DOF model which implies that the most likely cause is a difference in the
input signal; the campus roads cannot exactly be described by (3.3). Besides this
amplitude difference at the sprung eigenfrequency, a good agreement between
the measurement and simulation can be seen. This indicates that the multi-body
is suitable for analysis of the vertical dynamics of the vehicle.

3.3.3 Lateral dynamics

Three test will be discussed that verify the lateral dynamics of the multi-body
model. First, the steady-state behavior will be analyzed using a constant radius
circular test [49]. After this, a comparison of the model and simulation for the
linear dynamics will be made. Finally, the non-linear behavior is shown using
a double lane change at the limits of adhesion. All tests are performed at the
Ford Lommel Proving Ground in Belgium.

Steady-state behavior

The steady-state state behavior of the vehicle can be analyzed using a constant
radius circular test. In this test the vehicle is driven in a circle with a fixed
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Fig. 3.6. Left sprung acceleration, suspension stroke and unsprung ac-
celeration, measurement and simulation on a rough road.



36 Chapter 3. By-wire vehicle model

0 10 20 30 40
−35

−30

−25

−20

−15

−10

−5

0
r
z

[◦
/
s]

Velocity [m/s]

 

 

Measurement

Simulation

0 10 20 30 40
−14

−12

−10

−8

−6

−4

−2

0

a
y
C

O
G

[m
/
s2

]

Velocity [m/s]

Fig. 3.7. Yaw-rate and lateral acceleration versus longitudinal velocity,
measurement and simulation.

radius of 100 m. The velocity is slowly increased until the point that the vehicle
can no longer maintain the prescribed corner radius. As the test track has a
slight incline for water draining purposes, the manoeuvre is performed in both
directions. Here, only a right turn is presented, differences between left and right
are negligible.

The result of the steady-state circular test are shown in Fig. 3.7 and Fig. 3.8.
In Fig. 3.7 the yaw-rate and lateral acceleration versus longitudinal velocity are
shown. By definition the yaw-rate increases linearly and the lateral acceleration
quadratically with increasing forward velocity. Good agreement can be seen
between the measurement and simulation, except for the highest velocities. For
the lateral acceleration, similar results hold. The steering angle versus lateral
acceleration plot can be seen in Fig. 3.8. This again shows good agreement up
to 8 m/s2. Furthermore a clear understeered vehicle behavior can be observed
from this plot.

Linear dynamics

The linear dynamics, at low lateral acceleration, are determined using a sinu-
soidal steering input. In a normal vehicle either a steering robot or a very skilled
driver is used. However in the BMW the steer-by-wire system can be used. An
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Fig. 3.8. Steering wheel angle as a function of lateral acceleration.

additional angle is superimposed on the driver supplied steering angle

yrack,sum = yrack +
δsine
Nsr

sin (ωt) . (3.6)

In this way a perfect sinusoidal input is provided to the system, however, for
safety purposes the driver is still in control as the sine excitation signal is su-
perimposed on the driver input. The frequency range ω is chosen such that the
full frequency response can be measured. Furthermore, the amplitude, δsine, is
chosen for each frequency to achieve a good signal to noise ratio, but maintain
linear tire behavior. The inputs are summarized in Table 3.1. All measurements
are performed at 100 km/h.

With the steering input being a perfect sinusoid, it is expected that the
resulting vehicle signals also exhibits a perfect sinusoid when the behavior is
linear. With this assumption, the amplitude ratio and phase from input to
output can be determined for each frequency. Doing this for each frequency
gives the transfer function as shown in Fig. 3.9. As the figure shows, there
is good agreement between the measured and simulated transfer function. At
1.3 Hz a measurement error in the yaw-rate can be observed. Ignoring this error,
it can be said that the linear behavior of the BMW is represented accurately by
the multi-body model up to frequencies of 2.5 Hz.
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Table 3.1. Sinusoidal steering input for linear handling dynamics anal-
ysis.

ω [rad/s] δsine [rad]

0.5 0.3
1 0.3
2 0.3
3 0.3
4 0.4
5 0.4
6 0.4
7 0.4
8 0.5
9 0.5
10 0.5
11 0.5
13 0.5
16 0.5

Non-linear dynamics

To excite the non-linear behavior of the vehicle various double-lane changes
have been performed. The objective of this test is to complete a pre-defined
trajectory with the highest possible entry velocity [48]. For the simulation model
the forward velocity and steering input as measured during the experiments is
used as input. The results of a specific measurement and simulation can be seen
in Fig. 3.10. Obviously, the steering angle in simulation and measurement is
the same, as this is used as input. The longitudinal velocity is matched by the
cruise control. Besides these two inputs, it can also be seen that the yaw-rate,
lateral acceleration and roll-rate simulations match the measurements quite well.
Based on this , and various other simulations, the conclusion can be drawn that
the multi-body model is also capable of predicting the behavior of the BMW
for high lateral acceleration manoeuvres where the tires are in their non-linear
regime.
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Fig. 3.9. Transfer functions from steering rack displacement ysr to yaw-
rate and lateral acceleration.

3.4 Conclusion

In this chapter the objective was to develop a digital prototype for the test
vehicle. This is done via a multi-body model that contains all the suspension
kinematics. It is shown by using random road disturbances, steady-state, linear
and non-linear manoeuvres that the simulation model quite closely matches the
measurements. It is therefore assumed that the multi-body model can function
as a digital prototype for controller development throughout this thesis.
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acceleration and roll rate for a double lane change, measurement and
simulation.



Chapter 4

Control of a semi-active
suspension for improving comfort

4.1 Introduction

Control of semi-active suspension systems in road vehicles has received much
interest since the 1970’s [45]. It offers great possibilities to improve ride comfort
without the power requirements of fully active systems. Numerous controllers
have been developed over the years such as sky-hook control [16], Acceleration
Driven Damper (ADD) and Power Driven Damper (PDD) control [68]. Liter-
ature shows that these controllers only work in a limited frequency band, with
the sky-hook controller reducing vehicle body acceleration around the sprung
eigenfrequency and the ADD and PDD controllers focussing more on higher
frequencies.

Attempts have been made to integrate these controllers in a single controller
that combines all the benefits. The mixed sky-hook ADD controller [70] as
proposed by Savaresi uses a frequency dependent switch to define which of the
two control topologies (sky-hook or ADD) should be used. It is shown that
for the minimal vertical acceleration objective, this controller approaches the
optimal solution, however some small performance gains can still be achieved.
A different approach with an LQ controller that is saturated to the actuator
limits is shown in [77]. An observer is used for estimation of the vehicle states
and road profile. In this observer, a new road model is incorporated, to account
for low frequency disturbances. When implemented in a car, measurements on
a four-post test rig show good performance.

A model predictive controller for which it is assumed that a preview of the
road profile is available is shown in [37]. Three model predictive controllers
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(MPC) are synthesized in [37], with different levels of actuator constraints and
configurations. It is found that the performance of the three controllers is similar
and better than either the hard or soft passive suspension. The large computa-
tion time of MPC control is discussed in [21]. It is argued that calculating one
optimization step takes too long to be suitable for real time implementation.
Therefore, state information is calculated offline to create a grid of state infor-
mation. This information is then used to calculate the first control move, which
gives rise to a set of control data. By means of simulations it is shown that
this approach has good performance compared to the well known sky-hook and
clipped LQ controllers. The author concludes that the inclusion of prediction in
controller design improves the performance of semi-active suspension systems.

The problem with the controllers proposed above is that they are either
simple to implement, but have only a small performance gain, or are difficult
to implement in real-time, but approach the optimal performance for a given
actuator with its limitations. Analog to the approach of [69] an optimal controller
for a semi-active suspension system is developed using MPC with as objective
minimal sprung acceleration. The novel approach in this chapter is that inputs
and outputs of the MPC controller are used to develop a controller that performs
similar to the optimal performance, but is easy to implement in real-time.

The outline of this chapter is as follows. In Section 4.2 the vehicle model,
constraints and performance objective are introduced. In Section 4.3 optimal
semi-active suspension control is derived with the objective of minimizing vertical
acceleration. The results are used in Section 4.4 to derive a rule based controller.
Finally, simulation results are presented in Section 4.5 and measurements are
shown in 4.6. The conclusion is given in Section 4.7.

4.2 Vehicle model

For controller synthesis and analysis the well known quarter car model is used.
In this model only the vertical dynamics of a quarter of the vehicle are consid-
ered, a graphic representation is given in Fig. 4.1. The adjustable damper is
implemented by means of an actuator indicated as Fact, the constraints on the
actuator are defined below. The main objective is reduction of the vertical accel-
eration acceleration of the sprung mass, az, as this represents ride comfort [47].
The equations of motion are given as

ẋq = Aqxq +Bq1zr +Bq2Fact, (4.1)

xq =
[
zs żs zu żu

]T
,

yq = az = Cxq +Dq1zr +Dq2Fact, (4.2)
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Fig. 4.1. Quarter car model.

with

Aq =


0 1 0 0

− ks

ms
−dso

ms

ks

ms

ds0

ms

0 0 0 1
ks

mu

dso

mu
−ks+kt

mu
− ds0

mu

 , (4.3)

Bq1 =
[
0 0 0 kt

mu

]T
,

Bq2 =
[
0 − 1

ms
0 1

mu

]T
,

Cq =
[
− ks

ms
−dso

ms

ks

ms

ds0

ms

]
,

Dq1 =
[
0
]
, Dq2 =

[
− 1

ms

]
,

with zs the sprung mass position, zu the unsprung mass position. The road
disturbance is given by zr. The sprung mass is indicated by ms, the unsprung
mass by mu. The stiffness that couples the sprung and unsprung mass is ks, the
vertical tire stiffness is kt. Finally, the damping is split into a nominal damping
ds0 and an active part Fact, which is constrained according to

(dsmin − ds0)(żs − żu) < Fact < (dsmax − ds0)(żs − żu)

if żs − żu ≥ 0 (4.4)

(dsmax − ds0)(żs − żu) < Fact < (dsmin − ds0)(żs − żu)

if żs − żu < 0.

A graphic representation of these constraints is given in Fig. 4.2. In this picture
the hatched part indicates the region in which the semi-active suspension can
be adjusted. Using this division between the nominal and active part allows for
the dynamics to be considered linear with the non-linearities captured in the
constraints. It is assumed that suspension travel constraints are never met and
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żs − żu[m/s]
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Fig. 4.2. Graphic representation of the semi-active suspension split into
a nominal damping and a constrained active part.

Table 4.1. Quarter car parameters.

Parameter Value Unit

ms 380 kg
mu 29 kg
ks 21500 N/m
kt 174000 N/m
ds0 1240 Ns/m
dsmin 740 Ns/m
dsmax 1740 Ns/m
∆ds 500 Ns/m

that tire road contact is maintained at all times. All vehicle parameters are
based on a BMW 318i and are listed in Table 4.1. In this chapter improvement
of comfort is the objective, which is best captured by the sprung acceleration,
az [47]. For simplicity reasons frequency dependent weighting as is recommended
by ISO2631 [47] is omitted.

4.3 Suspension control

As already mentioned, the objective is to minimize the sprung acceleration, az,
of the vehicle body. To determine a suitable controller that can be implemented
in real time the following steps are taken

• Model predictive control (MPC) is used to minimize the vertical accelera-
tion, within the limitations of the semi-active suspension.

• The performance of the MPC controller is analyzed over a range of discrete
frequencies to better understand its behavior.
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• Numerical optimization will be used to find a rule based controller that can
be implemented in real-time, based on the results of the MPC controller.

• The performance of the rule based controller is then compared to known
control strategies such as sky-hook, ADD and obviously the MPC con-
troller itself.

In the next sections these steps will be explained in more detail. Note that
there exists no proof of stability for the MPC controller, not to mention for the
approximation of this controller.

4.3.1 Optimal suspension control

Given the constraints on actuator force, (4.4), a suitable control technique to
determine the best possible controller is model predictive control. In this control
technique future knowledge of the disturbance input is used to calculate future
states. For this the dynamic equations (4.1) and (4.2) are transformed into
discrete time

xqd(k + 1) = Aqdxqd(k) +Bqd1zr(k) +Bqd2Fact(k) (4.5)

yqd(k) = Cqdxqd(k) +Dqd1zr(k) +Dqd2Fact(k) (4.6)

with

Aqd = eAqts , Bqdi = A−1
q (Aqd − I)Bqi, (4.7)

Cqd = Cq, Dqdi = Dq, (4.8)

with ts the sample time, which is set to 0.004 s. Here, the subscript i = 1 refers
to the road input and the subscript i = 2 to the control input as shown in (4.3).
Future states and outputs can now be calculated using xqd(k + 1)

...
xqd(k +N + 1)

 = Aqhxqd(k) +Bqh1

 zr(k)
...

zr(k +N)

 (4.9)

+Bqh2

 Fact(k)
...

Fact(k +N)


 yqd(k)

...
yqd(k +N)

 = Cqhxqd(k) +Dqh1

 zr(k)
...

zr(k +N)

 (4.10)

+Dqh2

 Fact(k)
...

Fact(k +N)





46 Chapter 4. Control of a semi-active suspension for improving comfort

with

Aqh=


Aqd

A2
qd
...

AN
qd

 , Bqhi=


Bqdi 0 . . . 0

AqdBqdi Bqdi . . . 0
...

...
. . . 0

AN−1
qd Bqdi AN−2

qd Bqdi . . . Bqdi

 ,

Cqh =


Cqd

CqdAqd

...
CqdA

N−1
q

 , (4.11)

Dqhi =


Dqdi 0 . . . 0

CqdBqdi Dqdi . . . 0
...

...
. . . 0

CqdA
N−2
qd Bqdi CqdA

N−3
qd Bqdi . . . Dqdi

 .

The objective to be minimized each time step is formulated as

Jc(k) =
1

N

k+N∑
l=k

a2z(l), (4.12)

with N the prediction horizon over which the objective has to be optimized.
The state horizon is chosen equal to the prediction horizon N . To capture all
the relevant dynamics the prediction horizon is chosen as N = 60, with a sample
time of ts = 0.004 s the preview is 0.24 s.

A typical road profile can be accurately described as integrated white noise [29]

zr =
kroad
s

wzr (4.13)

where, wzr represents the white noise source and the gain kroad scales the am-
plitude of the road irregularities to represent a smooth or rough road. This
stochastic signal can also be considered as the sum of multiple sinusoids. How-
ever, for analysis of the control signal this is not convenient. Therefore, a single
sinusoidal road disturbance zr, is chosen as

zr(k) = 0.02 sin(2πf
k

ts
). (4.14)

Here, the amplitude is selected such that it resembles a disturbance for which in
real-life non-linearities such as suspension stroke limitations are not met. The
frequency f is chosen such that the relevant dynamics of the quarter car model
are captured. It is therefore chosen from a discrete range of frequencies from
0.5 to 20 Hz. In section 4.5 the random road input will be used again to evaluate
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the performance of the developed controller on this type of road. Furthermore,
the controller has been implemented in a car and measurements on a similar
surface have also been performed with the rule based controller and are shown
in section 4.6.

The MPC controller action can now be calculated at each time step k:

1. At time step k = 1 use the optimization tool MATLAB fmincon to calcu-

late the control sequence
[
Fact(k) Fact(k + 1) . . . Fact(k +N)

]T
for the

objective (4.12) with the future outputs defined by (4.9). The optimization
is subjected to the constraints as formulated in (4.4) and is run with the
interior-point algorithm.

2. Apply the output Fact(k) as determined in step 1) and calculate x(k+ 1).

3. As long as k < tend

ts
, k = k + 1. Go back to step 1) and use the calculated

x(k + 1) from the previous time step as current state, take Fact(k) as
starting point for the optimization.

During the optimization it is assumed there is knowledge about future distur-
bances and that the full state of the quarter car can be measured.

In Fig. 4.3 the performance of the MPC controller can be seen for a range
of sinusoidal road disturbances. From this plot it becomes clear that the MPC
controller has better performance (lower acceleration) at all frequencies when
compared to the baseline system. It combines the best performance of the hard
damping at low frequencies with the best performance of the soft damping at
higher frequencies.

An overview of the damping selected by the MPC controller for a 2 Hz
disturbance is shown in Fig. 4.4. It can be seen that the damping exclusively
varies between minimum and maximum damping. It can also be seen that the
MPC controller achieves a reduction of vertical acceleration, az, in comparison
to the system with constant nominal damping.

4.4 Rule based control

The MPC control solution presented in Section 4.3 shows the best possible solu-
tion for the objective of minimizing vertical acceleration under the assumption
that there is knowledge of future road disturbances and within the constraints of
the controllable damping. Unfortunately this knowledge is normally not avail-
able, which makes the controller infeasible for real time implementation. Be-
sides this, calculation times are too long since an optimization problem has to
be solved each time step [21] and full state knowledge is required, which is nor-
mally not available. We can however, with knowledge of the MPC control actions
and simulation signals, develop a rule based controller that mimics the behavior
of the MPC controller.
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4.4.1 Output feedback

Given the control signal, uMPC , of the MPC controller it is assumed that an
output feedback exists such that

uMPC(k) ≈ K1(k)ys(k), (4.15)

where the output feedback gain K1(k) has to be determined. For ys(k) it is
assumed that it contains a combination of measured sensor signals such as the
sprung acceleration, suspension travel and velocity and unsprung acceleration.
In Chapter 2 a summary of all the available sensors is given.

Given the MPC control action which is determined for a range of frequencies,
the feedback gain K1(k) can be determined for each individual frequency. At
sample k the feedback gain is found by minimizing the error criterion

e(k) =
k+M∑

l=k−M

(K1(k)ys (l)− uMPC (l))
2

(4.16)

=
k+M∑

l=k−M

(u(l)− uMPC(l))
2
.
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Fig. 4.4. Damping coefficient and sprung acceleration for the controlled
and uncontrolled system for a 2 Hz road disturbance.

Here e(k) is the sum of the difference between the MPC solution and the output
feedback in the sample interval [−M,M ] around k. Since the damping coefficient
selected by the MPC controller only varies between the minimum and maximum
value, see Fig. 4.4, it is assumed that only the sign of ys(k) is of relevance.
Following the approach of the ADD controller [69], the sign of the product of
suspension velocity and sprung acceleration is chosen such that the output, ys(k),
becomes

ys(k) = sign (az (k) (żs (k)− żu (k))) . (4.17)
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An overview of the result of the minimization of (4.16) with road excitation, zr,
frequencies of 1,2 and 6 Hz is shown in Fig. 4.5. Here, M = 1, which gives a
width of three samples. From this figure it becomes clear that for low frequencies
the feedback gain varies between K1 = −500 and K1 = 500, which is equal to
the range of adjustable damping, as listed in Table 4.1. For high frequencies,
see 6 Hz, an almost constant feedback gain 500 is found. This leads to the
assumption that the feedback gain K1(k) is not time varying but constant and
equal to the range of adjustment, ∆ds.

4.4.2 Constant gain output feedback

Based on the results obtained, we assume a simplification of (4.15), where K1(k)
is constant in stead of time varying

uMPC(k) ≈ K2ys(k). (4.18)

Recall Fig. 4.4 where it is clear that K1(k) is time varying between −∆ds and
∆ds. Assuming that this feedback gain is constant implies that the output ys(k)
should be selected such that a constant feedback gain K2 can be applied. This
constant feedback gain can be found in sky-hook control and ADD control which
are formulated as

dsky = ∆dssign (żs (żs − żu)) , (4.19)

for sky-hook control and

dADD = ∆dssign (z̈s (żs − żu)) , (4.20)

for the acceleration driven damper controller [68]. The sky-hook controller man-
ages to suppress low frequency disturbances, whereas the ADD controller sup-
presses vibrations at higher frequencies. The only difference between these con-
trollers is that sky-hook controller uses the sprung velocity, żs, and the ADD
controller the sprung acceleration z̈s. Considering this, it is assumed that a
phase shifted version of the sprung acceleration signal, z̈s, should be used. Since
discrete frequencies are considered here, this phase shift can be written as a time
shifted version of the sprung acceleration

azF (t) = az (t− τ) , (4.21)

where azF is the time shifted version of az such that controller becomes

u(k) = K2sign(azF (k) (żs(k)− żu(k))). (4.22)

Here, K2 is chosen to be equal to ∆ds, the optimization of (4.16) can now be
formulated as: Find a τ for each frequency such that (4.16) is minimal under
the assumption of a constant K2 = ∆ds. The results, converted into a phase
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Fig. 4.5. Calculated feedback gain K as a function of time for 1, 2 and
6 Hz disturbances by minimizing the error criterion (4.16), M=1.

difference, can be seen in Fig. 4.6. The output controller (4.22) is extremely
simple, though obviously, the price is that it approximates the ”optimal” MPC
controller less well than the controller (4.15).

To prove that the proposed controller performs better than the skyhook and
ADD controllers the cumulative error in comparison with the optimal MPC
solution is calculated for each frequency

ec(f) =

kend∑
l=1

(u (zr (f, l))− uMPC (zr (f, l)))
2
, ∀f. (4.23)
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A plot of this error for sky-hook, acceleration driven damper control and the
rule based controller proposed in this chapter, with the optimal phase rotation
for each frequency can be seen in Fig. 4.7. For ease of reading, the errors are
normalized to the largest value, in this case sky-hook at 3 Hz. From this figure it
is clear that the difference with the MPC controller can be reduced significantly
compared to both sky-hook and ADD control. It is also visible that at low
frequencies the sky-hook controller approaches the performance of the MPC
controller the best and that at high frequencies the ADD controller matches the
MPC controller better. However, both controllers have larger errors compared to
the controller proposed here. Note that the controller proposed by Savaresi [69]
is a combination of the sky-hook and ADD controller. Fig. 4.7 shows that the
crossover frequency for this system should be at approximately 1.7 Hz.

4.4.3 Real time implementation

Unfortunately a true road surface does not exist of only one sinusoid of which
the frequency is known, therefore the time delay as suggested in (4.21) is im-
plemented in a transfer function that approximates the phase rotation at each
frequency. Based on the phase shift of the sprung mass acceleration signal the
number of required poles (four) and zeros (four) to describe the phase behavior
can be counted. With the number of poles and zeros known, a fit can be made.
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Fig. 4.7. Normalized error ec(k) (4.23) for sky-hook, ADD and the
controller proposed in (4.22) with the optimal time delay.

Note that the fit is valid for the vehicle parameters of Table 4.1. It is, however,
assumed that the structure is valid for quarter car vehicle models in general. A
suitable candidate for the transfer function then becomes

Φ(s) =
azF
az

(4.24)

=
1.42 · 10−6s4 + 6.15s3 + 0.009s2 + 0.11s+ 1

1.45 · 10−5s4 + 2.5 · 10−4s3 + 0.08s2 + s
.

In Fig. 4.6 the fit is shown in comparison to the time delay as calculated before.
From the transfer function Φ(s), only the phase is of importance, as only the
sign of Φ(s)az(żs − żu) is used in the controller and not the amplitude. The
difference between the time delay as calculated for the optimal controller and
the transfer function Φ(s) is smaller than 15◦ for all frequencies of interest.

It is clear from Fig. 4.6 that at low frequencies a 90◦ phase lag is required,
matching the requirement of sprung velocity żs for a sky-hook controller. At
higher frequencies it approaches a 0◦ phase lag, thus being the same as the
acceleration driven damper [68]. Finally, from Fig. 4.6 it can be seen that the
phase of Φ(s) follows a similar trend as the transfer function between the sprung
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acceleration and actuator force minus 180◦ which is formulated as

Gaz>Fact(s) =

−msmus
4 + ds0(ms −mu)s

3 + ((ks + kt)ms − ksmu)s
2 + ds0kts+ kskt

s2(2ks + kt + s(2ds0 −mus)
.

(4.25)

At low frequencies a clear difference can be observed, with Gaz>Fact(s) going to
-180◦ and H(s) only going to -90◦. At higher frequencies the small differences
are caused by Gaz>Fact(s) only being based on the nominal damping coefficient,
whereas the average damping for Φ(s) changes with frequency.

With the time delay described by a continuous transfer function Φ(s), the
controller can now be formulated as

Fact = dsact(żs − żu) with (4.26){
dsact = dsmax − ds0 if Φ(s)az(żs − żu) > 0
dsact = dsmin − ds0 if Φ(s)az(żs − żu) ≤ 0

.

Summarizing, a rule based controller has been found that switches between
minimum and maximum damping value. Switching is applied based on a filtered
signal that consists of the product of vertical acceleration, az, and suspension
velocity, żs − żu. The product of these signals is then passed through a filter
which, depending on the frequency of the signal, gives a phase rotation to the
product of vertical acceleration and suspension velocity. The filter has a phase
lag of approximately 90 degrees at low frequencies and zero phase lag beyond
4 Hz.

4.5 Results

Now that a controller has been synthesized, its performance will be evaluated for
a number of different conditions. The comfort controller as described by (4.26) is
implemented in MATLAB/Simulink with the quarter car as introduced in (4.1).
It is assumed that the suspension velocity żs − żu can be measured in this
model, for implementation on a road vehicle an observer that combines the
measurements of the sprung and unsprung acceleration and the suspension travel
should be used. To show that the developed controller is also valid for different
road disturbances, three different inputs will be shown here. First the sinusoidal
disturbances with which the controller has been synthesized. Secondly results of
the controllers on a random road will be shown and finally a step disturbance is
presented to show the behavior of the controller for a discrete event.
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Fig. 4.8. RMS sprung acceleration for MPC, dsmin, dsmax, sky-hook
control, ADD and the comfort controller proposed in (4.26) for a sinusoidal
disturbance.

4.5.1 Sinusoidal road disturbance

The road disturbance, zr, is modeled as a sinusoidal disturbance with an am-
plitude of 0.02 m. Similar to (4.14), a frequency range of 0.5 Hz to 20 Hz is
used. The results of these simulation can be seen in Fig. 4.8. As expected, from
this plot it is clear that the rule based comfort controller matches the MPC
controller quite closely up to the tire resonance frequency (≈ 13 Hz). It can also
be seen that at low frequencies it behaves similar to the sky-hook controller, as
is already expected from the phase plot in Fig. 4.6. Beyond the sprung reso-
nance frequency it has a lower sprung acceleration than the sky-hook controller.
Finally, at 2.5 Hz and beyond it behaves similarly to the acceleration driven
damper controller.

4.5.2 Random road disturbance

The random road is represented as integrated white noise as was presented
in (4.13). The gain is scaled such that it matches the amplitude of an average
road [80]. The results of the simulations are shown in Fig. 4.9 where the power
spectral density of the sprung mass acceleration is shown. The MPC results
are obtained by running the optimization as described in Section 4.3 with the
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Fig. 4.9. Power spectral density of the vertical acceleration az for the
MPC controller, nominal damping and the comfort controller proposed in
this chapter (4.26).

random road as input. From this plot it can be seen that in the frequency range
between 1.2 Hz to 4 Hz the MPC performs better than the controller proposed
in this chapter. The low frequency difference is caused by a deviation in the
transfer function, Φ(s), and the time delay as determined optimal for the best
comfort. Besides this, the switching nature of the controller introduces higher
frequencies, as Fig. 4.4 shows, influencing the behavior. RMS sprung accelera-
tion for the baseline system is 1.28 m/s2, for the sky-hook and ADD controller
these values are 1.16 m/s2 and 1.22 m/s2 respectively. For the controller pro-
posed in this chapter, this value is 1.15 m/s2, which shows that over the comfort
controller functions better than the existing rule-based controllers. Note that
the RMS sprung acceleration of the sky-hook controller is almost similar to the
controller proposed here. This is caused by the road input, which has a large
input at low frequencies. This implies that changes at low frequencies influence
the RMS value the most. Finally, the MPC controller achieves an RMS acceler-
ation of 1.07 m/s2, which is lower than all the other controllers. Note that a 5
percent difference in vertical acceleration is noticeable for a human [33].
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Fig. 4.10. Sprung acceleration and damping coefficient for a 0.05 m step
disturbance.

4.5.3 Step disturbance

The third input presented here is a step disturbance. For this a 0.05 m step
is introduced at 1 s. The results of this simulation are shown in Fig. 4.10. It
can be clearly seen that all three controllers have better performance for the
initial step upwards than the nominal system. In the negative acceleration part
at 1.05 s the controller proposed here first follows the sky-hook controller and
then switches to a lower damping coefficient, similar to the behavior of the ADD
controller. Worse comfort compared to the nominal system is seen at 1.1 s for
all controllers.
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4.6 Full car measurements

With the test vehicle as described in Chapter 2 measurements using the con-
troller proposed in this chapter have been performed. The vehicle is equipped
with a suitable set of sensors to implement the controller and a state estimator
for the suspension velocity. The sprung acceleration is measured directly above
each wheel, making it possible to consider the vehicle as four separate quarter
car systems. Besides this, the unsprung acceleration and suspension stroke are
measured such that an observer for the suspension velocity can be created. As
a real-time platform, a dSpace Autobox is used at an operating frequency of
2000 Hz. Data is stored at a rate of 200 Hz such that all signals could be logged
for a 90 s measurement window. For post-processing, all data is filtered with
a second order low-pass filter at 25 Hz. As a test track the Eindhoven Univer-
sity of Technology campus roads are used, which consists mostly of well worn
bricks. Care was taken for the speed profile to be the same on each run. During
each run, an average velocity of 9.6 m/s was achieved.

The results of these measurements can be seen in Fig. 4.11 which contains
the power spectral density of the left rear sprung acceleration for soft, hard and
controlled damping. From this figure it can be clearly seen that at the sprung
mass resonance at 1.5 Hz the sprung acceleration for the soft damping is higher
than for the controlled and hard damping. Beyond 2 Hz the sprung acceleration
for the soft damper setting is lower than that of the hard damper setting. Most
importantly, though, from this figure it can be seen that the controlled vehicle
combines the best properties of the soft and hard damping. This means that
for low frequency accelerations it behaves similar to the hard damping and for
higher frequencies it is similar to the soft damper setting.

The RMS sprung acceleration for each corner is shown in Table 4.2. As is
visible the controlled vehicle always has the lowest vertical acceleration com-
pared to the soft and hard setting. Note that the front right suspension shows
less performance compared to the other three corners. This is caused by a defec-
tive, leaking damper, resulting in less suspension stroke and thus causing worse
performance.

4.6.1 Subjective evaluation

Besides the objective evaluation of the suspension, which shows that the vertical
acceleration is lower for the controlled vehicle, the subjective feel of the con-
trolled suspension is important. To evaluate this feel, approximately ten experts
in the field, most of them responsible for shock absorber tuning in companies
such as Koni and Tractive Suspension, have driven with all three settings of
the suspension. The drivers were all asked to drive at normal speeds over the
Eindhoven University of Technology campus roads. For each suspension setting
a similar route was driver, after which the drivers were allowed to vary the set-
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Fig. 4.11. Measured rear left sprung acceleration whilst driving on the
TU/e campus roads for soft, hard and controlled damping.

tings themselves. They were all asked to voice their opinion about the different
settings, no specific questionaire was used.

The general comment on the soft damper setting was that they did like the
general comfort, but did not like the sense of ‘instability’ that vehicle exhibited.
This sensation is attributed to the body moving too much at low frequencies.
When switching from the soft to the hard setting the general opinion was that
they felt more in control. Some argued that they felt the ride to be a bit harsh,
but in general, the hard setting was preferred over the soft setting. However,
when the controlled setting was turned on the drivers immediately preferred it,
saying that they did feel in control, whilst not feeling the harshness of the hard
damper setting. Most drivers actually started driving faster after some time,
because they felt more control of the vehicle.

4.7 Conclusion

In this chapter the objective was to develop a rule based controller for a semi-
active suspension system, such that the vertical acceleration performance matches
that of an MPC optimal controller minimizing the vertical acceleration of the



60 Chapter 4. Control of a semi-active suspension for improving comfort

Table 4.2. Sprung acceleration per corner.

FL [m/s2] FR [m/s2] RL [m/s2] RR [m/s2]

Soft 1.75 1.96 1.89 1.73
Hard 1.67 1.93 2.12 2.01
Controlled 1.59 1.83 1.70 1.57

sprung mass. This optimal controller is determined using model predictive con-
trol in which it is assumed that there is knowledge of future road disturbances
and that the full state is available. It is shown that for certain frequencies a
direct correlation between the product of the sprung acceleration and suspen-
sion velocity with the control signal exists. For the other frequencies a phase
shifted version of this signal has to be used. This phase shift is determined by
minimizing the error between the suggested control signal and the MPC control
action. A transfer function describing the behavior of the phase difference is
found which allows for real-time implementation of the controller.

It is shown that the new controller performs similar to the MPC controller
for sinusoidal disturbances. It combines the best performance of hard damping
at low frequencies and soft damping at high frequencies. With a random road
disturbance its performs is similar to the MPC controller for high frequencies.
For low frequencies a small difference can be observed.

Finally, measurements were performed with a test vehicle equipped with
semi-active suspension. On-road measurements show that a reduction of vertical
acceleration is achieved at all four corners of the car. Furthermore, experts in the
field recognized the improvement in comfort of the test vehicle with the newly
developed controller.



Chapter 5

Damping control for handling

5.1 Introduction

Semi-active suspension or active dampers are often available as performance or
comfort option on luxury vehicles nowadays. These systems allow the driver to
personalize the ride of the vehicle towards a more sporty or more comfortable
experience. On some vehicles, even controllers such as sky-hook controllers for
comfort [63], or ground-hook controllers for handling are offered, showing that
there is a clear benefit of actively controlling the damping of the vehicle. For
comfort this is a valid method, however, for handling, the full vehicle motion
should also be considered.

Examples of groundhook controllers are given in [38] and [8]. In this control
method the damper in between the sprung and unsprung mass is controlled such
that it mimics the behavior of a damper that connects the unsprung mass to an
inertial ground. The controller then becomes

FGH =

{
0 if żu(żs − żu) > 0
dGH żu if żu(żs − żu) ≤ 0

. (5.1)

The main focus of this controller is reduction of the dynamic tire compression
since variations in vertical tire force may result in a loss of lateral tire force [66].
This loss in lateral force is primarily caused by the lateral force needing some
distance to develop when a vertical change occurs, when the tire is near the
limits of adhesion. However, when the vertical force decreases again, the lateral
force follows immediately. Besides this phenomena, the side force developed per
axle also decreases when there is load transfer from one side to the other. The
cause for reduction can be found in a decrease of average cornering stiffness of
the axle and the vertical force dependency of the peak friction coefficient, which
decreases with increasing vertical force [13].
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Table 5.1. Semi-active suspension rules for handling control [50].

Steering angle ∆rz = rzref − rz Vehicle status dsfront

δsw > 0 ∆rz < 0 Oversteer ds0 +∆ds
δsw > 0 ∆rz > 0 Understeer ds0 −∆ds
δsw < 0 ∆rz < 0 Understeer ds0 −∆ds
δsw < 0 ∆rz > 0 Oversteer ds0 +∆ds

A combined controller for dynamic tire compression, comfort and suspension
stroke limits is designed in [53]. For this purpose multiple linear quadratic
regulators are designed for the objectives, with a Pareto front it is shown that
the controllers describe a trade-of in performance between handling and comfort.
These controllers are connected by a switching controller for which stability is
guaranteed using a common Lyapunov function. Switching is done based on the
estimated size of dynamic tire force and suspension travel. For both, limits are
set that are not to be surpassed. Using a quarter car test setup it is shown that
the adaptive controller has better performance on both comfort and handling
and it removes the conservatism that is normally present with time invariant
controllers.

The use of semi-active suspension for full vehicle handling improvement is
investigated in [50]. In the paper a combination of active front steering and
semi-active suspension is used to control the vehicle. For the active front steer-
ing a sliding mode controller is developed, which follows a reference yaw-rate.
For the semi-active suspension a rule based control law is formulated, see Ta-
ble 5.1. The damping controller is a PD-controller that uses the yaw-rate error
as input and gives a required change of damping as output. The active steering
and semi-active suspension are combined in an integrated controller using fuzzy
control for which the performance is shown using a 15-DOF vehicle model. A
slight improvement of the integrated controller over steering control only and
the baseline vehicle is shown for yaw-rate tracking.

Semi-active suspension with integrated control is also discussed in [59]. A
fuzzy controller is designed based on the rationale that the dampers can aid in
a faster vehicle response when either active braking or steering is used. The
corner sprung mass velocity and suspension compression velocity are used as
inputs. Three rules are defined: (1) If damper compression is detected, a large
damping will be assigned to the front outside corner suspension. (2) In rebound a
small damping value will be assigned to the diagonally opposed damper. (3) For
other conditions the damper force is manipulated such that the roll angle is
minimized. The author argues that the occurrence of unstable situations can be
reduced a lot by implementing the integrated controller.

Control of the vehicle handling dynamics with fully active suspension is dis-



5.2 Open loop damper variation 63

cussed in [31]. The main objective for handling is reduction of the dynamic tire
force which is achieved using a switched motion-mode controller that detects the
dominant mode (roll, pitch, heave) based on the calculation of the energy in each
mode. The reason for using this mode detecting controller is the reduction of
the amount of energy required. The controller is compared to an H∞ controller
and a passive system. Performance is not as good as the H∞ controller, but
significantly better than the passive system.

Literature shows that for best handling, the vertical tire load should be as
constant as possible. The first way this is handled in literature is by considering
the tire moving over an uneven surface and reducing the dynamic tire load. The
second method is considering the full car behavior, where load transfer due to
cornering influences the tire load and thus the cornering force. In this chapter
the latter will be considered in detail. For this a short study into the influence
of varying the amount of damping on the front and rear axle is presented in
Section 5.2. The framework for the design of a controller is shown in Section 5.3,
with the real time implementation being discussed in Section 5.4. Simulations
with this controller are shown in Fig. 5.5. Finally, the chapter finishes with some
conclusions.

5.2 Open loop damper variation

It is wel known that the anti-rollbar stiffness distribution influences the vehicle
handling dynamics [17] [55]. By using a stiffer anti-rollbar at the rear, the vehicle
handling will change towards oversteer, whereas a stiffer anti-rollbar at the front
makes the vehicle more understeered. For vehicle roll damping this is also true,
however this has been studied much less in literature. The multi-body vehicle
model as introduced in Chapter 3 allows for the analysis of the influence of
damper changes on the handling of the vehicle. In this model the dampers on
each corner can be adjusted to achieve a high or low damping forces. Similar to
the anti-rollbar the damping characteristics per axle are considered such that an
axle has either hard or soft damping. A lane change like input with δsw = 50◦

and a forward velocity of 30 m/s is used for the analysis. This velocity and
steering input result in a large lateral acceleration and thus a large roll velocity,
thereby allowing for a large adjustment range in roll damper force. The results
of this exercise for different setting of front and rear damping can be seen in
Fig. 5.1. As the figure shows, the damper settings do not influence the initial
response of the yaw-rate. Beyond the yaw-rate peak the rate of convergence is
influenced by the damper setting though, with the fastest decrease for the hard
front and soft rear setting. The slowest convergence is seen by the inverse of this
setting.

The lateral acceleration and vehicle side slip angle can be influenced earlier in
the manoeuvre by changing the damper settings. The peak difference in lateral
acceleration is 0.5 m/s2 between front soft rear hard and its inverse. For the
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vehicle side slip angle, β, the difference between the peak values is 0.7◦. More
noticeable is that the peaks occur in a different moment of the manoeuvre, lying
0.7 s from each other. From the simulations it is clear that, although only in the
transient state, there is an influence of the dampers on the vehicle handling.

The main cause of this difference is the way the roll moment is distributed
over the front and rear axle. With a large front and small rear damping the
majority of the roll moment in transient is supported by the front axle. This
results in a higher vertical forces on the outside tire, which means a decrease in
effective cornering stiffness and peak friction coefficient resulting in an increased
side slip angle at the front and thus a more understeered vehicle. Obviously, the
opposite is true when considering soft front damping and hard rear damping.

5.3 Controller design

The influence of a steering action on the vehicle motions becomes less at high
lateral acceleration [71], [50]. The main cause of this decrease is tire saturation
at high lateral accelerations. As apparent from Fig. 5.1, the dampers influence
the overshoot of lateral acceleration in the transient state. The objective of this
research is to achieve a reduction of the lateral acceleration overshoot and in
this way maximize the potential for steering corrections.

To achieve the objective of minimal lateral acceleration overshoot the vehicle
is required to follow a reference behavior that does not exhibit this behavior. A
suitable control layout for this is presented in Fig. 5.2. Here, a reference model
is driven by the vehicle forward velocity, vx, and steering wheel input, δsw. The
output of this reference model is a lateral acceleration which is compared to the
vehicle lateral acceleration. If these two values do not match, a control action
is taken. Since no overshoot is desired, the reference model is chosen as a first
order transfer function

Hay =
Kδ→ay (vx, δsw)

1
2πfe

s+ 1
. (5.2)

With Kδ→ay (vx, δsw) designed such that it has similar steady-state behavior as
the uncontrolled vehicle. Furthermore, fe, determines the crossover frequency
of the first order system. Since the damping has a non-linear influence on the
vehicle handling and it is only effective when there is a vertical or roll velocity,
standard linear control techniques cannot be used to design a controller. An
optimization routine is therefore designed that determines the optimal damping
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Fig. 5.2. Layout for damper control.

at each optimization step. The objective for this is formulated as

minJay =

∫ t=tend

t=0

(ayref − ayCOG)
2
dt (5.3)

s.t. drollF,min ≤ drollF ≤ drollF,max

drollR,min ≤ drollR ≤ drollR,max.

To determine the front and rear damping coefficient, an optimization routine is
used on a pre-defined manoeuvre. With the multi-body model as discussed in
Chapter 3 this would be a time-consuming exercise. A roll-axis model that cap-
tures all the relevant dynamics is therefore created and used in the optimization.

5.3.1 Roll-axis model

The roll-axis as shown in Fig. 5.3 represents the planar vehicle dynamics and the
vehicle body roll degree of freedom [13] [66]. With this roll degree of freedom load
transfer is also introduced. The model allows for the choice of different roll center
heights for the front and rear, as well as different roll stiffness and damping. The
tires are described by the TNO Delft-Tyre software package, which implies that
the non-linear characteristics of the tires are included. Only considering the roll
degree of freedom instead of individual wheel motion implies that the dampers
as used in the multi-body model should be approximated by two roll dampers,
one at the front and one at the rear axle. Based on the conventional dampers
in the BMW, the minimum and maximum roll damping for the roll-axis model
has been determined, the values are shown in Table 5.2. For simplicity reasons,
a linear roll damping coefficient is used.

5.3.2 Axle damping optimization

With the roll-axis model, fast simulations can be performed in order to determine
the ‘optimal’ roll damping using an optimization routine. For simplicity reasons
this optimization is performed for a single step steer input with an amplitude of
dsw = 50◦. The optimization routine requires discrete points on which a control
action, i.e. vary the damping, can be taken. For this, a time spaced grid, as
shown in Fig. 5.4 is used. In this figure the grid is shown on the steering wheel
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Table 5.2. Minimum and maximum roll damping for the front and rear
axle of the roll axis model.

Minimum Maximum

drollF [Nms/rad] 1000 3000
drollR [Nms/rad] 1250 4000

input and reference lateral acceleration. As can be clearly seen, large time steps
are chosen up to 1 s since the vehicle is still driving straight. Beyond 1 s the
step size is chosen to be 0.025 s, which fine enough to capture all the relevant
dynamics, but still allows for fast optimization by limiting the number of data
points. With this grid the objective formulated in (5.3) reduces to

minJay =
i=N∑
i=0

(ayref (i)− ayCOG(i))
2

(5.4)

s.t. drollF,min ≤ drollF ≤ drollF,max

drollR,min ≤ drollR ≤ drollR,max.
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Using a constraint optimization routine in combination with the objective func-
tion and constraints gives the results as shown in Fig. 5.5. From this figure it
can be seen that, although there is only a small change, that the lateral ac-
celeration of the vehicle is influenced by actively controlling the dampers. It
is clear that if the lateral acceleration error is larger than zero - the reference
acceleration is larger than the plant acceleration - the rear damping is selected
hard and the front damping is selected soft. If the error is smaller than zero -
the vehicle exhibits an overshoot compared to the reference - the front damping
is selected to be hard and the rear damping is set to soft. From the plot it can
also be seen that the optimization almost exclusively selects either the hard or
soft damping setting leading the question if a larger adjustment range would be
more beneficial.

In the initial response, from 1 to 1.3 s no change in the vehicle behavior is
present which is caused by the semi-active nature of the suspension. At this point
the roll velocity is not yet large enough for the dampers to exhibit a significant
force.

5.3.3 Influence of damper adjustment range

As was discussed in the previous section, the damper adjustment range has a
large influence on the possible improvements of lateral acceleration. The same
optimization as was performed in Section 5.3.2 but now with an increased range
as listed Table 5.3.

Running the optimization for a step steer input of δsw = 50◦ results in the
plot as shown in Fig. 5.6. From this figure it becomes immediately apparent that
beyond 1.4 s it is possible to follow the reference behavior and thus minimize
the lateral acceleration overshoot. Again the front damping is soft and the rear
damping hard when the error is larger than zero. When the error becomes
smaller than zero the front damping becomes hard and the rear damping soft.
Effectively this makes the vehicle more understeered. Note that in this case the
damping is chosen sufficiently large that the front damping does not reach it
maximum value. The yaw-rate reaches its steady-state value significantly faster
than the uncontrolled vehicle. Important to note is that even with this significant
increase in adjustment range not much can be done about the first 0.4 s since the
roll velocity is not large enough to allow for the dampers to change the vertical
tire force distribution.

5.4 Real time implementation

In the previous sections it is shown that it is possible to change the vehicle
behavior with only the dampers. It is, however, required to have a roll velocity
for the dampers to be able to influence the dynamics. Furthermore, although the
optimization routine shows that improvements can be made, this is no suitable
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Table 5.3. Minimum and maximum roll damping for the front and rear
axle with an increased damper envelope.

Minimum Maximum

drollF [Nms/rad] 500 10000
drollR [Nms/rad] 500 12000
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Table 5.4. Controller parameters for lateral acceleration control with
the semi-active suspension.

Kpi Kdi fLPi [Hz]

Front 10000 6000 10
Rear 10000 5000 6

method for real-time implementation as it is too time consuming and future
knowledge is required. It is therefore required to design a controller that is
capable of influencing the vehicle dynamics in real-time.

From the optimizations performed in the previous sections it becomes clear
that the following holds true for the selection of the damper coefficient

ayref − ayCOG > 0, drollF > drollF,nom, drollR < drollR,nom

ayref − ayCOG < 0, drollF < drollF,nom, drollR > drollR,nom
. (5.5)

Here, drollF,nom and drollR,nom are the nominal damping coefficients of the front
and rear axle respectively. Following the approach of [50] where the yaw-rate
is controlled using the dampers, a PD controller is chosen to control the roll
damping. Obviously, saturation has to be included since the adjustment range
of the damper is limited. The controlled damping coefficient can then be written
as

drollF =drollF,nom − sign (ayCOG) droll,actF with (5.6)

droll,actF =
KpF +KdF s

1
(2πfLPF )2

s2 + 1
(πfLPF )s+ 1

(ayref − ayCOG)

drollF,min < drollF < drollF,max

drollR =drollR,nom + sign (ayCOG) droll,actR with (5.7)

droll,actR =
KpR +KdRs

1
(2πfLPR)2

s2 + 1
(πfLPR)s+ 1

(ayref − ayCOG)

drollR,min < drollR < drollR,max

where a low-pass filter is implemented to mitigate high frequency noise other-
wise created by the PD controller. By minimizing the error between the lateral
acceleration that is achieved using the offline optimization and the lateral ac-
celeration that results from the vehicle equipped with PD control KpF , KpR,
KdF , KdR, fLPF and fLPR can be determined. A suitable choice is presented
in Table 5.4.
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controlled damping. (δsw =90◦, vx = 30 m/s).

As is shown in Fig. 5.7 the PD-controller matches the behavior of the opti-
mally controlled semi-active suspension. Differences observed beyond 1.8 s are
caused by the small difference between the reference behavior and controlled
vehicle. However, this does not influence the vehicle dynamics significantly any-
more.

5.5 Extreme manoeuvre

To show the benefit of actively controlling the roll damping the vehicle is put
through an extreme step steer manoeuvre that destabilizes the uncontrolled ve-
hicle. A comparison with this uncontrolled vehicle is made, which is shown
in Fig. 5.8. As is visible the uncontrolled vehicle exhibits a overshoot in the
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lateral acceleration, which is undesired as it reduced the potential for steering
corrections. The yaw-rate as well as the vehicle side slip angle keep increasing
while the steering wheel angle is constant, this implies that the vehicle is un-
stable. The vehicle with controlled damping suppresses the lateral acceleration
overshoot and thus prevents the vehicle from becoming unstable. This is done
by first making the front damping soft and the rear damping hard. After 1.2 s
the inverse happens and the vehicle is effectively made more understeered by
supporting most of the roll moment on the front axle.

5.6 Conclusion

In this chapter the main research question was to develop a controller that influ-
ences the vehicle lateral dynamics using semi-active suspension. The objective
for this was to reduce the overshoot of the lateral acceleration since the influ-
ence of steering becomes less at higher lateral acclerations. A first order transfer
function is used as reference model, since it does not exhibit any overshoot. A
simple roll-axis model is then used in a constrained optimization routine. This
optimization is performed for a step steer input which results in a control se-
quence of the front and rear damping. It is found that in most cases the extreme
values of the front and rear damping are chosen which was expected from the
constrained optimization. It has to be noted furthermore, that if the lateral
acceleration error is larger than zero the rear damping is selected hard and the
front damping soft. For a negative lateral acceleration error the inverse is true.
It is shown that with the normal range of damper adjustment the influence on
the vehicle dynamics is limited, however a larger range of damper adjustment
range allows for more influence on the vehicle dynamics.

A problem of the optimization is that it cannot be implemented in real-time.
Therefore, a controller has to be designed that allows for real time implementa-
tion. With knowledge of the results of the optimization, a PD controller with
low pass filter is designed that mimics the results of the controller determined
through optimization. It is shown that the PD controller performs similar to the
results achieved with the optimization. Furthermore, it shown via simulations
that during an extreme manoeuvre the controlled vehicle can be stabilized using
the dampers, whereas the uncontrolled vehicle would spin.
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Chapter 6

Steer-by-wire potential

6.1 Introduction

In a steer-by-wire (SbW) vehicle the mechanical connection between the steering
wheel and steering rack is replaced by motors and actuators as shown in Fig. 6.1.
The motion of the steering wheel is registered by a rotation sensor. This position
is then fed to a computer that calculates the required steering rack position
depending on the control algorithm implemented. This rack motion results in
an angle of the front wheels which will develop a lateral force, this results in
a force on the steering rack. This force is used to calculate a feedback torque
which is fed back to the steering wheel using a force feedback motor. Various
papers have been written about control of the SbW system in the past, however,
the requirements and limitations for implementation in a real vehicle have not
been discussed in detail in the open literature. Therefore this subject will be
treated in this chapter.

Steer-by-wire has been discussed extensively in literature, a short overview
of papers discussing the hardware is given here. Ackermann [6] uses SbW to
decouple the lateral dynamics from the yaw dynamics. As required bandwidth
for the SbW actuator the author mentions a minimum of 10 Hz bandwidth for a
steering amplitude of 2◦. The expected human steering input is discussed in [3],
where it is shown that during normal driving the frequency input never exceeds
0.5 Hz. Actuator rate limits are examined in [4]. The actuator is modeled as a
mass-spring-damper system with critical damping in which the eigenfrequency
is a variable parameter. Depending on the control strategy chosen, an eigenfre-
quency of 3.15 Hz or 1.3 Hz is required.

In [91] SbW is used to modify the front cornering stiffness as seen from the
steering wheel. For this a Chevrolet Corvette has been converted. The normal
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Fig. 6.1. Steer-by-wire layout.

steering column is cut in half and two identical motors are place there. The
maximum torque of these motors is 17.1 Nm with a maximum angular velocity
of 700◦/s. It is not clear if the normal power steering of the Corvette is still in
place.

An optimal suspension design for SbW is described in [58], in which individual
motors for each steered wheel are considered. The author finds that an optimal
suspension geometry exists that minimizes the steering axis reaction torque. In
the Stanford P1 SbW test vehicle currently in use, torque about the steering
axis ranges between -200 and 100 Nm.

The analysis performed by Ackermann is enhanced in [93] by making both
higher yaw damping and decoupling possible. Furthermore, experiments with
an Audi A6 are performed which clearly show the benefit of SbW in terms of
enhanced vehicle stability. For the steer-by-wire system two brushless motors
are installed in the rack assembly, the response time of the system is 25 ms.
According to the authors this is fast enough.

Design of the human feedback device, i.e. the top part of Fig. 6.1, is discussed
in [52]. The author has selected an industrial motor to provide feedback. It is
capable of developing a peak torque of 31 Nm with a nominal power of 3900 W.
Torque is measured by four strain gauges placed on the steering column. Filter-
ing of the steering wheel angle is done at a cutoff frequency of 12.77 Hz as the
author argues human torque input never exceeds 4 Hz, which means the position
input is most likely even lower since it results from the second integral of the
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driver’s torque. The bandwidth of the filter on the feedback torque motor is,
however, set to 195.5 Hz, see [52].

As is visible from this literature review, numerous requirements on the basis
of speed and torque are mentioned. However, no systematic justification for the
used values seems to be given. In this chapter the justification will be given
based on measurements and simulations. For this, the steering system as shown
in Fig. 6.1 will be discussed from top to bottom. Section 6.2 is dedicated to the
input provided to the steering wheel, i.e. human steering input during normal
driving and also human limitations in extreme manoeuvres. In Section 6.3 the
force requirements for the steering rack are formulated based on simulations a
verified multibody model of a middle class saloon and measurements performed
on the parking behavior of the tires. In Section 6.4 limitations of the vehicle are
discussed. Finally, conclusions are presented in Section 6.5.

6.2 Human behavior

For normal driving conditions a steer-by-wire system is expected to behave sim-
ilar to a conventional steering system. Human behavior is therefore identified.
Unfortunately the fully equipped vehicle as described in Chapter 2 is not road le-
gal. This section is therefore based on measurements performed with a VW Lupo
which is equipped with a steering wheel torque and angular position sensors.
Note that this vehicle is not equipped with power steering.

6.2.1 Normal Driving

To identify human behavior the steering wheel angle, velocity and torque are
logged during various driving conditions, such as urban driving, rural areas and
highway driving. In the measurements it is found that city driving requires the
most effort in terms of steering motion, steering speed and maximum torque, see
Table 6.1. An outtake of the measured city driving is shown in Fig. 6.2. This
figure shows typical steering speed, δ̇sw, which reaches 200◦/s with an occasional
peak up to 400◦/s. The peak steering wheel torque in the small family hatchback
is 12 Nm, which is subjectively already qualified as being ‘heavy’ steering. A
larger sized saloon produces a peak torque of 17 Nm which is experienced as
being very uncomfortable by the driver [10] and should therefore be seen as the
peak value required, this agrees with the motor choice of Yih et al. [91] which
could deliver 17 Nm peak torque. In the experiments, peak power exerted by
the driver during city driving is 60 W.

6.2.2 Extreme behavior

To see what humans are capable of in terms of steering speed, several drivers
are asked to perform a sinusoidal movement of the steering wheel in which they
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Fig. 6.2. Measured steering input for a city drive with an instrumented
VW Lupo.
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Table 6.1. Steering wheel input for various driving situations.

max |δ̇sw| [◦/s] max |Tsw| [Nm]

City 400 12
Rural area 250 12
Highway 100 6

should attempt to move it as fast as possible. All measurements are performed
at a constant speed of approximately 50 km/h on an empty road.

It is found that humans are capable of steering speeds up to 1000◦/s with
frequencies reaching 3.5 Hz. Obviously this does not include reaction delays
that humans would normally have if the car suddenly behaves unexpectedly.
Peak torque during this manoeuvre was 10 Nm resulting in a peak power of
approximately 140 W.

6.3 Rack force requirements

The rack force analysis is two-fold. On the one hand an extreme manoeuvre, a
double lane change is performed to determine the required rack forces. Since this
manoeuvre can only be performed on a test track, the BMW 318i as described
in Chapter 2 will be used. Besides the extreme driving manoeuvre, a parking
simulation is performed in using measured characteristics of a real tire.

6.3.1 Extreme manoeuvre

To determine the maximum rack force required in extreme cornering multiple
manoeuvres such as a double lane change, J-turn and braking in a turn have
been performed. From these measurements it is found that a double lane gives
the highest rack forces. In this manoeuvre both high lateral acceleration and
yaw-rate are achieved, see Fig. 6.3, which results in large tire forces and thus also
rack forces. Furthermore, high steering velocities (up to 1000◦/s) are required
to perform this manoeuvre. It includes an initial steering motion to the left, as
a result, the lateral acceleration builds up to a peak value 10 m/s2. The steering
wheel is then turned into the other direction, resulting in a lateral acceleration
of -10 m/s2. Not only these high lateral accelerations are interesting, but the
effect of vehicle load transfer due to the changing steering angle is interesting
for the vehicle behavior.

In Fig. 6.4 the measured forces required for each steering arm are shown.
It can be seen that the peak rack force required for each individual wheel is
4500 N. Summing left and right shows that the peak force on the steering rack
is 5510 N, due to load transfer of the car this is not double the individual wheel
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Fig. 6.4. Measured rack force versus rack velocity for a double lane
change manoeuvre.

force. Peak rack speed required is approximately 0.15 m/s. Maximum total rack
power required is 420 W.

6.3.2 Parking

Parking is usually experienced as a labor intensive activity, forces on the steering
rack during such a manoeuvre are therefore taken into consideration as being
critical for the design of a steer-by-wire system. Measurements have therefore
been performed of such a manoeuvre. For this the steer-by-wire test vehicle as
introduced in Chapter 2 was used. A steering rack position was prescribed from
-3 to 3 cm and the force on the individual steering arms was measured.

Fig. 6.5 the measured rack force as a result of the parking manoeuvre. Peak
rack force is 4970 N, which is slightly less than for the double lane change
manoeuvre. Note that the right rack force is larger than the left due to a
difference in weight between the left and right side. Besides this, there was no
exact information of the road condition. As [58] shows this force is a function
of the suspension geometry and thus changes if the front suspension is chosen
differently. From this it can thus be concluded that parking behavior of the
tires does not define the maximum actuator force requirements of the steering
system.



84 Chapter 6. Steer-by-wire potential

−0.03 −0.02 −0.01 0 0.01 0.02 0.03
−5000

−4000

−3000

−2000

−1000

0

1000

2000

3000

4000

5000

ysr [m]

F
s
r

[N
]

 

 

Left

Right

Total

Fig. 6.5. Measured rack force for a parking manoeuvre.

6.4 Vehicle limitations

The steer-by-wire system is expected to behave similar to a conventional steering
system for normal driving situations. Only in limit handling situations, when
the driver is prone to losing control of the vehicle, the system should be used to
stabilize the vehicle. The additional functionality of steer-by-wire will therefore
be mostly required in situations that correspond to high lateral acceleration
and thus the non-linear region of the vehicle behavior. It is likely that the
frequency response, that can be determined with a linear dynamics model, is no
longer valid in those situations. Therefore, the multi-body model of the BMW
is used to determine the frequency up to which a steering input can influence
lateral acceleration and yaw-rate. A constant forward velocity is selected and
maintained by a simple PI cruise controller. The vehicle is then steered up to
a lateral acceleration of 7 m/s2. When this value is reached the steering wheel
angle is varied sinusoidally with an amplitude of δ∆ (here 20◦). The steering
angle thus becomes

δsw = δsw,ss + δ∆ sin(2πft) (6.1)
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with f = 0.1, 0.2 . . . 49 Hz. A graphical explanation of this is given in Fig. 6.6.
For reference the steady state behavior of the vehicle is shown. Starting from this
steady state curve at δsw = δss the steering wheel angle is varied sinusoidally,
which will result in the behavior as shown by the dashed red line in the figure.
This effective behavior will change with frequency as Fig. 6.7 shows. From this
figure it is clear that with increasing frequency the slope

ayCOG

dδsw

∣∣∣∣
δsw=δss

(6.2)

of the lateral acceleration at δsw = δss changes with increasing frequency. This
will therefore be used as a performance measure to show the effect of steering
with increasing frequency. A similar plot can be made for the yaw-rate, this will
be used as a performance measure too. Since all results are acquired using the
multi-body model, various features such as tire relaxation and finite stiffness of
the front suspension can be turned on or off in the model. These results will
also be presented below.

6.4.1 Lateral acceleration response

The response of the lateral acceleration to varying steering wheel angle for the full
range of frequencies can be seen in Fig. 6.8. It is clear that for low frequencies
the vehicle behavior is similar to that of a linear bicycle model. For higher
frequencies the behavior is clearly different. As can be seen from the results of the
model with increased front suspension stiffness and the model without relaxation,
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Fig. 6.7. Effective behavior of the lateral acceleration of the multi body
model for various frequencies.
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Fig. 6.8. Lateral acceleration response for sinusoidally varying the steer-
ing wheel angle at 7 m/s2, note that this is not a transfer function due to
the large amplitude of the steering wheel angle used.

limits in the front suspension stiffness as well as tire relaxation contribute to this
difference.

From the slope of the lateral acceleration it is visible that at 1.4 Hz the
slope becomes negative, hinting at a large phase lag between the input steering
wheel angle and output lateral acceleration. This can be fully contributed to the
dynamics of the vehicle body. As is visible, a mayor contributing factor is the
tire relaxation behavior. Beyond 24 Hz the negative slope can be contributed to
a combination of phase delay due to the limited stiffness in the suspension and
tire relaxation.

The size of the hysteresis loop as shown in Fig. 6.7 changes with increasing
frequency. It first grows up to 1 Hz after which it decreases again. The vehicle
eigenfrequencies play an important role in the size of the hysteresis curves.

6.4.2 Yaw-rate response

The yaw-rate response to sinusoidally varying the steering wheel angle at 7 m/s2

is shown in Fig 6.9. Again, this respons mimics the response of a linear bicycle
model for low frequencies. For the multi-body model the slope drz

dδsw
becomes

negative beyond 2.7 Hz. As is visible from the figure, tire relaxation plays
an important role in this. Without tire relaxation the slope becomes negative
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angle at 7 m/s2, note that this is not a transfer function due to the large
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beyond 5 Hz. Based on simulations using the multi-body model of Chapter 3
it is shown that compliance in the front suspension does not influence the yaw
dynamics significantly.

6.4.3 Rack force requirements

From the lateral acceleration as well as the yaw-rate it becomes apparent that, al-
though the effectiveness of a steering action decreases with increasing frequency,
there is still potential for controlling the vehicle dynamics. The maximum rack
force required for the sinusoidal steering input is shown in Fig. 6.10. Up to
approximately 4.5 Hz the required rack force is 5100 N, beyond this frequency
the inertia of the rack becomes apparent and the required rack force rapidly
increases up to more than 20000 N at an actuation frequency of 50 Hz. Given
these large numbers and the results from the previous section it is recommended
not to go beyond the 10 to 20 Hz bandwidth as this takes too much force and
as a result too much power. The steer-by-wire test vehicle shown in Chapter 2
achieves a 20 Hz bandwidth for a stroke of 1 mm.
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6.5 Conclusion

In this chapter the selection criteria for a steer-by-wire system are presented.
It is found that during normal driving, steering speeds never exceed 400 ◦/s.
However, testing shows that the peak steering input velocity a human can pro-
vide is in excess of 1000 ◦/s. The peak frequency input a human can deliver
is approximately 3.5 Hz. Considering the vehicle capabilities it is clear that
steering beyond this frequency is still useful. Although it is more effective at
low frequencies, even at 10 Hz the lateral acceleration and yaw-rate can still be
influenced.

Force requirements are dictated by an extreme manoeuvre, measurements
for a double lane change show that a peak rack force of 5510 N is necessary to
follow the trajectory. The maximum power required is 487 W. Depending on the
controller bandwidth chosen the rack force increases significantly as is apparent
from the steering force for sinusoidal inputs, which increases beyond 4.5 Hz due
to the inertia of the system.





Chapter 7

Steer-by-wire control

7.1 Introduction

”The average driver rates themselves as better than average” is an often heard
sentence when discussing driving skills. Be that as it may, but the average
driver usually fails to maintain the vehicle in a stable and controlled state when
surprised by unexpected vehicle behavior. For one, it is difficult for the driver
to recognize the coefficient of friction between the tires and road and he typi-
cally has no idea of the vehicle’s limits. Secondly, once this stability margin is
surpassed, drivers are often surprised and react in a wrong way [82].

Over the last decade major steps have been taken in the improvement of
vehicle safety by means of brake operated safety systems such as ABS and ESC.
The first system greatly increases vehicle controllability in emergency braking
situations by preventing wheel lock. Since a locked wheel can only generate
a force opposite to its direction of travel it is useless in an evasive maneuver
as no lateral forces can be developed. By controlling the brake pressure ABS
tries to maintain a rotating wheel thereby allowing the tire to also generate a
lateral force [35]. The ESC system influences the yaw and side slip dynamics
of the vehicle by individually braking wheels, thereby creating a corrective yaw
moment.

More recent development in the field of vehicle control are four wheel steer-
ing [73] and active front steer [54]. Four wheel steering is mostly installed to
enhance vehicle maneuverability at low velocities by applying a rear wheel steer-
ing angle opposite to the front wheel steering angle. At higher velocities the rear
wheels are steered in the same direction as the front wheels to increase stability.
Active front steer can be found on modern BMWs and is capable of influencing
the road wheel angle by means of actuating a planetary gear set in the steering



92 Chapter 7. Steer-by-wire control

column. Its application is two-fold, with on the one hand allowing for steering
ratio variation, depending on forward velocity and on the other hand influencing
the vehicle stability.

A feature that has not been explored as extensively as the aforementioned
systems is steer-by-wire. Compared to the active front steer of BMW there is
no physical connection between the steering wheel and front wheels any more,
allowing for greater flexibility. On the one hand the steering wheel torque can be
chosen freely, this is discussed extensively in [10]. Besides this, the vehicles yaw
dynamics can be influenced easily with steer-by-wire, not only in limit handling
situations, but also in normal driving. For instance [92] uses a steer-by-wire
system to change the vehicles front cornering stiffness. A full state feedback
controller is introduced to modify the handling dynamics. With a modified
Chevrolet Corvette it is shown that the cornering stiffness can be reduced in
practice.

An extensive review of 68 papers on yaw-rate and side slip control is given
by [60]. One of the main conclusions of the paper is that there is still a significant
research effort required to address the subjective performance of systems. Fur-
thermore, more research is needed to develop schemes that integrate systems to
achieve high level performance objectives. A clear function of active steering in
addition to current day ESC systems is found in the sense that it can attenuate
the yaw response of the vehicle whilst for instance braking on a split-µ surface.
The work of Ackermann [2], [7] is also discussed, the author is critical about the
work as he argues that the systems’ performance is questionable in limit han-
dling situations. Another critical aspect is the lack of hardware specifications
for the tests that were performed.

A controller to stabilize the vehicle in high slip conditions is developed in [87].
A phase plot of the vehicle side slip angle and yaw-rate is used to identify the
vehicle behavior. It is found that three equilibria exist, one stable for straight line
driving and two unstable equilibria corresponding to high side slip maneuvers.
To control these unstable equilibria a state feedback controller is proposed. With
measurements on a test vehicle it is shown that the controller works properly,
even when the vehicle state is disturbed momentarily.

An often used addition to steer-by-wire of the front wheels is rear wheel
steering [61]. With this addition the yaw-rate and lateral velocity of the vehicle
can be controlled independently of each other. For the front and rear wheel
steering wheel angles two PI controllers are used with the control gains expressed
as a function of the desired eigenvalues. Using the H∞ norms of the transfer
functions, an optimization is performed to determine the gains. Vehicle side slip
angle tracking up to 1 Hz and yaw-rate tracking up to 10 Hz is achieved. As
an added benefit the phase lag between the yaw-rate and lateral acceleration is
reduced.

A combination of steer-by-wire and longitudinal control is presented in [28],
where an extremum seeking controller is introduced to control the longitudinal
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tire forces. For steer-by-wire an LQR controller based on yaw-rate and vehicle
slip angle is designed. The desired yaw-rate is set by a saturated first order
transfer function, whilst the reference vehicle slip angle is set to zero. Simulations
show that for both an emergency braking situation as well as braking on a µ-split
surface the controlled car manages to follow the reference behavior, whereas the
open loop vehicle spins. Thus, a clear benefit of steer-by-wire over yaw-rate
control with the brakes only is shown.

A non-linear controller for an electric vehicle with four independent motors
and steer-by-wire is developed in [89]. The controller is set up such that it
considers all the forces and moments as acting on the center of gravity of the
vehicle. Input-output linearization is performed such that a linear controller can
be implemented. The downside of this approach is that the full vehicle state has
to be known. Control allocation is based on a pseudo-inverse of the input matrix,
that describes the influence of each actuator on the center of gravity. By means
of an unscented Kalman filter the vehicle states are estimated. Simulations
with a single sine steering input as well as with µ-split braking show that the
controlled vehicle exhibits more stable behavior and requires less input from the
driver.

Common to the aforementioned control schemes is that either a linear con-
troller is used on what is in essence a highly non-linear system, or a non-linear
controller is used which requires detailed knowledge of the vehicle dynamics.
Both methods show to be successful in the range of operation for which the
controller is designed but no mention is made about the behavior for other con-
ditions. In [12] this problem is recognized. As a solution not the steering wheel
angle, but the front tire force is considered as input. Model predictive control
is then used to determine the required control input. For each time step of the
MPC controller, it is assumed that over the horizon of 150 ms the input is kept
constant. During this 150 ms interval it is assumed by the author that the states
can be calculated using a linear bicycle model.

From the literature review it becomes clear that yaw-rate and vehicle side slip
angle are the used for control. Both states are required to behave stable, however
the vehicle side slip angle is difficult to measure in practice. Therefore, only the
yaw-rate will be considered in this chapter. It is required to exhibit stable
behavior in all situations, which in the linear case means that the poles should
have a negative real part. Furthermore, fast convergence of the error dynamics is
required, such that the vehicle behaves the same as the reference model. Forward
velocity dependency of the vehicle dynamics is recognized in [61], however, this
is not included in the control structure. When implementing these forward
velocity dependent dynamics in closed loop control, it has a large influence on
the closed loop stability and performance. One of the objectives in this chapter is
therefore to design a controller that makes the closed loop dynamics independent
of forward velocity and thereby achieve constant tracking behavior. Obviously,
the reference behavior can still be designed to be dependent on the forward
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velocity, resulting in normal vehicle behavior from the viewpoint of the driver.
Besides the dependency of forward velocity, the tires behave non-linear in limit
handling situations which could influence the yaw stability of vehicle. This non-
linear tire behavior was dealt with in [12] using model predictive control which
computationally expensive. In this chapter the problem of the non-linear tire
behavior is recognized, it is therefore required that the controller accounts for
possible variations in the tire behavior. A robust control analysis is therefore
used to design a controller that is stable for these variations in the tire behavior.

The outline of this chapter is as follows. First the vehicle model is intro-
duced including an uncertainty in the cornering stiffness, which captures the
non-linear tire behavior. After this, a nominal controller will be presented. In
Section 7.4 this controller is analyzed for parameter variations in the model.
The performance under the influence of uncertainties is shown in Section 7.5.
Subsequently, the performance of the controller on a multi-body vehicle model
is shown. Finally conclusions are drawn.

7.2 Vehicle model

For design and analysis of the vehicle controller the well known bicycle model
is used [66]. In this model only the planar vehicle dynamics are considered, fur-
thermore, it is assumed that the longitudinal velocity vx varies slowly compared
to the other dynamics. The longitudinal dynamics are therefore neglected. The
lateral and yaw motion of the vehicle center of gravity are the only degrees of
freedom under consideration, these can be written as

ẋp =

[
v̇y
ṙz

]
= Apxp +Bpδ (7.1)

yp = rz = Cpxp (7.2)

Ap = −

[
C1+C2

mvx
C1a−C2b

mvx
+ vx

aC1−bC2

Izzvx

a2C1+b2C2

Izzvx

]
, Bp =

[ C1

m
aC1

Izz

]
, Cp =

[
0 1

]
. (7.3)

(7.4)

With this state space, the transfer function becomes

Gp = Cp (sI −Ap)
−1

Bp =

C1vx ((a+b)C2+amvxs)

(a+b)
2
C1C2+((C1+C2) Izz+m (aC1+bC2)) vxs+m (bC2−aC1+Izzs2) v2x

.

(7.5)

Here, rz represents the vehicle yaw-rate and vy the lateral velocity. The vehicle
mass and inertia are represented by m and Izz respectively. The parameters
a and b represent the distance between the front and rear tire to the center of
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Fig. 7.1. Bicycle model .

gravity respectively, see Fig. 7.1. The input to the model is the steering wheel
angle δ. Finally, the front cornering stiffness is C1 and rear cornering stiffness C2.

As was discussed before, the tires behave non-linear in limit handling situa-
tions, this can be seen as a change of the cornering stiffness of the front and rear
tire. The front and rear cornering stiffness are therefore assumed to be within
the range

C1 ∈ [C−
1 , C+

1 ] with C1nom =
C−

1 + C+
1

2
(7.6)

C2 ∈ [C−
2 , C+

2 ] with C2nom =
C−

2 + C+
2

2
. (7.7)

The nominal cornering stiffnesses, C1nom and C2nom, are chosen as the average
between the minimum value, C−

1 and C−
2 , and the maximum value, C+

1 and C+
2

respectively. The values of the cornering stiffness are chosen such that the vehicle
does still maintain a level of grip. If C−

1 goes to zero, steering cannot influence
the vehicle dynamics anymore. It is assumed that the mass, inertia and distances
to the center of gravity are fixed and that the tires do not saturate fully. In real-
life these values could be estimated using for example stroke sensors and a known
vertical stiffness of the suspension. The vehicle parameters are summarized in
Table 7.1.

7.3 Nominal controller design

In a steer-by-wire vehicle there is no mechanical connection between the steering
wheel angle δsw and rack motion, represented by the rack angle δrack. A con-
troller that manages both the rack position and feedback torque on the steering
wheel is required. Here, only the control of the steering rack is considered, for
more details on the steering wheel side see [10]. For control of the rack motion a
feedback controller is used as is shown in Fig. 7.2, here the vehicle is represented
by (7.5). Note that in this control scheme a feed-forward steering wheel angle is
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Table 7.1. Bicycle model vehicle parameters, based on the steer-by-wire
BMW from Chapter 2.

Parameter Value Unit

m 1734 kg
a 1.422 m
b 1.303 m
Izz 1900 kgm2

C−
1 74000 N/rad

C+
1 102000 N/rad

C−
2 100000 N/rad

C+
2 164000 N/rad

drawn. As can be seen from the figure, the driver steering wheel angle is directly
fed through to the vehicle. Obviously, initial response is greatly aided with this
addition. For the design of the feedback controller, this branch is ignored, how-
ever. It is assumed that the reference model can be any physically feasible model
that produces a reference yaw-rate, which only depends on forward velocity, vx,
and driver steering wheel input δsw. The following requirements for the closed
loop behavior have been formulated

1. A small yaw-rate error e = rzref − rz overshoot.

2. Stability, all closed loop poles should thus have a negative real part.

3. Fast convergence of the error dynamics. Ideally the poles are placed such
that the response of the closed loop is beyond human capabilities, per-
forming better than the best driver.

4. Closed loop dynamics that are independent of speed.

The first step in designing a controller is to remove the velocity dependency of
the model. For this the steady state gain of the nominal vehicle, (7.5) can be
formulated as

kδ→rz =
(a+ b)C1nomC2nomvx

(a+ b)2C1nomC2nom + (bC2nom − aC1nom)mv2x
. (7.8)

The dimensionless damping and eigenfrequency of the vehicle are expressed as

βe =
C1nom(Izz + a2m) + C2nom(Izz + b2m)

2
√
Izzm ((a+ b)2C1nomC2nom + (bC2nom − aC1)mv2x)

(7.9)

fe =
1

2π

√
(a+ b)2C1nomC2nom + (bC2nom − aC1)mv2x

Izzmv2x
. (7.10)
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As can be seen from these equations, the damping as well as the eigenfrequency
are a function of the forward velocity, vx. Furthermore, from (7.5) it can be seen
that the location of the zero

s = − (a+ b)C2

amvx
(7.11)

is speed dependent. Taking this zero, the damping, βe, and the eigenfrequency,
fe, into account, we can design a controller

H1(s) =
1

k rz
δ

1
amvx

(a+b)C2
s+ 1

1
(2πfe)2

s2 + βe

πfe
s+ 1

1

1
1

(2πfc)2
s2 + βc

πfc
s+ 1

(7.12)

such that the speed dependent vehicle dynamics are canceled. With the nominal
vehicle model, Gn, where C1 = C1nom and C2 = C2nom, the open loop transfer
function from rzref − rz to rz becomes

L1(s) = H1(s)Gn(s) =
1

1
(2πfc)2

s2 + βc

πfc
s+ 1

, (7.13)

where the eigen frequency fc and dimensionless damping βc can be chosen freely
to achieve the desired open loop transfer function. From this equation it is easy
to see that for s → 0, L1 → 1. Considering the closed loop transfer function
between rref and rz which is defined as

T1(s) =
rz

rzref
=

L1(s)

1 + L1(s)
(7.14)

it can thus be concluded that for s → 0, T1 has a gain of 0.5. Obviously this
is undesirable, as it results in bad tracking of the reference yaw-rate rzref . To
counteract this, the gain of the controller has to be increased such that the
steady state behavior goes to 1. Consider a simple proportional gain kp, the
open loop becomes

L2(s) = kpL1(s) =
kp

1
(2πfc)2

s2 + βc

πfc
s+ 1

. (7.15)

For the closed loop steady state gain this results in

T2(s)|s→0 =
L2(s)

1 + L2(s)

∣∣∣∣
s→0

=
kp

1 + kp
. (7.16)

If kp is chosen sufficiently large, i.e. significantly larger than one, the closed
loop transfer function T2(s) goes to 1 for s → 0, which is required for perfect
tracking.
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Fig. 7.2. Feedback control layout for yaw-rate control.

7.4 Robustness for parameter variation

As is already apparent from (7.1) to (7.5) the vehicle dynamics depend on the
front and rear cornering stiffness. This means that the closed loop system
changes with changing vehicle parameters, which can influence stability. Us-
ing H∞ analysis, bounds can be calculated for the controller parameters. For
this the uncertain plant Gp(s) can be written as

Gp(s) = Gn(s) (1 + wI(s)∆I(s)) |∆I(jω)| ≤ 1,∀ω (7.17)

here wI(s) is a weighting filter designed such that the uncertainty ∆I(jω) ≤ 1
for all ω and Gn(s) the nominal plant, where C1 = C1nom and C2 = C2nom. To
visualize this uncertainty, wI(s)∆I(jω) creates a disc shaped region with radius
lI(ω) around the nominal plant Gn(s) in the Nyquist plot. The radius of this disc
lI(ω) describes the magnitude of uncertainty in the plant and can be calculated
as [74]

lI(ω) = max
Gp∈Π

∣∣∣∣Gp(jω)−Gn(jω)

Gn(jω)

∣∣∣∣ (7.18)

with Π all possible plants within the set of plants defined by the parameter
variation of (7.6). The objective is now to find a weight wI(jω) such that

|wI(jω)| ≥ lI(ω), ∀ω. (7.19)

This radius of the disc shaped region, l(ω), can be calculated using standard
MATLAB tools. An overview of the radius can be seen in Fig. 7.3 which shows
that the size of uncertainty is a function of forward velocity and frequency. The
bounds of l(ω) for ω → 0 and for ω → ∞ can be determined analytically, giving
the lower bound for wI(jω). The largest steady state gain for ω → 0 is achieved
with C+

1 and C−
2 , with C1 = C+

1 the upper bound and C2 = C−
2 the lower bound

of the cornering stiffness. This results in the largest value for l(ω) → 0 which
becomes

l(ω)|ω→0 = lI0 =
mv2x

(
aC1nomC+

1

(
C2nom − C−

2

)
+ bC2nomC−

2

(
C+

1 − C1nom

))
C1nomC2nom

(
mv2x

(
bC−

2 − aC+
1

)
+ C+

1 C−
2 (a+ b)

2
) .

(7.20)



7.4 Robustness for parameter variation 99

The derivation of this expression can be found in Appendix C. For ω → ∞ it
can be written that

l(ω)|ω→∞ = lI∞ = −1 +
C+

1

C1nom
. (7.21)

Again, the proof of this can be found in Appendix C. With the amplitude of
lI0 and lI∞ the low frequency and high frequency lower bounds for wI(jω) are
known. From the shape of l(ω) as seen in Fig. 7.3 we assume that the weighting
filter that describes the disturbance radius l(ω) can be approximated by a second
order filter of the form

wI(s) = lI0

1
(2πfw1)2

s2 + βw1

πfw1
s+ 1

1
(2πfw2)2

s2 + βw2

πfw2
s+ 1

(7.22)

with fw1 and fw2 crossover frequencies and βw1, βw2 damping terms. For this
second order filter it holds that(

fw2

fw1

)2

=
lI∞
lI0

. (7.23)

Using this, together with (7.20) and (7.21) the magnitude of fw1 and fw2 can
be derived as

fw1 = fw + fw∆ = fw +
1−

√
lI∞
lI0

1 +
√

lI∞
lI0

fw (7.24)

fw2 = fw − fw∆ = fw −
1−

√
lI∞
lI0

1 +
√

lI∞
lI0

fw. (7.25)

The parameters fw, βw1 and βw2 are chosen such that up to vx = 40 m/s the
weighting filter wI(jω) is an upperbound for the disturbance radius lI(ω), a
summary of the parameters is given in Table 7.2. In Fig. 7.3 it can be seen that
with this choice of parameters, the magnitude of wI(jω) is always larger than
or equal to lI(ω).

The control parameters can now be determined using the Nyquist stability
criterion. The distance to the point -1 is given by |1 + L2(s)| and the size of
the uncertainty by |wI(s)L2(s)|, see [74]. For the system to be stable we do not
want the point -1 to be encircled, which means that

|wI(s)L2(s)| < |1 + L2(s)|, ∀ω (7.26)∣∣∣∣wI(s)L2(s)

1 + L2(s)

∣∣∣∣ < 1 (7.27)
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Fig. 7.3. l(ω) and w(jω) for vx = 15 and 40 m/s.

Table 7.2. Disturbance weighting filter wI(jω) parameters.

Parameter Value Unit

fw 1.2 Hz
βw1 1 -
βw2 0.7 -

this can be rewritten to

|wI(s)T2(s)| < 1, ∀ω. (7.28)

It can be shown that this condition is sufficient to guarantee stability for each
∆I , even if it is a time varying operator, see [94]. Using this expression the gain
kp can be determined by considering the steady-state gain of T2(s) and wI(s)

kp
1 + kp

≤ 1

lI0
(7.29)

kp ≤ 1

lI0 − 1
. (7.30)

Recall that (7.20) is depending on the forward velocity, vx. This implies that kp
is also a function of forward velocity, a plot of this is shown in Fig. 7.4. From this
figure it becomes clear that kp is negative for velocities smaller than 24.6 m/s,
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Fig. 7.4. Proportional gain kp as a function of velocity vx.

which makes the closed loop unstable. At this velocity 1/|wI(s)| becomes smaller
than 1, which implies that the uncertainties no longer define the upper bound
for |T2(s)| at low frequencies. To prevent the feedback gain kp from becoming
negative, the following additional condition is included

kp =

{
50 if 1

lI0
> 1

min
(
50, 1

lI0−1

)
if 1

lI0
≤ 1

(7.31)

which guarantees that the closed loop is always stable.

The closed loop steady state tracking behavior, T2(s)|s→0, is shown in Fig. 7.5,
from this it becomes clear that for low velocities the tracking behavior is con-
stant whereas at high velocities tracking is less. Obviously this is caused by
the uncertainty of the cornering stiffnesses. With an integrator the tracking
behavior could be improved for higher velocities, however, as 1/|wI(s)| < 1 for
higher forward velocities, vx, and adding an integrator results T2(s) = 1 for low
frequencies, this type of controller does not meet the robustness margins for the
parameter uncertainty.

As was indicated previously fc and βc can still be chosen freely, by choosing
fc=3.5 Hz and βc=7, a bandwidth of approximately 10 Hz is achieved below
24.6 m/s whilst the closed loop step response has no overshoot. Obviously with
increasing vx the bandwidth drops as the gain, kp, decreases.
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Fig. 7.5. Steady state gain of the complementary sensitivity T2(s).

7.5 Robust performance

Besides stability of the closed loop system with parameter variations, good track-
ing of the reference behavior is required, i.e. the behavior of the vehicle is similar
to that of reference model. From the control layout in Fig. 7.2, the sensitivity
function can be derived

rzref − rz
rzref

=
1

1 + Lp(s)
= Sp(s). (7.32)

Here, Sp(s) is the sensitivity function, which is a function of the parameter uncer-
tainty in the cornering stiffness. The nominal and worst case sensitivity function
are displayed in Fig. 7.6 for 15 and 40 m/s. A low value indicates good tracking
of the reference, a high value the opposite. It is clear that for low velocities there
is good tracking of the reference signal up to approximately 5 Hz, as Sp(s) < 0.5.
The difference between the nominal and worst case perturbed plant is not very
significant. For the 40 m/s case the tracking behavior is bad. Considering the
steady state closed loop gain as shown in Fig. 7.5 this is expected. At 40 m/s
the low value of the feedback gain, kp, results in a very low bandwidth and thus
bad tracking behavior.

7.6 Simulations

In this section the multi-body model of a BMW 318i, as discussed in Chapter 3,
will be used to show the performance of the controller developed in the previous
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Fig. 7.6. Worst case and nominal sensitivity with vx = 15 and 40 m/s.

sections. This multi-body model includes non-linear tire behavior, which implies
that the cornering stiffness decreases when a tire experiences large side slip
angles. As a reference the bicycle model, (7.1) to (7.3), is used. The parameters
are chosen such that a neutral steered vehicle is created, see Table 7.3 for a list
of parameters.

Two cases will be discussed, first it will be shown that with the controller, the
normally understeered BMW can be forced to exhibit the behavior of the neutral
steered reference vehicle. For this the steering wheel angle is increased from 0◦

to 50◦ in 0.1 s, similar to a J-turn manoeuvre. Although this input might seem
extreme, it is well within human capabilities, as was discussed in Chapter 6.
The results of this simulation are shown in Fig. 7.7. From this figure it becomes
clear that the baseline vehicle exhibits different yaw behavior in comparison
to the reference model. Furthermore, the effective steering angle, as seen by
the front tires, is slightly lower than the driver input, which is caused by the
finite steering column stiffness in the multi-body model. When considering the
controlled vehicle it is clearly visible that the controller increases the steering
wheel angle to match the reference yaw-rate. As a result, the lateral acceleration
increases as well. Since the lateral acceleration is significantly larger than 4 m/s2

it can be safely assumed that the vehicle is in the non-linear range. From this
it can thus be concluded that the controller is stable for a range of cornering
stiffnesses and that with the steer-by-wire system a different reference behavior
compared to the standard vehicle dynamics can be followed.

The second case considered is that of an external disturbance such as a wind
gust when driving past a lorry. This gust is approximated as a force and moment
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Table 7.3. Reference bicycle model vehicle parameters.

Parameter Value Unit

m 1734 kg
a 1.3625 m
b 1.3625 m
Izz 1900 kgm2

C1 130000 N/rad
C2 130000 N/rad

acting on the vehicle. As an example, a lateral force Fy of 400 N and a moment
of 300 Nm are considered. Obviously, the reference yaw-rate is zero, since the
objective is to drive straight past the truck. The results of this are shown in
Fig. 7.8. From this figure it becomes clear that an uncontrolled vehicle exhibits
a yaw motion as a result of the gust of wind. The controlled vehicle detects that
its yaw-rate is disturbed and counteracts this by applying a steering angle, such
that the vehicle yaw-rate remains zero. The small oscillations that can be seen
in the yaw-rate are caused by the fact that the estimate of the cornering stiffness
of the tires is not exactly within the bounds given by (7.6).

7.6.1 Feed forward control

As was already apparent from Fig. 7.5 the complementary sensitivity decreases
beyond 24.6 m/s. This results in bad tracking behavior of the closed loop, even
at low yaw-rates. To mitigate this, the controller is extended with a feed forward
part, which provides the driver steering wheel input directly to the vehicle, see
Fig. 7.2. A similar structure is chosen in [60], which finds that feed forward with
yaw-rate feedback control is seen as a great benefit as it offers less phase lag
than only feedback. A feed-forward part is commonly found in systems using
braking and/or the drive line to control the yaw motion of the vehicle. The
authors argue that it could also significantly improve performance in steer-by-
wire applications. The total steering angle, with the feed forward part included
then becomes

δrack = δc +
δsc
is

. (7.33)

By using feed-forward the performance of the vehicle in normal situations is
always guaranteed. The controller now only has to take care of disturbances
acting on the vehicle.

An example of a lane change like manoeuvre at vx = 30 m/s is shown in
Fig. 7.9. The trajectory of this manoeuvre is furthermore shown in Fig. 7.10. In
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these two figures it can be seen that the uncontrolled vehicle does not exhibit
stable behavior as the yaw-rate and lateral acceleration show a continuing signal,
whilst the steering input has long been reduced. The trajectory shows that
the uncontrolled vehicle deviates significantly from the reference trajectory and
exhibits a large vehicle side slip angle, indicating that the vehicle is spinning.

The vehicle without feed-forward exhibits stable behavior, however it does
not track the reference behavior very well. This was already expected, as the
controller gain, kp, at vx = 30 m/s is not sufficient to result in good tracking of
the reference. Finally, the system with feed-forward does exhibit overshoot com-
pared to the reference model, however by reducing the steering angle, stability
is maintained. Besides this, a deviation from the reference trajectory between
50 and 70 m x-position can be seen, however, the controlled vehicle with feed-
forward does return to the reference trajectory.

7.7 Conclusion

In this chapter a steer-by-wire controller is developed that accounts for the for-
ward velocity dependent vehicle dynamics. In this way the closed loop tracking
behavior is independent of forward velocity. Since tires behave non-linear at
high side slip angles, variations in cornering stiffness have also been taken into
account. Novel analytical expressions have been found for an upperbound of
the controller gain when the range of possible variation in cornering stiffness is
known. Using H∞ analysis, it is shown that up to 24.6 m/s the closed loop
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tracking behavior is independent of speed. Beyond this velocity the uncertainty
bound on the cornering stiffness poses a limit on the steady state gain of the
closed loop, making the feedback gain speed dependent. Furthermore, due to
this decreasing feedback gain, the steady state closed loop tracking behavior de-
creases with increasing velocity, limiting tracking performance of the reference
yaw-rate. To counteract this, the steering wheel angle is used as a feed-forward
term and added to the control signal. A possible improvement here, would be
the inclusion of a different type of controller, instead of only the proportional
controller used here.

Using a multi-body model it is shown that this controller manages to follow
a reference yaw-rate different from the normal vehicle behavior and that it is
capable of suppressing external disturbances such as wind gusts. By means of
simulation it is furthermore shown that the controller manages to stabilize the
vehicle where the uncontrolled vehicle would spin.





Chapter 8

Integrated control

8.1 Introduction

In the Netherlands there has been a steady decline in traffic fatalities since
1972 [90]. The seat belt, together with the increased crash resistance of cars have
been contributing factors to this decline. Besides these passive safety features,
active safety systems such as ABS, which was launched into mass production
in 1978 [36], and ESC have greatly increased passenger safety. More recently
systems such as active front steer and active differentials have increased the
capabilities of the vehicle even further. Currently, most of these systems operate
on a stand alone basis. However, the possibility exists that a conflict occurs when
multiple systems are active [39] [55] resulting in a degraded performance. Besides
this, combining multiple actuators with an integrated controller might increase
the control envelope of the systems, see for example Fig. 8.1 as a reference.

Multiple studies have been devoted to identifying the potential of single and
multiple actuators on influencing the vehicle dynamics [26] [27] [71] [39]. In [27]
for example active front and rear steering, active differentials and torque vector-
ing are compared as actuators to correct the vehicle behavior during a double
lane change. The main objective for the vehicle is to follow a reference trajectory
with constraints on the vehicle side slip angle and active front steering angle.
The authors find that active rear steering has the greatest potential in improving
the vehicle behavior with front and rear torque vectoring differentials being a
good second. Active limited slip differentials hardly offer any improvements over
the passive vehicle. More detail on the design of these systems and controller
is given in [26]. Two control structures are proposed, one is based on steering
angle, the other approach employs the corrective torque provided by the active
differentials. For the feedback controller a PI structure on the yaw-rate error
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with feed-forward is chosen. Similar results as in [27] are found.

The effectiveness of active front steer (AFS), active rear steer (ARS), ac-
tive roll control (ARC), electronics stability control (ESC), torque vectoring by
braking (TVbB), active limited slip differential (aLSD) and torque vectoring
differential (TVD) is investigated in [71]. The authors use a multi-body model
for which they first allow the model to achieve steady state and then stop the
integrators of the longitudinal, lateral and yaw motion such that the vehicle
maintains its current state. By using this method the additional yaw torque
can be derived for each actuator. The effectiveness of all actuators is investi-
gated for straight line driving, normal handling situations and at the limit of
lateral acceleration. A summary of all the possible corrective torques is given
in Table 8.1. Here, O.S. indicates the systems potential to correct oversteer
and U.S its potential to correct understeer. As is visible from the table, active
front steering is very effective for oversteer corrections and active rear steering
for understeer corrections, furthermore electronic stability control is capable of
providing corrective yaw torque in all situations.

In literature, different combinations of actuators for integrated control of the
vehicle handling are studied, for example

• Steer-by-wire and active suspension [41].

• Steer-by-wire and braking [18].

• Active front steer and electronic stability control using both the driveline
and the brakes [42].
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• Semi-active suspension and active front steering [50] and with the addition
of braking [59].

• Steer-by-wire and electric motors for torque vectoring [89].

• Front and rear wheel steering [61], [62], [14].

• Braking, steering and active suspension [72], [55].

• Active differentials and torque vectoring [25].

Furthermore, the controllers applied are very diverse, with [62] using PI con-
trollers to follow a yaw-rate reference. The front and rear steering wheel angle
are then coupled with a gain that ensures a zero vehicle side slip angle. Be-
sides this, the phase lag between lateral acceleration and yaw-rate is reduced.
An LQR controller for active steering and active suspension is used in [41], for
controller development a linear model is used. It is found that vehicle bounce
mainly influences the vehicle side slip angle and vehicle pitch the yaw motion.
The author furthermore argues that a combination of the systems contributes
more to safety than the individual systems. A supervisory rule based controller
is proposed in [42] with a local sliding mode controller for the steer-by-wire
system and a β − β̇ phase plane method for the electronic stability control.

Table 8.1. Yaw torque potential around the COG for active front
steer (AFS), active rear steer (ARS), active roll control (ARC), electron-
ics stability control (ESC), torque vectoring by braking (TVbB), active
limited slip differential (aLSD) and torque vectoring differential (TVD)
in [Nm] [71] for different lateral accelerations.

AFS ARS ARC ESC TVbB aLSD TVD
Straight line 13000 12000 - 11000 4000 - 4500
O.S.
|ayCOG| <6 m/s2

17000 5000 600 9000 - 1500 3000

U.S.
|ayCOG| <6 m/s2

5000 16000 600 5000 6000 - 2500

O.S.
|ayCOG| ≥6 m/s2

2500 1500 2000 10500 - 1000 1500

U.S.
|ayCOG| ≥6 m/s2

- 7000 2300 6000 7500 - 1700

An extensive review of 68 papers in the field of yaw-rate and side slip control
is performed in [60]. For integrated control generally the feedback control action
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is calculated from an inverse model using H2 or H∞ control. It is found that
in all cases integrated control works better than two separate controllers. A
critical note is however made in light of the research that has been reviewed.
It is either purely theoretical with no practical experimental implementation or
it is practical work with no clear explanation of the control algorithms being
applied. The theoretical approach shows that a switching style of actuation,
from one actuator to the other is preferred.

Fuzzy-logic is used in [50] for control of steer-by-wire and semi-active suspen-
sion and in [59] for semi-active suspension, braking and steer-by-wire. Additional
to this, [59] uses a sliding mode controller for the braking and steering system.
Feedback linearization of the non-linear dynamics is performed in [89]. An out-
put feedback controller is then implemented to control the linearized dynamics.
To add performance, feed-forward is included in the control loop. Control allo-
cation is then done using the inverse of the input matrix which describes how
the actuators influence the vehicle dynamics. The author argues that this might
not be the best solution, but optimization routines do not lend themselves for
real-time implementation. A different allocation method is used in [72], in this
paper the individual contributions of each actuator to the yaw torque are de-
termined, depending on the magnitude of the lateral acceleration. With these
values known the contribution of each actuator can be calculated using a pseudo-
inverse. To prevent actuator saturation with the use of the pseudo inverse, the
total required yaw torque is compared to the maximum actuator yaw torque.
If this surpasses it, the actuator usage is set to one automatically and it is ex-
cluded from the computation. Simulations with a simple proportional action as
yaw torque controller show that the vehicle stability margin is enlarged by inte-
grating the different actuators. Allocation based on the inverse vehicle dynamics
is performed in [11]. The authors show that this method functions for differ-
ent actuator configurations and that it gives a transparent way for control force
allocation in global chassis control. Control allocation using a state dependent
Riccati equation is performed in [9]. In this paper the Riccati equation is solved
each time step for a three DOF vehicle model. As actuators the braking and
steering are chosen. It is shown that with the inclusion of active suspension in
the control loop, the final velocity after a double lane change is 20 km/h higher.

A detailed analysis of the yaw torque distribution is presented in [76]. The
author argues that the following points should be taken into account for the
distribution

• Comfort oriented co-ordination strategy: Suspension and steering actions
have priority over brake interventions as these are less comfortable.

• Safety oriented co-ordination strategy: Minimization of tire forces, i.e.
maximize the difference between the peak and actual tire force, such that
a maximum safety margin is maintained. The author mentions that this
control strategy requires online optimization. Feasibility of the strategy is
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still under research.

• Shut down in case of faults: A partial shutdown is possible if one of the
actuators fails, yaw torque is then distributed over the other actuators.

The literature review shows that there is a large number of possible combina-
tions of integrated control for vehicles. However, only limited attention is given
to steer-by-wire and semi-active suspension, which are used throughout this the-
sis. As [60] indicates, integrated control has in general, benefits over the use of
separate controllers. The stand alone controllers developed in Chapters 5 and 7
will be combined and the performance will be evaluated. The reference yaw-rate
and lateral acceleration that these controllers have to follow is defined first. Af-
ter this, the performance of the combination of the steer-by-wire and semi-active
suspension will be evaluated. Following the analysis of the combination of con-
trollers, the optimization method introduced in Chapter 5 will also be used to
determine the required control actions of the combination of steer-by-wire and
semi-active suspension. The result of this optimization will then be compared
with the results achieved with the separate stand alone controllers combined.

8.2 Reference model

When designing a controller for the improvement of the vehicle behavior the
objective is to design it such that a the performance of the vehicle is enhanced
and stability is increased. The controlled vehicle is required to exhibit stable
behavior and follow the direction the driver wants it to go. This direction is
expressed in terms of a desired yaw-rate [83] and lateral velocity or vehicle side
slip angle [62]. In this research a yaw-rate and lateral acceleration reference is
considered, following the approach of Chapter 5 and Chapter 7. The choice for
the lateral acceleration is based on the fact that closer to the grip limits steering
actions become less effective. If the controller can prevent an overshoot of the
lateral acceleration, the steering will remain effective. A simple bicycle model,
as shown in Fig. 8.2, is used as for the reference model. The equations of motion
for model this can be written as

ẋref =

[
v̇y

ṙz,ref

]
= Arefxref +Brefδ (8.1)

yref =

[
rz,ref
ay,ref

]
= Crefxref +Drefδ (8.2)

Aref = −

[
C1+C2

mvx

C1a−C2b
mvx

+ vx
aC1−bC2

Izzvx
a2C1+b2C2

Izzvx

]
, Bref =

[ C1

m
aC1

Izz

]
,

Cref = −
[

0 −1
C1+C2

mvx

C1a−C2b
mvx

]
, Dref =

[
0
C1

m

]
. (8.3)
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For safety reasons the assumption is made that the vehicle is neutral steered.
This implies that in steady state the front tire slip angle equals the rear tire slip
angle and thus that aC1 = bC2. With this assumption (8.3) reduces to

Aref = −

[
C1+C2

mvx
vx

0 a2C1+b2C2

Izzvx

]
, Bref =

[ C1

m
aC1

Izz

]
,

Cref = −
[

0 −1
C1+C2

mvx
0

]
, Dref =

[
0
C1

m

]
. (8.4)

From this it is easy to see that the yaw dynamics reduce to

ṙz,ref = −a2C1 + b2C2

Izzvx
rz,ref +

aC1

Izz
δ (8.5)

and in Laplace domain

rz,ref =
aC1vx

Izzvxs+ a2C1 + b2C2
δ (8.6)

which is a first order reference model. Note that the pole at

s = −C1 + C2

mvx
(8.7)

disappears for a neutral steered vehicle as it is canceled by a zero at the same
location. Obviously, this reference model is linear, which introduces problems
at higher lateral accelerations and yaw-rates as the vehicle is not capable of
following the reference anymore. Several solutions for this problem are presented
in literature, with the most commonly used solution being based on the friction
coefficient µ [26], [83]

|rz| ≤
µ

vx
. (8.8)

The problem with this solution is that there should be knowledge of the friction
coefficient, µ, and that it does not give a smooth reference signal. In this research
it is assumed a scaling function exists that scales (8.6) such that it becomes

rz,ref = Klim (δ, vx)
aC1vx

Izzvxs+ a2C1 + b2C2
δ. (8.9)

The scaling function Klim (δ, vx) has to be chosen such that a smooth transition
from the linear behavior towards saturation is achieved. An example of such a
function is displayed in Fig. 8.4 in the form of a look-up table which has been
obtained by running a non-linear vehicle model over a grid of steering angles
and forward velocities and obtaining the steady-state response. Note that this
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Fig. 8.2. Bicycle model.

scaling function is the same for the lateral acceleration, ay, and the yaw-rate,
rz.

The lateral acceleration dynamics can also be derived from (8.4). For the
neutral steered vehicle this becomes:

ay = −C1 + C2

mvx
vy +

C1

m
δ. (8.10)

Using the lateral velocity dynamics and writing it in Laplace domain results in

ay =
C1vx

(
avx(C1 + C2) + s

(
a2C1 + b2C2+

)
+ Izzvxs

2
)

(C1 + C2 +mvxs) (a2C1 + b2C2 + Izzvxs)
δ. (8.11)

From this equation it can be seen that the lateral acceleration is still a second
order system which exhibits the typical lateral acceleration dip caused by the
pair of zeros. In literature the expression

ay = vxrz (8.12)

is often used to simplify the lateral acceleration reference. This approach, how-
ever, ignores the direct feed-through of the steering angle in the lateral accel-
eration. To include this direct feed-through, the reference model for the lateral
acceleration is chosen as

ay,ref =
τ1s+ kay,ss
τ2s+ 1

δ (8.13)

with τ1 and τ2 the vehicle time constants and kay,ss the steady state lateral
acceleration gain. For the steady state neutral steered lateral acceleration it can
be written that

kay,ss =
C1C2lv

2
x

l2C1C2 +m(bC2 − aC1)v2x
=

v2x
l
. (8.14)
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Furthermore, the lateral acceleration for frequencies towards infinity is written
as

ay|s→∞ =
C1

m
(8.15)

which is equal to the direct feed-through term in (8.10). Since the denominator
of the lateral acceleration and yaw-rate dynamics is the same, the time constant
τ2 from (8.13) is equal to that of the yaw dynamics

τ2 =
Izzvx
alC1

(8.16)

from (8.15) this gives

τ1 =
Izzvx
alm

. (8.17)

Using these parameters in (8.10) finally results in

ay,ref =
C1vx (Izzs+ amvx)

m (Izzvxs+ aC1l)
δ. (8.18)

A bode plot of this reference signal versus various alternatives is shown in
Fig. 8.3. The lateral acceleration as a function of yaw-rate ay = vxrz is ob-
viously identical to the behavior of the yaw dynamics and ignores the direct
feed-through of the steering wheel angle. As second alternative the derivative
of the lateral velocity in the local vehicle body frame, vy, is shown. From the
bode plot it becomes clear that at low frequencies this term has almost no con-
tribution. Besides this, the phase difference between the vxrz and v̇y explains
the dip in lateral acceleration for intermediate frequencies. Finally, the lateral
acceleration and the reference transfer function are shown. As is clear from this
figure at low and high frequency the behavior matches exactly. The dip in lateral
acceleration is not described by the reference, however, compared to the often
used ay = vxrz, a clear extension for the reference model is introduced.

Obviously, similar to (8.9) the lateral acceleration has to be saturated since
the model in (8.18) is linear. This is achieved by using the same saturation as
used in (8.9) such that a smooth transition is achieved when the close to tire
saturation.

ay,ref = Klim (vx, δ)
C1vx (Izzs+ amvx)

m (Izzvxs+ aC1l)
δ. (8.19)

8.3 Combining steer-by-wire and semi-active sus-
pension control

In this thesis a controller for steer-by-wire was developed using H∞ analysis in
Chapter 7 and a PD controller for semi-active suspension was derived from the
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Fig. 8.3. Bode plot of the linear reference model for vx=30 m/s.
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results of an optimization routine in Chapter 5. The steer-by-wire controller was
formulated as

H2(s) =
kp

krz→δ

1
amvx

(a+b)C2s+ 1

1
(2πfe)2

s2 + βe

πfe
s+ 1

1
(2πfc)2

s2 + βc

πfc
s+ 1

. (8.20)

Here, fc was chosen to be 3.5 Hz and βc=7 to achieve a 10 Hz bandwidth,
furthermore the gain kp was defined as

kp =

{
50 if 1

lI0
> 1

min
(
50, 1

lI0−1

)
if 1

lI0
≤ 1

(8.21)

and lI0 by (7.20). The expressions for fe, krz→δ and βe can be found in Chap-
ter 7. Additional to this feedback controller, a feed forward term was introduced.
The controller for the semi-active suspension was formulated as

drollF =drollF,nom − sign (ayCOG) droll,actF with (8.22)

droll,actF =
KpF +KdF s

1
(2πfLPF )2

s2 + 1
(πfLPF )s+ 1

(ayref − ayCOG) s.t.

drollF,min < drollF < drollF,max

drollR =drollR,nom + sign (ayCOG) droll,actR with (8.23)

droll,actR =
KpR +KdRs

1
(2πfLPR)2

s2 + 1
(πfLPR)s+ 1

(ayref − ayCOG) s.t.

drollR,min < drollR < drollR,max.

Chapter 5 showed that the vehicle dynamics can be influenced more significantly
with a large range of damping coefficient. Therefore, this range will be used
again in the remainder of this chapter. The range of damper coefficient is listed
in Table 5.4.

The steer-by-wire and semi-active suspension controller were both developed
for a different objective, with the first designed to control to the vehicle yaw-
rate and the latter the lateral acceleration. The question arises whether these
two controllers combined enhance the vehicle behavior over the individual con-
trollers. The controllers are therefore used together in one control loop as shown
in Fig. 8.5. In this model two separate controllers are used which utilize the
reference yaw-rate and lateral acceleration respectively. The reference models
for these controllers has been introduced in section 8.2.

The behavior of both controllers combined is analyzed using a 50 degree step
steer manoeuvre at 30 m/s. For this manoeuvre the results are shown in Fig. 8.6.
From this plot the expected results can be seen, the yaw-rate peak is greatly re-
duced compared to the uncontrolled vehicle and the lateral acceleration exhibits
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Fig. 8.5. Control layout for a combination of steer-by-wire and semi-
active suspension.

no overshoot. Compared to the individual controllers small improvement in the
yaw-rate overshoot can be observed. Besides this, combining the controllers
also results in less control action of the steer-by-wire system, as the difference
between the driver input (no control) and the control signal is smaller.

8.4 Control action design through optimization

Both steer-by-wire and semi-active suspension offer improvements on the vehicle
handling. The former is used to control the vehicle yaw-rate in this thesis,
whereas the latter controls the lateral acceleration overshoot. When considering
the integrated control of both actuators both these objectives should be taken
into account. Similar to the approach taken in Chapter 5, an optimization
routine is used to determine the best possible control action. Taking into account
both requirements, the objective can be formulated as

minJay,rz

Jay,rz =
i=N∑
i=0

q1 (ayref (i)− ayCOG(i))
2
+ q2 (rzref (i)− rref (i))

2
(8.24)

s.t. drollF,min(i) ≤ drollF (i) ≤ drollF,max(i)

drollR,min(i) ≤ drollR(i) ≤ drollR,max(i)

δsw,min(i) ≤ δsw(i) ≤ δsw,max(i).

Note that the constraints are now discrete step dependent. Since it is assumed
there is no future knowledge of the driver input, a control action cannot be
taken before an input, in this case a steering wheel angle, is given. An exam-
ple of these constraints for the steering wheel angle is given in Fig. 8.7. For
the damping coefficient a similar shape holds, although obviously, changing the
damping coefficient is only effective when there is a roll velocity. The range of
damping coefficient is the same as the large range used in Chapter 5. For more
complex manoeuvres the approach of constraining the steering wheel angle and
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Fig. 8.6. Lateral acceleration, yaw-rate, steering rack angle, front and
rear damping coefficient for a step steer input with the steer-by-wire and
damping controllers from Chapter 7 and Chapter 5.
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damping coefficient has to be re-evaluated, however, that is beyond the scope of
this research. Besides the constraints, the markers in this figure also show the
points at which a control action can be taken. In this case, each 0.1 s a different
control action can be taken, which faster than the typical yaw dynamics of the
vehicle. The two weights in (8.24), q1 and q2, are used to scale the lateral accel-
eration and yaw-rate response. Important for optimization is the ratio between
these two weights. A suitable ratio between these two values is given by the
steady-state ratio between the yaw-rate and lateral acceleration. Since in the
objective function the outputs are squared, this has to be included in the ratio
between q1 and q2 as well. This results in

q1
q2

=
r2z,ss
a2y,ss

= v2x. (8.25)

An example of the optimization can be seen in Fig. 8.8. In this figure the re-
sults of a step manoeuvre can be seen for the vehicle without control, using both
steer-by-wire and active suspension for integrated control, only steering control
and only damping control. For all actuators the objective function is (8.24). The
results show that with integrated control the reference behavior can be tracked
better than when only using steering or only damping. Especially in the lateral
acceleration, the integrated controller manages to minimize the error more than
with only steering. Besides this, the steering motion as created by the controller
is reduced to the driver input sooner than for only steering, showing that the
dampers have a beneficial effect on the vehicle dynamics. The control signals
show that initially a larger steering angle is applied compared to the reference
steering input. The reason for this is that there is already a large difference
between the reference model and the vehicle due to the dynamics of the vehicle
such as tire relaxation, which is not included in the reference model. This ini-
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tially large excitation is followed by a large reduction of steering angle again as
the yaw-rate surpasses the reference behavior. Although this control action is
optimal for the objective (8.24), it might be undesirable in practice, given the
large difference in steering angle between time steps. A difference between the
integrated controller and the damping controller can also be seen. Due to the
larger initial steering angle, controlling the damper has more influence initially,
resulting in a earlier control action for the damping. Furthermore, for the inte-
grated controller the damping is kept hard and soft longer for the front and rear
respectively.

8.5 Integrated versus combined control

The previous two sections already showed that there is a difference between
combining the two controllers as developed in Chapters 5 and 7 and the inte-
grated controller as developed in this chapter. The results of the combined and
integrated controllers for a step steer input are shown in Fig. 8.9. From the
lateral acceleration it can be seen that there is not much difference between the
combined and integrated controller, with the combined controller even show-
ing a smoother signal. A large difference is seen in the yaw-rate, where the
peak yaw-rate is 1.6◦ higher for the combined controller than for the integrated
controller. Furthermore, the steady-state yaw-rate is achieved earlier for the
integrated controller.

8.6 Conclusion

In this chapter the objective was to compare the performance of the individual
controller with a combination of both. This was done on the basis of a reference
model that was developed in this chapter. Furthermore, an integrated approach,
where the control actions of both steer-by-wire and semi-active suspension were
determined using an optimization routine, was taken. For the first objective
the conclusion can be drawn that combining the steer-by-wire controller from
Chapter 7 and the semi-active suspension controller from Chapter 5 results in a
more stable vehicle behavior compared to the individual systems. A noticeable
difference is observed in the vehicle yaw-rate and steer-by-wire control actions
are less.

The effect of integrating steer-by-wire and semi-active suspension was inves-
tigated for a step steer manoeuvre using an optimization routine where a control
action can be taken each 0.1 s. Compared with the combined controller a sig-
nificant reduction in the yaw-rate overshoot can be seen, i.e. the reference is
followed better. This leads to the conclusion that although combining the semi-
active suspension and steer-by-wire controllers has benefits over the individual
systems, developing an integrated controller has even better results.
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Chapter 9

Conclusion and recommendations

9.1 Conclusion

The main research question is formulated as:

Design a controller for steer-by-wire and semi-active suspension such that
the handling of the vehicle compared to the baseline is made safer and that the
comfort is improved.

Since designing on integrated controller has been determined to be complex,
handling and comfort are handled separately in this thesis. This leads to the
following list of objectives:

• Develop a controller for semi-active suspension, such that the sprung mass
vertical acceleration is minimized.

• Develop two separate controllers for semi-active suspension and for steer-
by-wire such that the vehicle handling is improved compared to the uncon-
trolled vehicle.

• Determine whether combining steer-by-wire and semi-active suspension re-
sults in better vehicle handling than the uncontrolled vehicle and the vehicle
with only one of the aforementioned actuators.

The first objective is discussed in Chapter 4. In this chapter a rule based con-
troller is found based on the results of an MPC controller that is assumed to
represent the optimal result for the objective of minimal vertical acceleration.
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The switching rule is based on the product of vertical acceleration and suspen-
sion velocity, filtered by a transfer function that delays the sprung acceleration
at low frequencies. The phase shift of this transfer function is determined by
minimizing the error between the suggested control signal and the MPC control
action. For sinusoidal disturbances it is shown that the rule based controller
performs similar to the MPC controller. For a random road disturbance a small
difference can be observed at low frequencies. Finally, the controller has been
implemented on all four corners of the test vehicle that is described in Chap-
ter 2. Measurements on worn cobble stones show that the controlled semi-active
suspension performs better than either the hard or soft damping.

The answer to the second question is two-fold. First semi-active suspension
will be discussed, this topic was dealt with in Chapter 5. For this actuator
the objective is to reduce the lateral acceleration overshoot. The reasoning
behind this objective is that controllability by means of steering decreases when
the vehicle gets closer to its limits of friction, therefore overshoot of lateral
acceleration is undesired. The required control action is determined through a
constrained optimization on a roll-axis model. In this roll-axis model the front
and rear damping can be controlled separately. From the optimization it is
found that the normal adjustment range can only slightly influence the vehicle
dynamics. With a larger adjustment range, better results can be achieved. It
is found through the optimization that if the lateral acceleration error is larger
than zero the rear damping is chosen hard and the front damping is chosen
soft. For a negative error the inverse is true. The optimization routine gives a
good indication of how the dampers should be controlled during a manoeuver,
however, it cannot be implemented in real-time. It is found that a PD controller
working on the error of the acceleration signal mimics the results of the control
actions found through optimization.

A controller for steer-by-wire has been developed in Chapter 7. For this re-
quirements on hardware and limitations on actuation have first been formulated
in Chapter 6. A controller is developed that is robust for parameter variations
in the cornering stiffness and is, up to a certain value, independent of forward
velocity. Using H∞ analysis, this value has been determined to be 24.6 m/s.
Beyond this velocity the uncertainties of the parameters of the system pose a
bound on the steady state gain of the closed loop. The feedback becomes speed
dependent again after this velocity. Due to this speed dependency, tracking be-
havior decreases with increasing velocity. To counteract this phenomena, feed
forward is included in the control structure. It is shown that the controller is
capable of tracking a yaw-rate reference that is different from the normal vehicle
yaw-rate. Besides this, disturbance suppression is shown by means of a wind
gust.

Finally, in Chapter 8 the semi-active suspension controller and steer-by-wire
controller are combined to determine whether the combination has more influ-
ence on the vehicle dynamics than the individual controllers. For this first a
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reference model is developed that is based on a neutral steered bicycle model.
It is found that a noticeable difference can be observed in the vehicle yaw dy-
namics and that the required control input from the steer-by-wire system is less
than when only using steer-by-wire. Besides combining the previously devel-
oped controllers an integrated controller is also developed in Chapter 8 using an
optimization routine. It is found that although the combined controller offers
benefits over the individual controllers, the integrated controller is able to match
the yaw-rate reference behavior better.

To summarize and answer the main research question the vehicle comfort is
enhanced by controlling the semi-active suspension with a rule based controller.
The vehicle handling is improved with steer-by-wire using a feedback controller
on the yaw-rate that is robust for parameter variations in the cornering stiffness.
The controller furthermore makes the vehicle behavior more predictable, as it
makes the closed loop independent of speed up to 24.6 m/s. The lateral ac-
celeration overshoot is reduced using a rule-based controller for the semi-active
suspension. Finally, the handling controllers are tested together and an in-
tegrated controller is developed that combines the performance of semi-active
suspension and steer-by-wire. It is shown that it is important to develop an
controller for all actuation systems simultaneously as the integrated controller
has better performance than the combined controller.

9.2 Recommendations

While doing the research, assumptions and simplifications are made to solve
problems. Furthermore, new questions arise whilst performing the work. In this
section recommendations for future research are given.

• The research into comfort has been primarily focussed on the reduction of
vertical acceleration. Although this is a good reference for comfort, the
ISO2631-1 standard indicates that frequency dependent weighting of the
vertical acceleration better indicates human sensitivity. In future research
this comfort filter could be included in the MPC approach which could
then result in a different filter as the one determined in this thesis.

• The vertical dynamics research has only focussed on one corner of the ve-
hicle. As a next step a more detailed model of the vehicle, all four corners
including their coupling, could be considered. Besides heave acceleration,
roll and pitch acceleration also contribute to the driver experience. In mea-
surements the vehicle has always been considered as four separate quarter
cars. A different approach, where the center of gravity acceleration is used
could also be considered.

• In all controller design, the damping has been implemented using a linear
model. However, measurements on the dampers have shown they are in
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reality far from linear. The influence of this non-linear behavior has been
ignored in this thesis and is therefore a topic of further research.

• In Chapter 8 a simple reference model is given. This model is based on lin-
ear relations between the driver inputs, steering wheel angle and forward
velocity, and the yaw-rate and lateral accelerations. This linear relation
does not hold in limit handling situations, since the tires are close to sat-
uration. For this a scaling is introduced that limits the reference yaw-rate
and lateral acceleration as a function of the driver inputs. The exact shape
of these mappings is a subject for further research.

• It is assumed that the desired vehicle behavior is that of a neutrally steered
vehicle that exhibits little overshoot in either lateral acceleration or yaw-
rate. This assumption is only based on the author’s preference. The
literature review on vehicle handling parameters, however, shows that no
one answer exists for the ‘perfect’ handling. A study into these parameters,
that would at minimum indicate no-go areas for reference models, would
be a valuable contribution to the field of vehicle dynamics.

• The reference model introduced in Chapter 8 assumes that a typical vehicle
behaves as a bicycle model. As is already apparent from the figures, the
more detailed model is not able to follow the reference behavior which
is caused by phenomena such as compliance in the suspension and tire
relaxation effects. For a more detailed but less insightful model, these
properties should be included.

• All handling simulations are performed on a smooth surface. The addi-
tion of road unevenness can have a significant contribution on the vehicle
dynamics and should therefore be included in future research as the road
unevenness could result in a loss of side force. Control of the dampers
could play an important role in this. To solve this, a similar approach as
used in Chapter 4 could be used.

• Different road conditions such as µ-split and driving on snow or ice have not
been considered in this thesis. Including these road properties could signif-
icantly influence the vehicle dynamics and as a result the controller design.

• For the handling, only the lateral dynamics have been considered so far. It
is expected that the dampers can also influence the vehicle behavior under
braking or accelerating. This is a topic for further research.

• In Chapter 7 the assumption is made that a second order bicycle model
with fixed forward velocity is a valid representation of the vehicle dynamics.
Including additional degrees of freedom such as the longitudinal velocity
might pose additional challenges in the analysis of the stability of the
controller.



Appendix A

Vehicle parameters

The vehicle parameters describing the BMW 318i as used in this thesis are
summarized in Table A.1.

Table A.1. Vehicle parameters.

Name Parameter Value Unit

Mass, unloaded m0 1490.5 kg
Mass, 2 persons m2 1636 kg
Mass, 3 persons m 1734 kg
Unsprung mass (front & rear) mu 29 kg
Moment of inertia around x-axis Ixx 450 kgm2

Moment of inertia around y-axis Iyy 1700 kgm2

Moment of inertia around z-axis Izz 1900 kgm2

Track width front wfront 1.471 m
Track width rear wrear 1.478 m
Wheelbase l 2.725 m
COG location w.r.t. front - [-1.382 -0.001 0.551] m
axle centerline on the ground

Spring stiffness front at wheel ksF 21500 N/m
Spring stiffness rear at wheel ksR 26300 N/m
Stabilizer bar front at wheel ksbF 10200 N/m
Stabilizer bar rear at wheel ksbR 4200 N/m
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Table A.2. Steering system parameters.

Name Parameter Value Unit

Steering wheel to rack ratio isr 142 rad/m
Steering wheel to front wheel ratio is 17.4 rad/rad
Rack mass mrack 10 kg
Rack damping constant dsr 5 Ns/m
Torsion bar damping dsc 0.22 Nms/rad
Torsion bar stiffness ksc 220 Nm/rad



Appendix B

Suspension coordinates

In Table B.1 and Table B.2 the coordinates of the front and rear left suspension
are given. A schematic overview of the front suspension is given in Fig. B.1,
an overview of the rear suspension is shown in Fig. B.2 . The origin of the
coordinates lies in the center of the front axle. The right suspension has similar
x and z coordinates, all y coordinates have to be multiplied by -1.

1 DOF rotation

2 DOF rotation

3 DOF rotation

3 DOF rotation

1 DOF translation

2 DOF rotation

1 DOF translation

1 DOF translation

Chassis

Stabilizer

Steering rack

Wheel

Suspension strut

Lower control arm

Hub

Stabi-link

Steering arm

Bushing

body

Brake torque

Bushing force

Fig. B.1. Front left suspension schematics [85].
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Fig. B.2. Rear left suspension schematics [85], see Fig. B.1 for the
symbols used.
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Table B.1. Coordinates of front left suspension.

Joint x [m] y [m] z [m]

Wheel - Hub 0 0.735 0.293
Spring strut - Hub -0.031 0.552 0.628
Damper - Hub 0.011 0.585 0.394
Control arm - Hub -0.001 0.654 0.197
Stabi-link - Hub -0.012 0.510 0.547
Steering-rod - Hub 0.123 0.667 0.220
Control arm front - Chassis -0.035 0.330 0.220
Damper - Chassis -0.042 0.507 0.769
Spring strut - Chassis -0.042 0.507 0.769
Stabilizer - Chassis 0.167 0.366 0.318
Bushing - Chassis -0.341 0.318 0.229
Steering-rack - Chassis 0.042 0.000 0.218
Control arm rear - Bushing -0.341 0.318 0.229
Stabi-link - Stabilizer -0.012 0.509 0.277
Steering rod - Steering rack 0.057 0.306 0.242
Stabilizer left - Stabilizer right 0.207 0.000 0.294
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Table B.2. Coordinates of rear left suspension.

Joint x [m] y [m] z [m]

Spring strut - Upper transverse link -2.674 0.512 0.362
Wheel - Hub -2.725 0.739 0.293
Damper - Hub -2.832 0.579 0.221
Trailing arm - Hub -2.725 0.739 0.299
Upper transverse link - Hub -2.718 0.679 0.424
Lower transverse link - Hub -2.743 0.682 0.187
Stabi-link - Upper transverse link -2.638 0.415 0.386
Spring strut - Chassis -2.652 0.503 0.502
Damper - Chassis -2.844 0.529 0.731
Trailing arm - Chassis -2.260 0.725 0.357
Upper transverse link - Chassis -2.563 0.165 0.366
Lower transverse link - Chassis -2.563 0.165 0.291
Stabilizer - Chassis -2.885 0.247 0.313
Drive shaft - Chassis -2.725 0.000 0.317
Stabi-link - Stabilizer -2.642 0.412 0.291
Stabilizer left - Stabilizer right -2.885 0.000 0.283
Wheel - Drive shaft -2.725 0.739 0.293
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Proof of l (ω)

The radius of uncertainty for the plant with parameter variations is defined as

lI(ω) = max
Gp∈Π

∣∣∣∣Gp(jω)−Gn(jω)

Gn(jω)

∣∣∣∣ , (C.1)

where Gp(jω) describes the perturbed plant in the set Π which contains all
possible plants within the set of plants defined by the parameter variation of (7.6)
and describes Gn(jω) the nominal plant. The objective thus is to find for which
C1, C2 the plant Gp(jω) deviates the most from the nominal plant.

The first step is to determine the radius lI(ω) for ω → 0. The steady state
gain of Gp(s) can be expressed as

G(jω)|s→0 = kδ→rz =
(a+ b)C1C2vx

(a+ b)2C1C2 + (bC2 − aC1)mv2x
. (C.2)

Since all parameters are positive the largest value of kδ→rz can be found when
the denominator is minimal. This happens when C1 = C+

1 and C2 = C−
2 .

Substituting these values for Gp(jω) and calculating (C.1) for these values gives
after some rewriting

l(ω)|ω→0 = lI0 =
mv2x

(
aC1nomC+

1

(
C2nom − C−

2

)
+ bC2nomC−

2

(
C+

1 − C1nom

))
C1nomC2nom

(
mv2x

(
bC−

2 − aC+
1

)
+ C+

1 C−
2 (a+ b)

2
) .

(C.3)

For lI(ω) for ω → ∞ the plant Gp(jω) can be written as

G(jω)|s→∞ =
aC1mv2xs

Izzmv2xs
2
=

aC1

Izzs
. (C.4)
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Its worst case value can be easily found by substituting C1 = C+
1 . Combining

this in (C.1) gives

l(ω)|s→∞ =

aC+
1

Izzs
− aC1

Izzs
aC1

Izzs

= −1 +
C+

1

C1nom
(C.5)
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Abstract

In this thesis controllers for steer-by-wire and semi-active suspension are developed.
With steer-by-wire the primary focus lies on the vehicle handling and with semi-active
suspension, comfort as well as handling can be improved. Since comfort and handling
are conflicting, separate controllers are developed. Besides considering the individual
systems, the actuators are combined to determine whether developing an integrated
controller improves the vehicle handling performance.

The controllers are developed for a BMW 318i prototype, which contains both a
steer-by-wire system and semi-active suspension. For analysis and control purposes, the
vehicle is equipped with a large number of sensors. To aid in controller development,
a multi-body model of the BMW has been created, which contains all the suspension
links and incorporates non-linear tire behavior through the TNO Delft-Tyre package.

Semi-active suspension

A controller for improving comfort is developed using the results of a model predictive
controller that is assumed to represent the optimal result for the objective of min-
imal vertical acceleration. This control method allows for the inclusion of actuator
constraints. In the case of semi-active suspension the dissipative nature of the actu-
ator can be captured in these constraints. The downside of model predictive control
is that it is computationally expensive and requires knowledge of future states and
disturbances. It can therefore not be implemented in real-time. However, by using
knowledge of the control actions taken by the model predictive controller, a rule based
controller is designed that improves comfort significantly whilst only requiring informa-
tion of two sensors. The switching rule of the controller is based on the product of the
filtered sprung acceleration and the suspension velocity. Using various disturbances,
it is shown that the rule based controller performs similar to the model predictive
controller. Besides this, measurements performed with the BMW 318i on worn cobble
stones show that the controlled vehicle has a lower RMS vertical acceleration than
using either the hard of soft damping setting.

Improving vehicle handling with semi-active suspension focusses on reduction of
the lateral acceleration overshoot in transient manoeuvres. The reasoning behind this
objective is that the vehicle becomes less controllable by means of steering when the
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vehicle gets closer to its limits of friction, therefore overshoot of lateral acceleration is
undesired. The required front and rear damping coefficient in this transient manoeuvre
are found using a constrained optimization routine. The results of the optimization
show that a reduction in the lateral acceleration overshoot can be achieved by contin-
uously changing the amount of damping in the suspension. From the simulations it is
found that a PD controller that acts on the lateral acceleration error between vehicle
and reference model mimics the control actions determined through optimization.

Steer-by-wire

For good vehicle handling, yaw stability is essential. It is well known that tires exhibit
non-linear behavior at high lateral accelerations, this non-linear behavior influences the
yaw stability of the vehicle. Furthermore, due to the governing dynamics, yaw damping
decreases with increasing velocity. The yaw-rate controller designed in this thesis takes
the non-linear tire behavior into account by means of variation in the cornering stiffness
and makes the closed loop behavior independent of longitudinal velocity up to a certain
velocity. The exact value of this velocity has been determined using H∞ analysis.
Beyond this velocity the uncertainties of the parameters of the system pose a bound
on the closed loop steady state gain. To ensure stability, the feedback gain has to be
decreased with increasing velocity. With this decrease in feedback gain, the tracking
behavior becomes worse. To counteract this, the driver steering wheel angle is used as a
feed-forward input for the vehicle. It is shown that the controller is capable of tracking
a yaw-rate reference that is different from the normal vehicle yaw-rate, indicating that
with steer-by-wire the vehicle behavior can be changed. Besides yaw-rate tracking, the
controller is also capable of suppressing disturbances, which is shown by a wind gust
acting on the vehicle. This wind gust would upset the yaw dynamics of an uncontrolled
vehicle.

Integrated control

Besides control of the individual actuators, an integrated controller of both steer-by-
wire and semi-active suspension is discussed. Since steer-by-wire has no influence on
the comfort, only the handling is considered. For the integrated controller a reference
model is developed based on the equations of motion of a bicycle model. The outputs
of the reference model are used as inputs for the combined control of the previously
developed handling controllers. It is found that, by combining the controllers better
handling performance can be achieved over the individual controllers as the reference
behavior is followed better. Besides this analysis, control actions are determined using
an optimization routine. This shows that although combining the semi-active suspen-
sion and steer-by-wire controllers has benefits over the individual systems, developing
an integrated controller can achieve even better results.



Samenvatting

Het doel van dit proefschrift is regelaars te ontwikkelen voor steer-by-wire en semi-
actieve ophanging. Deze systemen kunnen bijdragen aan de verbetering van de voertuig
veiligheid en de verhoging van het comfort ten opzichte van een voertuig zonder deze
systemen. Omdat comfort en wegligging tegenstrijdig zijn, worden hier onafhankelij-
ke regelaars voor ontwikkeld. De semi-actieve ophanging wordt gebruikt om comfort
en wegligging te verbeteren. Steer-by-wire wordt alleen gebruikt om de wegligging te
verbeteren. Naast de onafhankelijke regelaars voor de individuele systemen, is geke-
ken naar het combineren van semi-actieve ophanging en steer-by-wire om de voertuig
wegligging te verbeteren.

Alle regelaars zijn ontwikkeld voor een BMW 318i prototype waarin steer-by-wire
en semi-actieve ophanging zijn gemonteerd. Het voertuig is uitgerust met een groot
aantal sensoren die gebruikt worden om het voertuig gedrag te meten en analyseren.
Van de BMW is een multi-body voertuigmodel gemaakt dat helpt in het ontwikkelen
en analyseren van het voertuiggedrag. Alle belangrijke onderdelen zoals de ophanging
en het bandengedrag zijn in dit model gëımplementeerd.

Semi-actieve ophanging

Om comfort te verbeteren is er een regelaar ontworpen die gebaseerd is op de resultaten
van een model predictive controller die ontworpen is voor minimale verticale accelera-
tie. Met deze manier van regelen is het mogelijk om beperkingen van actuatoren mee
te nemen in het ontwerpen van een regelaar. In het geval van semi-actieve ophanging
betekent dit dat alleen de mate van energie dissipatie geregeld kan worden, er kan geen
energie aan het systeem worden toegevoegd. Het grote nadeel van model predictive
control is dat het informatie vereist over toekomstige toestanden van het systeem en
dat het veel rekentijd kost. Door deze nadelen is de regelaar niet geschikt voor imple-
mentatie in de praktijk. Echter, waardevolle informatie over de benodigde regelactie
kan verkregen worden door het ontwikkelen van een model predictive controller. Ge-
bruik makend van deze kennis is een regelaar ontwikkeld die slechts informatie nodig
heeft van twee sensoren. De ontwikkelde regelaar schakelt op basis van het product van
een gefilterde versie van de geveerde acceleratie en de demper slagsnelheid; de regelaar
is in staat het comfort significant te vergroten. Met verschillende type wegverstoringen
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is aangetoond dat de prestaties van de ontwikkelde regelaar vergelijkbaar zijn met de
prestaties van de model predictive controller. Daarnaast is de regelaar getest op de
BMW 318i. Deze metingen tonen aan dat de auto met regelaar beter comfort biedt
dan de harde of zachte instelling van de semi-actieve ophanging.

Naast comfort kan met de semi-actieve ophanging ook de wegligging worden verbe-
terd. Daarvoor is geprobeerd de piek in laterale acceleratie te reduceren. De gedachte
hierachter is dat de effectiviteit van sturen afneemt bij hogere laterale acceleratie, daar-
om is een piek daarin ongewenst. Het doel is nu te vinden bij welke waardes van de
dempingscoëfficiënten de piek in laterale acceleratie minimaal is. Deze waardes zijn
gevonden middels een optimalisatie routine. Met deze optimalisatie kan worden aan-
getoond dat het mogelijk is de piek in laterale acceleratie te reduceren door middel
van het beënvloeden van de voor en achter demping. Daarnaast is aangetoond dat
het mogelijk is om de regelacties, die bepaald worden door de optimalisatie routine, te
imiteren met een PD-regelaar.

Steer-by-wire

Een van de belangrijkste factoren voor goede wegligging is gierstabiliteit (yaw stability)
van het voertuig. Om deze gierstabiliteit te garanderen is er een regelaar ontwikkeld
die een gewenste giersnelheid volgt. Er zijn twee belangrijke punten waar rekening
mee gehouden moet worden bij het ontwerpen van een regelaar. Het eerste is dat bij
hogere laterale acceleraties de banden zich niet-lineair gedragen wat invloed heeft op
de stabiliteit van het voertuig. Ten tweede dicteert de voertuig dynamica dat de gier-
demping afneemt met toenemende voorwaartse snelheid. De H∞ regelaar ontworpen in
dit proefschrift, houdt rekening met beide punten. De spoorstijfheid wordt beschouwd
als een variabele die kan variëren binnen een bepaalde range. Daarnaast maakt de rege-
laar de gesloten lus tot een bepaalde snelheid onafhankelijk van voorwaartse snelheid.
Boven deze snelheid moet de feedback gain verlaagd worden om stabiliteit te kunnen
garanderen. Helaas wordt met de afname van deze feedback gain het volggedrag min-
der. Om dit te compenseren wordt de stuurwielhoek van de bestuurder rechtstreeks
doorgekoppeld naar het voertuig. Door middel van simulaties is aangetoond dat de re-
gelaar een gewenste giersnelheid kan volgen en dat er betere verstoringsonderdrukking
is dan bij het voertuig zonder regelaar.

Gëıntegreerde regelaar

Buiten het regelen van de individuele actuatoren is er in dit proefschrift ook gekeken
naar het gëıntegreerd regelen van beide systemen. Steer-by-wire heeft geen invloed
op comfort en daarom is er alleen naar de wegligging gekeken. Voor de gëıntegreerde
regelaar is er eerst een referentie model gemaakt dat gebaseerd is op de vergelijkingen
van een fiets model. De signalen van dit referentie model zijn gebruikt als gewenst
gedrag bij het ontwerpen van een regelaar. Eerst zijn de eerder ontwikkelde regelaars
gecombineerd. Dit toont aan dat het tegelijkertijd gebruiken van beide actuatoren ver-
beteringen oplevert ten opzichte van het gebruik van een enkele actuator. Naast deze
analyse zijn de regelacties voor het gëıntegreerde systeem ook bepaald met een opti-
malisatie routine. Dit toont aan dat, als er vanaf het begin rekening wordt gehouden
met beide actuatoren, er een nog beter resultaat behaald kan worden.
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