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Summary

As the majority of people spend most of their time indoors and often share the same space,

knowledge and prediction of the indoor climate conditions is important to optimise the

indoor climate for the occupants at the design phase. A gamut of parameters determine the

indoor climate and are important for the well-being of the occupant of a room in terms of

thermal comfort and (perceived) indoor air quality. This research has focussed on two

parameters, namely velocity and temperature.

In recent years in literature an overall consensus is found on the fact that thermal comfort is

above all a personal experience. This point of departure differs from the established

professional attitude to design an uniform climate for a building instead of creating comfort

for people. It has lead to a renewed interest for personal control within a building and

especially for task conditioning systems. Such systems intend to condition a small space

around the occupant, controlled by the occupant.

Given the focus on the occupant level, more detailed information is required on the climate

within a small space around the person: the micro-climate. The air change rate and the

supply and exhaust conditions at the room level (or the macro-climate) do not present

sufficient information to evaluate the micro-climate. The flow pattern determines the

effectiveness with which a room is ventilated and has a large influence on the local thermal

conditions.

For the determination and prediction of the indoor air flow pattern two important tools are

available: measurement and simulation (Computational Fluid Dynamics - CFD). Both tools

currently however have limitations in accuracy and reliability with which the flow pattern

can be determined. In this thesis the measurement and simulation tool are investigated

extensively in order to give a contribution to the reliability with which the indoor climate

can be predicted and optimised.

With regard to measurement; Focus has been set on velocity measurement techniques. From

an evaluation of the measurement principles, the currently most practical and mostly applied

technique, the hot sphere anemometer, and the most promising technique for indoor air

velocity registration, Particle Tracking Velocimetry (PTV), have been investigated on

various aspects, experimentally as well as numerically.
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The accuracy that can be obtained with the hot sphere anemometer is very restricted. This

anemometer derives the velocity from the heat transfer between the probe and the

surrounding air. Such a measurement technique requires an accurate conformity between

calibration and application conditions to attain the expected measurement accuracy. Instead

of a low velocity wind tunnel, a relative simple calibration set-up and procedure have been

developed for the calibration. Despite its restrictions it was concluded that the hot sphere

anemometer currently is the most readily applicable measuring device for indoor air

velocities. However, a lot of effort is required to obtain quantitative information over the

total room.

The application of PTV is very much hampered by the sufficient and homogeneous

production of the applied tracer particle, a helium-filled soap bubble, that is used to

visualise the flow pattern. Apart from this restriction, theoretical analysis concludes that the

technique is pre-eminently suited for the measurement of the indoor air velocity. An

example of a PTV-experiment is shown to illustrate its potential.

With regard to simulation; Prediction of the indoor air flow using the CFD tool is very

attractive given the restrictions and effort to measure the flow. Nevertheless, despite

numerous encouraging results described in literature, a case study for an office room with a

displacement ventilation system brings some of the restrictions on discretisation and wall

heat transfer to the fore. Experimental validation of a CFD-model remains necessary for a

quantitative credibility of the results. The number of accurately described full-scale three

dimensional validation studies for indoor air flow however is very limited. This applies for

all types of air conditioning systems and especially for newly designed task ventilation

concepts. The above described restrictions in the measurement tool have contributed to this

situation.

Therefore, an important part of this thesis is aimed at obtaining accurate full-scale indoor air

flow measurement data for the air flow in an office room equipped with an air conditioning

system that combines the task conditioning and displacement ventilation principle. The

applicability of this so called desk displacement ventilation (DDV-) concept for standard

office environments forms an additional part of the experimental research that is described.

Temperature and velocity measurement data have been obtained for a configuration in

which the supply temperature, the supply flow rate and the room heat load were varied. The

obtained measurement results have been discussed in relation to results described in

literature and were found to be realistic and suitable for comparison with similar numerical

simulations. The data and the configuration can be downloaded from the internet (http://

www.tue.nl/bwk/bfa/research/aio_research.html).
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In the experimental configuration, for some investigated cases, the wall heat transfer

accounts for a significant part of the total heat balance. This has a non-negligible effect on

the air flow characteristics. For example, free convection flows along the wall may

influence the contaminant concentration gradient as found in a displacement ventilation

flow pattern and heat transfer at floor and ceiling may have a large influence on the vertical

temperature gradient for such flow patterns.

Given the indicated restrictions for the correct simulation of the wall heat transfer, the

importance of the wall heat transfer in the experiments was interesting for numerical

simulation purposes. CFD-simulations of the experimental configuration, using the available

turbulence models and wall functions, confirmed the earlier findings. Only by prescription

of the wall heat transfer coefficient, which was estimated from the measurements and tuned

by comparison to the measured vertical temperature profile, an agreement between

measurement and simulation was obtained. This fact limits the applicability of CFD for

indoor air flow simulation severely as the (local) heat transfer coefficient is difficult to

determine. Given the series of measurements that have been performed and the importance

of the wall heat transfer in these experiments, the data obtained in this research are

interesting and suitable to validate newly derived wall functions or empirical relations.

The measurement data were also used to compare simulation results for different turbulence

models (standard k-ε model and the high- and low-Reynolds number variant of the RNG-k-ε
model). The low-Reynolds number variant of the RNG-k-ε model was preferred for the

simulation of the investigated displacement ventilation flow pattern. The low-Reynolds

number relation for the turbulent viscosity better predicts the turbulent characteristics of the

air flow in the room. This is important in the determination of the ventilation effectiveness.

Finally, the obtained steady-state measurement and simulation results were used to evaluate

the DDV-concept. In addition, the transient behaviour of the system was investigated to

determine the micro-climate response to a change in the supply settings. The steady state as

well as the transient results indicate that the application of the displacement ventilation

principle for task conditioning purposes on its own is not feasible, unless the room

configuration is paid attention to. An improved version of the DDV-concept has been

investigated with the validated CFD-model. The applicability of CFD for this type of

qualitative study was confirmed.

The reliability of quantitative information from a simulated indoor air flow pattern currently

remains difficult to determine. This certainly is the case when heat transfer to the enclosure

forms an important part of the total heat balance. A discussion is presented for this and

other configurations. A CFD-result nevertheless presents information on the flow pattern
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which is very hard to obtain otherwise, e.g., three dimensional flow pattern, ventilation

effectiveness (Roos 1998a). Because of this fact and the experimental restrictions and

because of the ever increasing computer capacity, CFD most probably will develop into the

most important tool for the design of indoor climate. The results in this thesis nevertheless

summarise some of the important reservations with regard to the use of CFD for indoor air

flow and present data that may be used for improving its reliability.
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Chapter 1

INTRODUCTION

1.1 PROBLEM STATEMENT

The main objective of buildings has always been to provide shelter for sun, wind, cold and

rain. In the past designs were relatively simple and took into consideration the local

environmental conditions. With respect to the indoor climate, passive cooling was provided

through natural ventilation and/or thermal mass and additional heating was possible. Often

“builder” and “occupant” were one and the same. This meant that issues such as personal

comfort were given a high priority.

At the end of the 19th century new building construction technology was introduced. This

new technology and materials such as steel made it possible to design higher and deeper

buildings. Artificial lighting and ventilation created an indoor climate largely independent

of outdoor climate conditions. The increased technological complexity and size of modern

buildings lead to specialisation in the building industry. As a result buildings very often are

not being built around the needs of individual occupants, but for broader functions.

Importance of indoor air flow  - To date, most people spend the majority of their time

indoors, often in shared spaces. With the introduction of mechanical environmental control

systems, and the resulting increased control of the indoor climate, the expectations of the

occupant for a thermally comfortable indoor climate have risen. The fulfilment to these

expectations however is impeded by the fact that thermal comfort conditions within a

building enclosure, for a typical person, are limited to a narrow range (Fanger 1970) and

that this range differs per individual (Ong 1995). Despite the existence of extensive

environmental control systems in buildings, complaints about the indoor climate still are

commonplace (Jaakkola 1994; Brightman et al. 1997).
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In addition to thermal comfort, indoor air quality (IAQ) has become a topic of concern. This

problem originated in the early 1970’s energy crisis, when saving energy became a priority

above all other requirements. From this time on building facades were gradually better

insulated and sealed to prevent air leakage. Natural or local mechanical ventilation was

replaced with central mechanical ventilation. As a further measure, the air flow rate was

also reduced. A centrally controlled ventilation system with a low room ventilation rate

makes maintaining acceptable conditions at occupant level more difficult. Fresh air cannot

be provided directly to the occupant. Furthermore, correction of the conditions via natural

ventilation (i.e. opening a window) is no longer possible because of a sealed facade.

The result of tightly sealing and reducing fresh air in buildings was aggravated by the build

up of outgases from modern building materials, furniture and cleaning products. The

consequence of which manifested itself in an increased occurrence of mild to serious

building related health problems for occupants. Despite efforts in recent years to improve

the indoor climate, a 1995 European study on indoor air quality, carried out in 56 office

buildings in nine countries, reported that 30% of the occupants indicated dissatisfaction

with the indoor environment (Bluyssen et al. 1995).

The negative effect of poor indoor climate conditions on the performance of the occupant is

described in several earlier investigations (Jaakkola et al. 1989; Wyon 1993). The

significance of maintaining good indoor climate is self-evident when one considers that in

every modern economy a significant part of the Gross National Product (GNP) is earned by

people working in office buildings.

In view of the importance of thermal comfort and indoor air quality, the design challenge is

to achieve acceptable indoor environmental conditions for each individual occupant of a

building. Such an approach to design is in stark contrast with the current prevailing attitude

which is directed towards designing an uniform climate for buildings rather than comfort for

people.

In order to focus on the occupant instead of the room or the building requires knowledge

about the indoor air flow pattern. The rate of air changes and descriptions of the supply and

exhaust conditions do not provide enough information about the thermal comfort and air

quality conditions for individual occupants. A room or building cannot be regarded

anymore as a single zone. W.H. Carrier, one of the founders of air conditioning systems,

already recognised this with his statement: ‘No air conditioning is better than its air

distribution.’.
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Given this awareness of the importance of the indoor air flow pattern, tools are required to

determine and predict the flow characteristics in the early design phase. This topic is

introduced below.

Tools to determine indoor air flow - The options currently available to determine and

predict indoor air flow are limited. The air flow in a room is characterised as being non-

isothermal, turbulent, three-dimensional and non-steady. As a result, the indoor air flow

research has mainly remained an area of experimental and empirical research (e.g., Katz

1989 and Mundt 1996) and for the most part has been limited to simplified models of the

physical indoor environment.

With the introduction of Computational Fluid Dynamics (CFD), Nielsen (1974) presented

an attractive alternative for the empirical research of indoor air flow. CFD opened a route to

numerically predict the indoor climate on a detailed level with high flexibility in terms of

configurations and boundary conditions. Information on thermal comfort and the

effectiveness of the proposed ventilation system can be derived from the calculated indoor

air flow pattern, temperature and contaminant distributions.

Encouraging results have been obtained from simulations of simplified (scaled) models of

the indoor environment. Developments in turbulence modelling and solver techniques for

calculating the flow problem have improved the simulation process considerably. The ever

increasing processing speed and memory now available on today’s PCs make it easier to use

CFD for tackling engineering flow problems. Despite these encouraging results there are

still many uncertainties in the applied flow modelling and in the available solver algorithms

(Chen 1997, Baker et al. 1997). Validation of CFD-simulations and the quality of the model

remain an intrinsic part of the process but are often skipped because of experimental or

computational restrictions.

The limited availability of validation data currently restricts the reliability of indoor air flow

simulations by CFD. Full-scale validation studies of realistic indoor configurations have not

been reported on extensively in literature (Lemaire 1992). This is likely due to the high

costs related to undertaking full-scale experimental research and the limitations of currently

available measurement techniques (Loomans and van Mook 1995). The characteristics of

indoor air flow (low velocity and high turbulence intensity) and the level of accuracy

required for validation place high demands on measurement techniques.

In recent years a number of new ventilation systems and strategies have been introduced to

improve air quality, thermal comfort, and energy efficiency. This has changed the nature of
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current air flow problems. However, most CFD-results that have been presented so far are

for relatively simple and stylistic configurations.

Approach - Given the status of indoor climate research described above and the obvious

importance of good indoor environmental conditions, new research is needed to bring the

current shortcomings in the prediction of the indoor air flow to the fore. Currently the

available information, both experimental and numerical, is limited and often fragmented

(Loomans and van Mook 1995). This study should therefore consider the two most

important methodologies to acquire data that are applied in indoor climate research:

1. Measurements;

 - measurement techniques,

 - available and new indoor climate data.

2. Simulations;

 - simulation techniques,

 - validity and sensitivity.

Furthermore, this study should focus on: Contemporary ventilation strategies.

So far, a study that combines all of these aspects has, to the best of our knowledge, not been

undertaken.

1.2 STATUS OF RESEARCH

This section provides a further elaboration of the subjects to be investigated in this study.

This includes a discussion of the status of indoor environmental research and ventilation

strategies.

1.2.1 Measurements

Data - Data on air velocity and temperature describe the flow field characteristics and are

required for numerical validation purposes. Some experimental benchmark studies are

available. For example: a two-dimensional isothermal ceiling jet in an enclosure (Nielsen

1974) and a differentially heated cavity with a hot and a cold wall (Cheesewright et al.

1986). These studies have been used extensively to validate CFD-programs and simulations,

but the configurations generally differ from practical indoor air flow problems. Therefore,

the measurement of a realistic indoor air flow pattern is necessary to judge the validity of a

corresponding CFD-simulation. In order to make a comparison, the data, obtained by

measurement or simulation, should be accompanied by the prevailing boundary conditions.
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Extensive in-situ measurement series by Thorsauge (1982), Hanzawa et al. (1987) and

Melikov et al. (1988 and 1990) provided a better understanding of the actual indoor air flow

characteristics. These results however are not suitable for validation purposes as boundary

conditions are not known and there are not enough measurements for a single flow pattern.

Other than the Annex 20 ‘Air flow patterns within buildings’ by the International Energy

Agency [IEA] (Lemaire 1992) there are very few sources of well documented full-scale

indoor air flow measurement results. Given the additional consideration for variation in

indoor air flow patterns, the number of full-scale indoor air flow measurements for

comparison with, and validation of CFD-simulations is very limited.

Technique - Nearly all of the studies to date applied a hot sphere anemometer to measure

the air velocity (Dantec 1985, Crommelin and Dubbeld 1976). Although this type of

anemometer has been especially developed for indoor air flow registration, the signal tends

to drift over time and its accuracy depends highly on the application conditions and on

regular calibration. In addition, the sensitivity to the calibration conditions and the dynamic

characteristics of the sensor are not well-known.

Given the shortcomings of the hot sphere anemometer, there is a great interest to use new

measurement techniques. However, the indoor flow characteristics restrict the number of

applicable techniques considerably. In order to select the right technique to use, a good

overview of the available measurement principles is necessary. However, such an overview

does not yet exist.

1.2.2 Simulations

Over the last years CFD has taken a prominent position for simulation of indoor air flow

problems. One of its main advantages over other tools is its ability to simulate a wide range

of configurations. The development of commercial versions of the CFD-program with

extensive data handling possibilities, combined with the rapid increase in computer power,

over recent years have further enhanced its practical application. Since its introduction CFD

has been applied for a wide range of indoor air flow problems (see proceedings of

Roomvent 1992; 1994; 1996; 1998).

CFD was first deployed for the simulation of fundamental indoor air flow patterns shortly

after the development of the first code (Nielsen 1974). It took approximately ten years

before CFD was used for more practical indoor air flow problems. This was largely due to

limitations of computer processing power. The validity of the applied turbulence models

was confirmed for typical benchmark studies. However, for practical indoor air flow
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problems differences between measurement and simulation were always found (Chen 1988).

In most cases, the qualitative solution is in agreement with experimental data, but for a

quantitative agreement the model often had to be adjusted with empirical data. This is

because discretisation and turbulence modelling have oversimplified the flow problem. To

date there still are prevailing uncertainties with the turbulence modelling and the solver

techniques. Yet a lot of simulation results are presented without comparison to measurement

results. Therefore, the reliability of these simulation results is not known.

Efforts to improve the reliability of the CFD-technique is only possible through comparison

with accurate full-scale measurement results. The empty room has been the most commonly

used subject of investigation and relatively good results have been reported (Lemaire 1992).

A more realistic flow problem is one that takes into account the effect of multiple heat

sources and obstacles in a room. This puts much higher demands on the simulation process.

There are only few examples of this type of flow problem (e.g. Lemaire et al. 1995). This is

particularly true for cases where contemporary ventilation techniques are being used.

1.2.3 Ventilation techniques

The number of indoor air flow configurations is very large. Selecting the right strategy to

ventilate a room is dependent on many factors including the function of the building. This

work focuses on mechanical ventilation in office buildings.

Two main principles are available for mechanical ventilation of an office room: (1) mixing

ventilation and (2) displacement ventilation. Mixing ventilation means that the air is

supplied to the room at relatively high velocity. The entrainment of room air in the supply

jet causes a high degree of mixing to take place. As a result the temperature and

contaminant concentration tends to remain uniform. Mixing ventilation has been the most

important ventilation principle since the introduction of mechanical ventilation (Carrier

1965).

With displacement ventilation relatively cool and clean air is supplied at floor level at a low

velocity. Air from the lower part of the room is induced upward by rising convection flows

from heat sources in the room and then is removed at ceiling level. The air velocities in the

room are very low. A distinct characteristic of displacement ventilation is the vertical

temperature and contaminant concentration gradient, with a sharp horizontal interface

between the lower relatively clean and fresh air layer and the upper air layer which is

relatively warm and contaminated. Displacement ventilation is only applicable in cooling

situations. It was introduced for office environments in the early 80’s (Mundt 1996).
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Figure 1.1 describes the characteristic differences between the two ventilation principles.

The left part of the figure shows the flow pattern and to the right is the averaged velocity

magnitude, temperature and contaminant concentration as function of the height.

Although the vertical temperature gradient may negatively impact on the thermal comfort

requirements, displacement ventilation increases the ventilation effectiveness due to the

contaminant concentration gradient. The ventilation effectiveness gives an indication on the

effectiveness with which fresh air is supplied to the inhabited zone. Given the improved

ventilation effectiveness and the better air quality levels that can be obtained near the

occupant in comparison to mixing ventilation at the same amount of supplied air (Brohus

1997), displacement ventilation is increasingly being applied.

It is also possible to ventilate a room naturally. This is achieved by refreshing indoor air

with outside air through openings in the facade. For office rooms, natural ventilation alone

is, also in a moderate climate as in the Netherlands, unable to maintain the high level of

indoor air quality required throughout the year. Therefore, especially for larger office

buildings, mostly (central) mechanical ventilation is used.

Figure 1.1. Schematised representation of the mixing and displacement ventilation

principle; flow pattern (left) and variable gradients of the height (right). At a given height

the variable has been averaged over the total horizontal plane in the room.
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Centrally controlled air conditioning systems ignore the apparent differences in thermal

comfort requirements between persons (Benzinger 1979). The lack of occupant influence on

indoor thermal conditions has increased building related complaints (WHO 1983). These

complaints, along with an increasing environmental awareness, has lead to a search for

alternatives that allow a more natural way of climatising the indoor environment that also

provide more individual control (Hawkes 1996). This is known as ‘bioclimatic design’. In

these designs the outdoor climate supports the indoor climate and individual control

becomes possible through control of well-thought out facade openings.

Despite this trend to use more natural ventilation, mechanical air conditioning may still be

necessary under extreme outdoor climate conditions. In order to achieve thermal comfort,

air quality and low energy use, increasing attention is being given to systems which intend

to influence only the immediate surrounding of the person operating the system: task

conditioning systems (Bauman et al. 1994). These systems create a micro-climate within a

macro-climate (see Figure 1.2). As a result of having local zones, strict comfort-related

requirements for the air conditioning of the macro-climate may be mitigated, thereby

improving for example, energy efficiency (Bauman and Arens 1996). Providing individual

control of thermal conditions within the micro-zone is seen as the major factor in improving

user satisfaction. Therefore, task conditioning systems are considered to be an integral part

of the new so-called ‘high tech buildings’.

In contrast to mixing and displacement ventilation, the effectiveness of natural ventilation

and task conditioning systems is extremely difficult to predict; particularly with today’s

tools. As a result very little is currently known about the performance of these new

innovative systems. Given the strict requirements put in standards (ASHRAE 1992) and the

potentially high life cycle costs involved in climatising a building, a reliable prediction of

indoor air conditions nevertheless is needed.

Figure 1.2. Objective of the task conditioning principle: micro- versus macro-climate.
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1.3 RESEARCH OBJECTIVE

As discussed in the previous section, current tools and methods being used for the

prediction of the indoor climate still have information gaps which reduce their reliability

and accuracy. The increasing complexity of the flow problem created by new and

innovative ventilation systems only underscores the need for more reliable tools.

The main aim of this research therefore is to improve the knowledge on the techniques used

to predict the indoor climate. If the indoor climate can be predicted more reliably by better

verified techniques, then it will be possible to optimise indoor air quality, thermal comfort

and energy use during the design phase.

The objectives of this thesis are:

• To explore and summarise the options for measurement of indoor air flow patterns, with

respect to accuracy, sensitivity and applicability.

• To reveal current limitations in the numerical simulation of indoor air flow and its

sensitivity to input parameters. (Attention is put on the numerical result rather than to

improve the turbulence modelling.)

• To obtain well documented full-scale measurements in a climate chamber that can be

used for comparison with CFD-simulations.

• To investigate a type of flow problem that subscribes to the current view in ventilation;

i.e. task conditioning.

1.4 OUTLINE OF THE THESIS

In this thesis the above mentioned objectives are elaborated on. First however, in Chapter 2,

an introduction will be given to thermal comfort and ventilation. This chapter provides the

framework for this thesis. Especially the current attitude towards predicting thermal comfort

will be discussed by comparing the two main approaches to mathematically model thermal

comfort: the climate chamber and the adaptive approach. The description of the ventilation

of a room is focussed on task conditioning. Here also the desk displacement ventilation

(DDV-) concept is introduced. This concept will be applied in the full-scale experiments

that are discussed later on.

Before the experiments are discussed, Chapter 3 and Chapter 4 focus on the tools under

investigation: measurement and simulation techniques. With respect to the measurement

technique an overview is given of velocity measurement principles and an evaluation is
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made on the applicable techniques for measurement at indoor air flows. From this

evaluation the hot sphere anemometer and particle tracking velocimetry are explored

further, experimentally as well as numerically. Chapter 4 presents a short introduction into

turbulence modelling and numerical simulation of air flow. A case study of a displacement

ventilated office room is used to indicate some of the restrictions of CFD. Also a

comparison of different available grid techniques is presented.

Extensive full-scale climate chamber experiments of an office room ventilated with the

DDV-concept are discussed in the next two chapters. Chapter 5 presents an accurate

description of the experimental set-up and the measurement tools and procedure. In Chapter

6 the results of the full-scale experiments are discussed for eight cases in which the supply

air - wall temperature difference, the flow rate and the heat load have been varied. In this

discussion comparison is made with results found in literature. The importance of the wall

heat transfer on the total heat balance is a typical aspect of the described experiments. The

applicability of the measurement results for comparison with CFD-simulations is confirmed.

In Chapter 7 the experimental results are compared with similar CFD-simulations. Focus

has been put on the influence of wall heat transfer and turbulence modelling on the

simulated indoor air flow. This chapter is concluded with a discussion of the simulation

results for all investigated cases.

Finally, in Chapter 8, the DDV-concept is evaluated from the experimental and numerical

steady state results as described in the previous two chapters. Furthermore, the transient

behaviour is investigated experimentally and numerically to determine the applicability of

the DDV-concept, as task conditioning system, for normal office configurations. Results of

an improved version, investigated with the in Chapter 7 validated CFD-model, end this

chapter.

The most important discussions and conclusions are summarised in Chapter 9. Furthermore,

possible future developments are indicated.
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Chapter 2

THERMAL COMFORT AND VENTILATION

2.1 INTRODUCTION

The occupant appreciates the indoor climate mainly by its air quality and thermal

conditions. The air quality in a room, as perceived by the occupant, is a function of the

indoor air pollution. If the thermal conditions satisfy the requirements of the occupant

thermal comfort is obtained.

Indoor air pollution may consist of compounds from different sources. Examples are,

inorganic (CO2, CO, etc.), organic (volatile organic compounds) and environmental

(tobacco smoke, radon) pollutants and biological agents (fungi, mites, etc.). It originates

from outdoor air, building materials, furniture and from man and his activities (Brohus

1997). To obtain minimum acceptable indoor air quality levels, a room must be ventilated

with fresh air. Minimum acceptable air quality levels are described in the standards in the

form of maximum concentration levels of chemical compounds and biological substances

and minimum air flow rates (NEN 1087, DIN 1946). Minimum air flow rates already were

prescribed in the previous century with respect to health as a result of growing cities and

increased governmental responsibility on public welfare (Donaldson and Nagengast 1994).

The perceived air quality cannot be determined objectively. It is defined as the immediate

impression of the indoor air quality experienced by people entering a space (Fanger 1988).

In this methodology, developed by Fanger, the perceived air quality is determined by a

sensory panel. The air quality is assessed in decipol or in the percentage of dissatisfied, the

air pollution load is given in olf (Fanger 1988). Though the assessment of the perceived air

quality as proposed by Fanger is shown to be successful (Fitzner 1998), it cannot be used

yet to predict the perceived air quality of a typical configuration.
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Thermal comfort/discomfort, conveys the general state of the human thermoregulatory

system. It is a function of amongst others the thermal conditions, the clothing, the activity

level and the physical condition of the occupant. Thermal comfort already was a topic of

concern in the previous century. In 1883 Hermans developed a theory on discomfort which

connected poor ventilation with the body heat loss mechanisms (Donaldson and Nagengast

1994). This theory has been elaborated on in the 20th century and forms the basis for the

present comfort requirements in relation to thermal conditions and ventilation, i.e. thermal

comfort. In the standards thermal comfort is defined as “the condition of mind that

expresses satisfaction with the thermal environment” (ASHRAE 1992, ISO 1984). The

prediction of thermal comfort has been standardised with models that have been derived by

Fanger (1970) and Fanger et al. (1988). However, the predicted comfort as is obtained from

these models are not in good agreement with the actually sensed thermal comfort. This will

be discussed further in Chapter 2.2.2.

The requirements for indoor air quality and thermal comfort are counteracting. High air

flow rates, as preferred for indoor air quality, may cause draught problems in the inhabited

zone. An optimal indoor climate, i.e. good indoor air quality and thermal comfort for each

individual occupant of a room is aimed at nevertheless. Preferably this already should be

confirmed in the design phase. Given these demands, present research is focussing on:

• the emission and absorption characteristics of materials,

• thermal comfort, and

• ventilation effectiveness.

Knowledge of the indoor emission of contaminants and the diffusion of the air flow are

necessary to predict the indoor air quality. As the indoor emission is not considered within

the scope of this thesis, the indoor air quality will not be discussed further.

The prediction of thermal comfort with the models of Fanger has shown to be unfeasible in

a large number of cases and therefore thermal comfort has remained a topic of concern

since. Currently new insights and new techniques are used to improve the creation of

thermally comfortable conditions to the occupant.

The effectiveness of a ventilation system is mainly determined by (a) the removal of

internally produced contaminants from the room and (b) the supply of fresh air of

acceptable quality in the room, in particular to the inhabited zone. The ventilation

effectiveness depends on the entire air flow pattern in a room. The availability of

Computational Fluid Dynamics significantly enlarged the possibilities to further investigate

this topic. In Roos (1998a) the effectiveness of ventilation is discussed extensively. The

basis of the work of Roos is defined by the age-of-air concept as has been introduced by

Sandberg and Sjöberg (1983).
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The present chapter on thermal comfort and ventilation describes the framework of this

thesis. Thermal comfort is discussed with respect to contemporary insights and thermal

requirements. Different ventilation principles are available to ventilate a room. After a short

overview, recently introduced design principles and techniques are discussed.

2.2 THERMAL COMFORT

2.2.1 Introduction

The human temperature regulation determines the physiological thermal comfort of the

occupant of a room, as the human body exchanges heat with the environment. Heat is

exchanged by radiation, convection and evaporation. The heat is primarily produced by

metabolism, which results from digestion. During normal rest and exercise this results in an

average temperature of the vital organs near 37oC. The body’s temperature control system

tries to maintain this temperature when internal or environmental thermal disturbances

occur.

Figure 2.1 shows the human thermoregulatory system as presented by Hensel (1981). The

controlled variable in the system is a weighted mean body temperature. It represents a

combined value of the internal body temperature and the average skin temperature, in which

the internal body temperature has an approximately ten times higher weight. Thermal

disturbances are either internal, e.g. heat generation due to exercise, or external, e.g. hot or

cold environments. Thermoreceptors in the skin register external thermal disturbances so

that the thermoregulatory system can react before the disturbance has reached the body

core. This thermoreceptive system also responds to the rate of change of temperature.

The human thermoregulation system can be subdivided in an autonomic and a behavioural

regulation (Hensel 1981). The autonomic regulation is controlled by the hypothalamus,

governing the heat production (e.g. by shivering); the internal thermal resistance (e.g. by

control of the skin blood flow); the external thermal resistance (e.g. by respiratory dry heat

loss) and water secretion and evaporation (e.g. by sweating and respiratory evaporative heat

loss). The set-temperatures for these various autonomic control actions can be different for

each person and they may vary separately and independently. The behavioural

thermoregulation is associated with conscious temperature sensation and feelings of thermal

comfort/discomfort (Hensel 1981). The temperature sensation results from the

thermoreceptor activity. Thermal comfort/discomfort conveys the general state of the

thermoregulatory system, i.e. the resultant of the thermoreceptor signals, internally and at

the skin. Examples of the behavioural regulation are active movement and adjustment of
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clothing. The technical regulation, indicated in Figure 2.1, relates to artificial control

systems, e.g. an air conditioning system.

The human response to the thermal environment can be found to depend on seven factors

(Rohles et al. 1993): (a) air temperature, (b) relative humidity, (c) mean radiant

temperature, (d) air velocity, (e) physical activity of the human occupant, (f) thermal

resistance of the clothing and (g) the temporal nature of the exposure. Given the thermal

parameters (a) to (d), thermal comfort can be attained by tuning the behavioural parameters

(e) to (g) or reverse. The perception of thermal stimuli is innate (Cabanac 1981). Whether

thermal comfort is attained is determined by the condition of the human body, which is

monitored by the sensory organs (Hensel 1979, Benzinger 1979).

In Hensel (1981) a summary is given of the physiological conditions for steady state general

thermal comfort. General thermal comfort results from the integrated signals from various

internal and external thermoreceptors. Warm discomfort is closely related to the rate of

sweating, which in itself is initiated by a warmth-sensation receptor in the hypothalamus

(Benzinger 1979). Cold discomfort is a response to the temperature of the skin, as

monitored by cold-receptors in the skin. Ideal thermal comfort, according to Benzinger,

therefore can be defined objectively as “the absence of punitive impulses from both receptor

Figure 2.1. Schematic diagram of the human thermoregulatory system (from Hensel

(1981)).
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fields” or “a state in which there are no driving impulses to correct the environment by

behaviour”. Ideal thermal comfort is defined by the absence of cold-reception at the skin

and central warmth-reception, without overlapping. In most cases however, e.g. when

performing exercises, a mixed comfort situation is obtained with cold discomfort at the skin

and warm discomfort due to a too high central temperature.

When designing the indoor climate, thermal comfort should be attainable for the occupants.

Given the complexity, due to the variation in parameters (a) to (g) as mentioned above and

the differences between people, mathematical models have been derived that predict the

average acceptability of an indoor climate. Two types of approaches are found to predict

steady state thermal comfort. One approach is based on the heat balance of the human body.

The second approach assumes an adaptation to the thermal environment to a certain degree.

Furthermore, besides the physiological and behavioural adaptation also psychological

adaptation may be distinguished. The two types of approaches will be discussed next.

2.2.2 Models for thermal comfort

Different concepts have been applied to derive a practical relation between the thermal

environment and the physiological and psychological well-being of the person that is or will

be exposed to this environment. These concepts can be categorised into two clearly

distinguishable approaches:

(1) the heat balance approach; a method for the calculation of steady state thermal comfort

obtained from climate chamber research.

(2) the adaptive approach; a relation for steady state thermal comfort derived from studies

in the field. Assuming people will have adapted to the indoor thermal conditions,

incorporating known and unknown psychological influences, the indoor and outdoor

temperatures are the dependent variables.

In this section the two approaches will be discussed and evaluated with respect to the

practical application.

The heat balance approach - Fanger (1970) is a well-known representative of the heat

balance approach. Fanger assumed homogeneous climatological conditions around the

human body and formulated a steady state heat balance equation for the human body to

arrive at a thermal comfort relation. This heat balance equation is given by:

,CRK

KLEEEH reswd

+=
=−−−−

(2.1)
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where, H is the internal heat production in the human body, Ed the heat loss by water vapour

diffusion through the skin, Esw the heat loss by evaporation of sweat from the surface of the

skin, Ere the latent respiration heat loss, L the dry respiration heat loss, K the heat transfer

from the skin to the outer surface of the clothed body (conduction through the clothing), R

the heat loss by radiation from the outer surface of the clothed body and C the heat loss by

convection from the outer surface of the clothed body.

Fanger defined satisfaction of Equation 2.1 to be a necessary but certainly not sufficient

condition for steady state thermal comfort. The human thermoregulatory system is very

effective and therefore will be able to create heat balance within wide limits of the

environmental variables, even if thermal comfort does not exist. In Equation 2.1, the skin

temperature (Tsk), as appears in Ed and K, and the sweat secretion (Esw) are the only

physiological variables that can influence the heat balance at a certain activity level.

However, the range over which Tsk and Esw may vary is limited for thermal comfort

conditions and only applicable to an individual person at a specific activity level (Hensel

1979, Benzinger 1979). Climate chamber results were applied to develop empirical

relations for the mean skin temperature and sweat secretion as a function of activity level,

clothing insulation and environmental conditions (Fanger 1970).

Predicted Mean Vote - Practical application of the heat balance equation was proposed by

Fanger, by formulating a thermal comfort equation which allows the prediction of the

thermal sensation of a group of persons in an arbitrary, but stationary, climate, the Predicted

Mean Vote (PMV). The basis of this equation was obtained from the above mentioned

experiments, in which the thermal sensation vote indicated the personally experienced

deviation to the heat balance (-3 [cold] to +3 [hot]; seven point scale, 0 = neutral

(optimum)). Applying this PMV-equation, the thermal sensation for a large group of persons

can be determined as a function of the activity, clothing, air temperature, mean radiant

temperature, relative air velocity and air humidity.

In Figure 2.2 the sensitivity of PMV to velocity, humidity, clothing insulation and

metabolism is presented as a function of the temperature. For each variable the range that

can be found in a normal office environment is indicated (ASHRAE 1992, Loomans and

van Mook 1995). Given the boundary conditions and the applied ranges, in Figure 2.2 PMV

generally varies between cool (-2) and warm (+2). The sensitivity of PMV to the

temperature is largest. Of the other variables, the sensitivity to the metabolism is most

pronounced. The standards require 5.0≤PMV for an office environment (ASHRAE

1992, ISO 1984).

Fanger assumed that the vapour permeability of the clothing was not important in the

prediction of PMV. The heat loss from sweat secretion is defined at the surface of the skin
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and assumed to evaporate completely at the skin at moderate sweat secretion and air

temperatures. An improvement of the PMV-model was proposed by Gagge et al. (1986) by

including the physiological heat strain caused by the relative humidity and vapour

permeability properties of clothing.

Predicted Percentage of Dissatisfied - Fanger derived a second equation, the Predicted

Percentage of Dissatisfied (PPD), which indicated the variance in the thermal sensation of

the group of persons exposed to the same conditions. This equation was derived from the

earlier described experiments. Dissatisfaction with the thermal environment, discomfort,

was defined for those who voted cool (-2), cold (-3), warm (+2) or hot (+3). Under optimal

thermal conditions (PMV = 0) a minimum of 5% dissatisfied is found, assuming identical

activity levels, clothing and environmental conditions. In Figure 2.2 the PPD-value is given

at the outermost right axis (non-linear scale).

Fanger (1970) furthermore assumed that a room-averaged PPD-value can be derived for

thermally non-uniform rooms. From the measured thermal variables at equally distributed

positions in the occupied zone of a room the PMV and the corresponding PPD-value can be

calculated. The room-PPD-value then can be determined as the average from the PPD-
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Figure 2.2. Sensitivity of PMV to variation in velocity, humidity, clothing insulation and

metabolism as function of the homogeneous air temperature (Tmrt = Tair). For each variable

three lines are given. The thick lines present the result for the indicated range of the

investigated variable and the thin line the result for the median value. When the variable is

not changed constant values are used: u = 0.1 m/s, ϕ = 50%, Iclo = 0.8 clo, M = 58.2 W/m2.

The corresponding PPD-value is indicated at the outermost right axis (non-linear scale).
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values at the points. As Fanger derived the thermal comfort equation from experiments in a

thermally uniform environment, the validity of a PPD-value in a point in a non-uniform

environment however is questionable. It supposes thermal comfort in a point, whereas the

mathematical model has been based on the judgement by people (at a larger scale).

Asymmetric Thermal Conditions - It is possible to balance Equation 2.1 under asymmetrical

thermal conditions, but there are restrictions with respect to the degree of asymmetry for

thermal comfort. Fanger (1970) indicated three causes for non-uniform heating of the body:

asymmetric radiant fields, warm or cold floors and draught. The vertical air temperature

gradient can be an additional cause for discomfort due to asymmetric conditions.

In Fanger (1970) and Krühne (1995) experimental results are described which indicate that

more than 95% of the people are satisfied when the differences in radiant temperatures

within the enclosure as function of the direction remain below 10oC. For warm ceilings the

radiant asymmetry should not exceed 3.5oC (Krühne 1995). The influence of warm or cold

floors on thermal comfort is highly dependent on the foot wear. High floor temperatures of

29oC did not show discomfort for persons wearing light shoes. The lower temperatures at

which comfort can be attained is 17-18oC (Nevins and Feyerherm 1967).

The sensation of draught, defined as an unwanted local convective cooling of a person, is

dependent of the thermal comfort state of the person. Persons already feeling cool will

complain of the sensation of draught, whereas the same condition may have a positive effect

on a person feeling warm. Fanger et al. (1988) derived a relation for the risk of draught, the

predicted percentage of dissatisfied due to draught (PD), as a function of the temperature,

the mean air velocity and the turbulence intensity (TI; see Chapter 3.2 for the definition).

This relation was obtained from similar climate chamber research as for the PMV-model.

The velocity and turbulence intensity were registered at three points in a vertical line at 0.15

m behind the neck of a seated person. The registered values at head level (1.1 m) were used

for the PD-model.

The draught risk model has been introduced to compensate for the heat transfer effect of

turbulence which is not accounted for in the PMV-model. Under normal office indoor air

conditions, the draught risk model typically leads to the requirement to keep the velocities

very low (u < 15 m/s). In Figure 2.3 the sensitivity of PD to the turbulence intensity and the

temperature as a function of the velocity is shown. The standards (ASHRAE 1992) require

that PD < 15% (grey area in Figure 2.3)

Warm discomfort at the head and/or cold discomfort at the feet can be expected in thermally

stratified flow patterns as for example present in a displacement ventilated room (see Figure

1.1). Olesen et al. (1979) reported that more than 5% of the people feel locally
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uncomfortable when the air temperature difference between head (1.1 m) and ankle (0.1 m)

is larger than 2.8oC. The test were made for 3 hours occupancy.

Non-Steady Thermal Conditions - According to Fanger (1970) the PMV-equation can also

be applied under quasi-steady-state conditions. Fanger concludes that sudden changes in the

temperature are anticipated promptly by the regulatory mechanism. From a comfort point of

view, harmonic temperature fluctuations were found to be acceptable if ∆T2⋅cph < 4.6oC2/h,

where ∆T is the peak-to-peak amplitude of the air temperature and cph the cycling

frequency per hour (Sprague and McNall 1970). The peak-to-peak temperature amplitude

decreases with increasing fluctuation frequency as the cold-receptors at the skin also sense

the rate of change of the temperature. Therefore it is an additional critical parameter for

thermal comfort. Radiant temperature fluctuations were not included in the temperature

fluctuation experiments of Sprague and McNall. Hensen (1991) derived a peak-to-peak

amplitude and cycle rate of the operative temperature at ∆T2⋅cph < 1.2oC2/h, if the operative

temperature is defined as the arithmetic mean of the dry bulb temperature and the mean

radiant temperature.

Besides cyclic temperature changes, thermal comfort can also be influenced by non-cyclic

temperature changes (passive or actively controlled). Berglund and Gonzalez (1978a,b)

found that, for sedentary persons, a 0.5oC/h temperature change up to 2oC from the neutral

0 0.1 0.2 0.3 0.4 0.5
0

20

40

60

80

100

   0 %

  5
0 

% 1
00

 %

Velocity [m/s]

P
D

 [%
]

Figure 2.3. Sensitivity of PD to turbulence intensity (TI = 0..100 %) and temperature

[  : T = 23oC;    : T = 20oC] as function of the velocity. For each temperature

three lines are indicated. The thick lines present the range (0 and 100%) and the thin line

the result for the median value (50%).
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point reduces the thermal acceptability to about 80%. Benzinger (1979) found that there is a

steady daily rhythmic change of the set point of the human thermostat with an amplitude of

±0.5oC. The minimum set point occurs in the early morning and the maximum late in the

afternoon and early evening. When cooling, an energy conserving slow rise during day-time

therefore may be preferable, as the tolerance for heat increases during the day (Benzinger

1979).

The adaptive approach - Instead of the use of climate chamber experiments to determine

the heat balance as found in the work of Fanger, Humphreys (1976, 1994) supports the so

called adaptive approach. From a global field-study on the relation between thermal comfort

and temperatures, Humpreys found the existence of large temperature differences between

different groups of people feeling thermally comfortable. These differences could not be

explained solely from differences in clothing, the range was about twice that large. As a

result comfortable temperatures as derived from the heat balance approach could not be

brought into agreement with the comfort conditions found in daily life (Humphreys 1976).

Humphreys, unlike Fanger (1970), found a relation between the mean temperature (Tm),

defined as the mean air temperature experienced by the population under investigation

during their waking hours over a period of a month, and the neutral room temperature (Tn),

defined as the air temperature found to be “neither warm nor cool” (or “comfortable”). So

people will adapt to certain outdoor climatic conditions. E.g., in a hot climate people will

acclimatise to higher temperatures indoors than in temperate climates, even though other

environmental thermal comfort parameters suggest a too high PMV. Given this fact

Humphreys (1976) derived a relation for the prediction of thermal comfort as a function of

the prevailing room temperature and the above defined Tm.

Discussion thermal comfort concepts - Comparison of the thermal comfort votes obtained

from questionnaires and the estimated PMV-value applying the heat balance approach

shows large discrepancies (Humphreys 1994). An average error of ±3oC was found between

the mean vote on thermal comfort and the PMV. Gan and Croome (1994) found that the

neutral temperature for occupants of five naturally ventilated offices, situated in the United

Kingdom, was 1 to 2oC lower than the temperature that would be determined from Fanger

(1970). A thermal comfort study in naturally ventilated and air conditioned offices in

Thailand indicated acceptable temperatures respectively 5oC and 2oC higher than the

comfort standard’s value (Busch 1992). Increasing deviations in the estimated comfort

value are found when clothing and activity level differ from the sedentary subject in light

clothing. As activity levels frequently vary and often differ from the sedentary activity, the

thermal comfort prediction as found via PMV therefore is questionable.
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An invariable neutral temperature for thermal comfort at standard metabolic rate and

standard clothing, though expected to exist, seems to vary more profoundly than presumed.

Humphreys (1978) indicates that (personal) comfort temperatures seem to be correlated

with climatological conditions. Despite the lighter clothing and higher velocities, evidence

of acclimatisation was also proposed by Busch (1992) to describe the contrasts in thermal

neutrality between Thai office workers in naturally ventilated and air conditioned offices.

Hensel (1981) summarises some results which discuss the accommodation to extreme

thermal conditions. However, in Brager and de Dear (1998) results are summarised which

do not subscribe to the effect of accommodation of building occupants to the outdoor

conditions. The work of Humphreys in this respect can be criticised, as non-temperature

related changes in the thermal comfort parameters have not been addressed in the field

studies. Therefore, the influence of these other parameters on the thermal comfort cannot be

judged.

The sensitivity of the thermal comfort equations to the different variables is shown in

Figures 2.2 and 2.3. The grey areas in both figures indicate the combined value for the

different variables which satisfy the standards criteria (ASHRAE 1992, ISO 1984). Besides

the requirement of uniform thermal conditions, the accurate prediction of thermal comfort

by the PMV- and PD-equation is hampered by,

• uncertainties in the estimated clothing insulation,

• uncertainties in the estimated metabolic rate,

• uncertainties in the posture in relation to the effective surface area,

• uncertainties regarding the generalisation of the results obtained for a particular group

under particular conditions.

Several authors discuss results which indicate the above mentioned restrictions of the use of

PMV and other comfort equations for the determination of thermal comfort (Wyon 1994,

Brager et al. 1995, Ong 1995, Parsons 1994, Brager and de Dear 1998). E.g. the

metabolism is sensitive to the weight, the health and the gender of a person. Even for sitting

quietly the difference can mount up to 40% (Ong 1995). A broad consensus can be found on

the fact that thermal comfort or neutral thermal sensation is not necessarily equal for a

significant number of people. Brager et al. (1995) conclude that “people’s preferences for

non-neutral (warm or cool) thermal sensations are common, vary asymmetrically around

neutrality, and in several cases are influenced by season”. Wyon (1994) shows that the

average neutral temperature is of little interest because the 95% range of the individual

neutral temperature falls within a wide range of 10oC.

Further remarks can be made on the steady state of thermal comfort. Though most comfort

indices, such as PMV, were determined for steady state conditions, everyday live is far from
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being steady state. For example, time lags appear between the start of an activity and the

thermal equilibrium of the body. Typically this time lag is small, in the order of several

minutes. However the recovery of thermal comfort after ending the activity normally takes

longer.

Finally, a psychological point of departure for the concept of thermal comfort is given by

Cabanac (1996). When comfort is defined as the “subjective indifference to the thermal

environment”, indicating a stable situation, sensory pleasure is aroused if a troubled

situation is corrected. Sensory pleasure, which is more pleasant than the indifferent comfort,

is temporary, as from the troubled situation a comfortable situation is wanted. Therefore, if

the human being is given the freedom to change a situation, it will strive for maximising the

pleasure. From this concept one may conclude that variations in the thermal comfort

conditions (in time and place) shouldn’t be avoided at all costs, as long as one is able to

correct the situation to a comfortable one. In this context McIntyre (1981) stated that “a

person’s reaction to a temperature which is less than perfect will depend very much on his

expectations, personality and what else he is doing at the time”. Brager and de Dear (1998)

describe that people’s expectations in naturally ventilated offices were much more relaxed

than those for closely controlled air conditioned buildings. They conclude that not only

behavioural adjustment but also expectation has a great influence on thermal comfort.

2.2.3 Current attitude to thermal comfort

After the discussion on thermal comfort concepts in the previous section, the question

remains which concept can be applied best for assessing thermal comfort. Despite the

indicated reservations, the standards (ASHRAE 1992, ISO 1984) prescribe the results as

obtained from the climate chamber approach. Humphreys (1994) adheres to an inclusive

approach instead of clinging on to one of the two concepts. Feedback will always take

place, people are not passive in the acceptance of the provided environment, they will

modify the environment or change places in order to arrive at a desired thermally

comfortable situation. But when adaption is not possible due to requirements in posture,

activity level, clothing ensemble and thermal environment, the heat balance approach will

perform better (Humphreys 1994).

Fanger (1994) already indicated that some people, due to inter-individual differences, will

still be feeling thermally uncomfortable though the fixed group optimal temperature level,

i.e. the optimum solution, is obtained. The work of Humphreys and others underline the

restrictions of the PMV-model on this point, but they don’t provide a direct solution on how

to deal with the personal thermal comfort that is to be predicted for newly designed

buildings.
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A direct result of the apparently unbridgeable differences between individuals regarding

thermal comfort levels, physiological activity and the psychological state of mind, is that

thermal comfort only can be achieved when each individual is able to set thermal comfort

parameters themselves. This has recently also been recognised by Fanger (1997). When the

influence on the thermal conditions is restricted to a small area around the personal, thermal

comfort in principle can be obtained for every person occupying a room. Different studies

show that a reduction in sick leave and in sick building syndrome (SBS) related symptoms

(WHO 1983) can be obtained when individuals can control their own thermal environment

(Preller et al. 1990, Raw et al. 1990; in Wyon 1994).

The range over which individual control should be possible has not been described

extensively in literature. Wyon (1996) presents results of the performance improvement of a

task when individual control is possible in the temperature range of ±3oC. In that case 99%

of the occupants are able to achieve thermal comfort when the room temperature is set to

the group average neutral temperature. At ±2oC, this would be 90%.

A first indication on the flow velocities necessary within the controlling range of the

occupant has been investigated by Fountain et al. (1994). From climate chamber

experiments Fountain et al. obtained air velocity preferences of people who have control

over local air movement sources, aimed at the head, under varying ambient air temperatures

within a range of 25.5 - 28.5oC. The results were obtained from three different air

movement sources. From these results Fountain et al. derived a relation for the predicted

percentage of satisfied (PS), as a function of the operative temperature and the preferred

velocity. In these results no effect of turbulence was evident. The operative temperature is

the average of the air temperature and the mean radiant temperature weighted by their

respective heat transfer coefficients (ASHRAE 1992).

The PS-model predicts the percentage of satisfied in contrast with the model of Fanger et al.

(1988) which predicts the percentage of dissatisfied due to draught (PD). Figure 2.4

presents the preferred velocity as function of the operative temperature for PS = 85% and

for PD = 15% at different constant turbulence intensities. Because people are not assumed

to have control over the thermal environment in the PD-model, differences between

velocities as predicted by the PS- and the PD-model already are rather large at low

turbulence intensity levels. Remark that the PD-model as derived by Fanger et al. was fitted

from experimental results for a maximum air temperature of 26oC.

The applicability of the PS-model of Fountain et al. is restricted, as it is only valid for

relatively high air temperatures. Under normal temperature conditions the preferred

velocities will remain low, even when the thermal conditions are controlled individually.
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The work of Wyon and Fountain et al., nevertheless, provides a point of departure for the

thermal conditions that should be attainable. However apparent issues remain open. How to

avoid interference between work places ? What to do when persons move around ? Can the

individual user effectively control the environment ? Is the user able to select optimum

conditions ? (Parsons, 1994) These questions need to be answered before individual control

can be accepted and preferred beyond any doubt above other solutions.

2.3 VENTILATION

An important part in the search for optimal indoor air quality and thermal comfort is

reserved for ventilation systems and the resulting characteristics of the air flow pattern. A

short overview of established and recently introduced ventilation principles is presented.

2.3.1 Overview

A subdivision in natural and mechanical ventilation is made. Mechanical ventilation is

applied most often as it allows a close control of air quality. Furthermore, the supply air

may be conditioned with respect to temperature and humidity and, to a certain level, may be

cleaned of outdoor contaminants and dust. In the past few years natural ventilation however
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Figure 2.4. Preferred velocity as function of the temperature for PS = 85% [  ], the

predicted percentage of satisfied according to Fountain et al. (1994), and for PD = 15%

[  ] at different turbulence intensities (TI), the predicted percentage of dissatisfied

according to Fanger et al. (1988).
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has regained interest, mainly because of consciousness of energy reduction and complaints

of SBS. For natural ventilation the flow pattern that is obtained is a function of the outdoor

conditions and the position and type of the apertures. Therefore, control of the air flow rate

is low and sometimes the minimum required air flow rate for an acceptable air quality level

cannot be obtained. Zeidler and Fitzner (1998) furthermore indicate restrictions in the

maximum cooling capacity (in the order of 20 W/m2) when using natural ventilation.

With mechanical ventilation the air mostly is introduced at relatively high velocity (u > 1

m/s). Therefore mixing of the supplied air with the room air, through entrainment, should

take place before the air enters the inhabited zone. As a result, the mixing ventilation

principle is characterised by the absence of significant room temperature and contaminant

gradients. Displacement ventilation is different from mixing ventilation: the air is

introduced near floor level at a lower temperature and at relatively low velocity (u < 1 m/s)

and turbulence intensity. The exhaust is located at ceiling level. The characteristic

differences in the flow pattern between these two ventilation principles have been described

in Chapter 1.2.3.

A more recent air distribution principle for office environments, which like displacement

ventilation also originates from industrial application, is the task conditioning principle

(Bauman and Arens 1996). Here the supply air is introduced near the workplace close to the

occupant, so fresh air is supplied close to the occupant. The main objective of task

conditioning is to create a comfortable micro-climate within a macro-climate (see Figure

1.2). For office buildings the individual control of the thermal conditions within the micro-

zone is seen as a major design aspect for improving the user satisfaction. This characteristic

of task conditioning systems meets the current attitude with regard to thermal comfort as

described in Chapter 2.2.

Ventilation techniques for the entire room volume as mixing and displacement ventilation

cannot provide the required specifications for individual control and the conditioning of a

micro-climate, when more than one person occupies the room. These specifications only can

be obtained by task conditioning systems. Task conditioning is possible via natural

ventilation (bioclimatic design; see Chapter 1.2.3). The application then however is

restricted due to the variation in the outdoor conditions and the subsequent possible

mismatch with the required ventilation flow rates and thermal conditions. Though individual

control is possible given a conscious design, the creation of a micro-zone around the

occupant is difficult to obtain and often limited to the perimeter (Zeidler and Fitzner 1998).

As a result, mechanical ventilation systems will remain most interesting when the

application of task conditioning is concerned (high tech buildings; see Chapter 1.2.3). This

topic is discussed in the next sections.
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A hybrid ventilation system presents an integrated approach. It combines the positive

aspects of both natural and mechanical ventilation. The research into hybrid systems has

only started recently. Though the hybrid approach may be focussed on whole room

ventilation, it can also be applied for task conditioning. Then the mechanical part of the

hybrid ventilation system seems to be pre-eminently suited for air conditioning the micro-

climate near the occupant, whereas natural ventilation may be deployed for the conditioning

of the macro-climate.

2.3.2 Task conditioning systems

For the creation of a micro-climate by mechanical ventilation, the supply diffuser must be

situated close to the occupant. Task conditioning systems for office environments already

were identified in the 70’s to correct the thermal conditions near the occupant. Different

furniture-based and floor mounted supply diffusers for office environments and assembly

rooms can be found in Krantz (1984). Investment costs and the practicality of the technical

implementation however hampered its wide-spread introduction. These types of

personalised air supplies still form the basis of design for new task conditioning systems.

An overview of the currently available task conditioning systems is found in Bauman and

Arens (1996). These systems normally introduce the air from relatively small diffusers at

relatively high velocity and turbulence intensity to allow a high entrainment flow rate. In

Figure 2.5 five possible locations for task conditioning based supply diffuser are indicated.

Nearly all positions around the occupant may be used to create a micro-climate.

The in Figure 2.5 identified locations for task conditioning based supply diffusers can be

arranged to floor-based, desktop-based, partition-based and ceiling-based systems. The

exhaust normally is situated near ceiling level. The separate supply locations will be

discussed shortly using the information described in Bauman and Arens (1996). Floor-

based systems currently are the most commonly applied type of task conditioning system.

They are incorporated in raised floor systems and therefore, due to its modularity, have a

high flexibility. The control options heavily depend on the type of system. As relative high

supply velocities are required, draught discomfort may occur more often when the system is

not properly controlled. Desktop-based systems are available in a wide variety. For

example: free standing supply nozzles and desktop level grills at the back of the desk

surface or a linear grill at the front edge of the desk, facing the occupant. Mostly a floor

plenum is required to deliver the air to the desk. The main advantage of these systems is the

close and efficient control of the thermal conditions near the occupant. However, the air

velocity can be high and, because these systems mostly have a limited flexibility, the supply

diffuser may be covered or may be standing in the way. Partition-based systems can be
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used in open-plan office buildings with partitioned work-stations. The air is supplied above

desktop level and is delivered from the plenum through the partition. These systems

therefore have similar supply characteristics as desktop-based systems. An additional

advantage of partition-based systems is the option to condition the macro-climate through

openings on the top of the partition. Ceiling-based systems, generally adjustable jet nozzles,

have been designed in response to retrofit demands for conventional ceiling-based air

distribution systems. The control of these systems is possible through a remote control, but

the effectivity of the ceiling-based task conditioning systems is largely hampered by the

large distance between supply and occupant.

2.3.3. Desk displacement ventilation concept

In contrast to the characteristics of the above described task conditioning systems, the Desk

Displacement Ventilation (DDV-) concept is introduced. With the DDV-concept it is

intended to create a micro-climate by introducing the supply air below the desk, close to the

occupant (see Figure 2.6), applying the rules set by the displacement ventilation principle;

introduction of air over a relative large area at low velocity (0.1…0.2 m/s). In this concept a

displacement ventilation unit is situated below the desk top, against the back of it. A fan

may be incorporated in the unit to extract fresh air from a floor plenum. The fan-setting then

determines the flow rate. The temperature may be controlled via an electrical heater or by

adjusting the amount of recirculated room air with a mixing valve. Other air distribution and

air supply systems are possible to control the supply flow rate and temperature, e.g. a twin

duct system (Rutten 1996).

Figure 2.5. Overview of the identified locations for task conditioning based supply

diffusers.
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The DDV-concept intends to combine the positive features of displacement ventilation, e.g.

the ventilation effectiveness, with those for task conditioning, e.g. control on thermal

comfort requirements. This concept has been applied successfully in a high cooling load

project at a dealers room in Sydney, Australia1. The performance of the DDV-concept for

normal office configurations however is not clear. When the supply temperature is below

room temperature relative cool air is provided directly at a critical position of the body, i.e.

the ankles. Though thermal comfort is in direct control of the occupant, it is not evident:

• whether a micro-/macro-climate is created,

• what the performance of the DDV-system is in terms of cooling load and pollutant

removal capacities, under a wide range of occupant settings,

• what the macro-climate conditions are (given a micro-climate) and under which

circumstances additional cooling and fresh air is required.

The investigation into the applicability of the desk displacement ventilation concept for

normal office configurations is used for the full-scale experimental and numerical research

as indicated as the final objective in Chapter 1.3. The experimental and numerical set-up

and the results for an office room ventilated according to the DDV-concept will be

described in the Chapters 5 to 8. First however the applied tools for this investigation will

be discussed: measurement and simulation techniques.

                                                          
1 The DDV-concept was first applied by P.G.S.Rutten when he was with Lincolne Scott Australia Pty Ltd.

Figure 2.6. Schematic drawing of the desk displacement ventilation concept.
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Chapter 3

THE MEASUREMENT OF 
INDOOR AIR FLOW

3.1 INTRODUCTION

The impression of an occupant on a certain indoor environment is based on personal

experience and the physiological and psychological state of this occupant, i.e. the ‘sensor’.

Objective information is obtained when the indoor environment is measured by a technique

that is able to register a specific quantity unbiased and with a given accuracy. The data then

can be used to describe the indoor environment. The result also may be used to compare

with numerical simulations.

In Chapter 2 a number of important parameters, such as temperature, velocity, contaminant

concentration and ventilation effectiveness, have been given to describe the indoor

environment. This research is limited to the parameters flow velocity and air temperature.

The measurement of the ventilation effectiveness is described extensively in a related work

by Roos (1998a).

For temperature measurements well established techniques are available, e.g., the

thermocouple (ASTM 1981), the positive temperature coefficient resistor and infrared

thermography (Tanis et al. 1976).

The measurement of the room air velocity is more difficult than that of temperature. This is

especially true as the velocity is low (0…1.0 m/s) and the turbulence intensity is high (>

10%), as is the case in the indoor environment. Because measurement of the velocity is not

straightforward, this chapter concentrates on velocity measurement techniques for the

measurement of indoor air flow.
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First, the flow quantities and statistics that relate to indoor air flow are described. Next a

summary is given of indoor air flow measurement data found in literature. This overview

allows an estimation of the flow characteristics indoors. The available data is also assessed

on its applicability for validation of numerical simulations. The chapter is continued with a

summary of the principles to measure the air velocity. They are discussed with respect to the

requirements for usage in indoor air flow. From the latter discussion two techniques are

evaluated in depth, the hot sphere anemometer and particle tracking velocimetry. The actual

measurement at a full-scale configuration of an indoor air flow pattern will be discussed in

Chapter 5 and 6.

3.2 AIR FLOW PARAMETERS

The turbulent indoor air flow can be characterised by the instantaneous velocity u(x,t) of the

flow at position x and time t. The instantaneous velocity in the i-direction can be thought of

being composed of a mean velocity component, iu , and a fluctuating component, iu′ ,

superpositioned on it,

iii uuu ′+= , (3.1)

where i refers to the velocity component in the i-direction. Equation (3.1) is known as the

Reynolds decomposition. The averaged value of the instantaneous velocity can be

determined over a specific time period at a fixed point x, T
iu , in which T is the averaging

time; the Eulerian velocity. Or iu can be averaged spatially over a line segment at a fixed

time-point t, L
iu , in which L is the averaging length; the Lagrangian velocity. For both

expressions the averaged value of the fluctuating component, iu′ , is defined zero.

From the fluctuating velocity at one point the turbulent kinetic energy per unit mass (k) is

defined as

2

2

1
iuk ′= . (3.2)

The Einstein-summation convention is used. The relation of the turbulent kinetic energy to

the mean velocity, the turbulence intensity (TI), is defined as

i

u

i

i

uu

u
TI

σ=
′

=
2

, (3.3)

where σu is the standard deviation. the turbulence intensity (TI) often is multiplied by 100 to

give a percentage expression.
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Via auto-correlation information on the length scales of the flow can be determined if, for

point measurements, the Taylor hypothesis of ‘frozen’ turbulence ( ii xut ∂∂−≈∂∂ ) is

assumed. When the flow is simultaneously measured in more than one point, spatial, space-

time and time cross-correlations can be deduced (Hinze 1975).

Figure 3.1a presents the result of velocity measurements as registered in two separate points

in a room equipped with a displacement ventilation system (see Chapter 5 and further). The

measurements are obtained by a hot sphere anemometer with a 10 Hz sampling frequency.
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Figure 3.1a. Velocity registration at two positions in an indoor air flow pattern with a hot

sphere anemometer with a sampling rate of 10 Hz.
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Figure 3.1b. Power density spectrum of the velocity registration as shown in Figure 3.1a.
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The sampling time is in the order of the Kolmogorov time scale (Nieuwstadt 1994) for

indoor air flow. The mean velocity derived for each measurement is indicated by the full

line. The standard deviation to the mean value is indicated by the dashed line.

Figure 3.1b presents the spectral distribution of the signal applying Fourier transformation.

From the air velocity spectrum the spectral distribution of the turbulent kinetic energy can

be derived. The large eddies in the mean flow cause fluctuations in the low frequency range.

They are the main source for the production of turbulent kinetic energy due to shear in the

mean flow. The high frequency fluctuations are caused by the smaller eddies (Hinze 1975).

The turbulent kinetic energy as produced in the large eddies is transported to the smaller

eddies and eventually transformed to heat via viscous dissipation in the smallest eddies.

However, the transfer of energy to larger scales, the so called backscatter, is possible

(Piomelli et al. 1991).

3.3 TURBULENCE AND STATISTICS

If iu is continuously determined over a time-period or a line segment, the Reynolds

decomposition condition gfgf ⋅=⋅ , where f and g are fluctuating quantities, theoretically

is not complied with. This is due to the chaotic nature of turbulence, which says ii uu ≠  in

case the integration interval increases (Nieuwstadt 1992). The ensemble average should be

used instead, by repeating an experiment N times (same initial and boundary conditions).

Every realisation will have a different result and the ensemble average then is defined as

( )∑
=

∞→
=

N

n
i

N
i

n

u
N

u
1

1
lim ; (3.4)

in which n describes the realisation of the experiment.

Applying the ‘Ergodic theorem’, which states that stationary processes exhibit the property

of ergodicity1, for a stationary process the time averaged velocity can be derived from

i
avgT

i
avgT

uu =
∞→

lim . (3.5)

In a stationary process the probability density function is independent in time, the statistical

averages are constant or only dependent on the time span. Fluctuations in a stationary

process therefore by definition have a limited time scale, the integral time scale int
sT . The

integral time scale is a measure of the interval for which iu  is correlated with respect to

                                                          
1Ergodicity: the statistical parameters of a process, obtained by averaging over an ensemble of realisations,

are identical to the parameters obtained for a single experiment by averaging over time.
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time. When the averaging time Tavg comprises a large number of statistically independent

time intervals (= int
sT ), the hypothesis supposes the time averaged value avgT

iu  to be

equivalent with the ensemble averaged value iu . The same theorem holds for a

homogeneous process (Nieuwstadt 1992).

Given the above, the uncertainty in the measurement of the mean velocity iu and the

fluctuating component iu′ on the one hand is a function of the mean velocity, the integral

length scale ( int
sL = iu ⋅ int

sT ) and the turbulence intensity of the flow and on the other hand of

the sampling interval (∆t) and the total sampling time (tot
sT ) (Bruun 1995). As a result, the

level of accuracy that can be obtained is related to the flow pattern that is under

investigation and the number of independent samples (N) taken. In Appendix A a summary

is given of the derivation of the statistical uncertainty in a measurement. An example of the

statistical uncertainty is given below.

Consider a typical indoor air flow with an average velocity u = 0.1 m/s and a turbulence

intensity TI = 0.3. If the mean measured velocity, û , should be determined with an

inaccuracy of ±1% with a 98% confidence level, N can be determined at 4886 samples. The

optimum sampling interval is calculated from the integral time scale (int
sT ), that can be

estimated from the integral length scale and the mean velocity of the flow. When int
sL  is

estimated at 0.2 m (Melikov et al. 1988), then int
sT ≅ int

sL / u = 2 sec. The optimum sampling

interval is calculated at ∆t = 2 int
sT = 4 sec and the total sampling time at tot

sT = N⋅∆t =

19.5⋅103 sec. If the turbulence intensity is to be determined at the same accuracy and

confidence level, the total sampling time should be tot
sT = 22⋅104 sec.

When the total sampling time is 180 sec, as prescribed in ASHRAE (1992), the accuracy

that can be obtained depends on the flow that is under investigation. When the same

conditions are assumed as above, the maximum available number of independent samples is

N = 45. Table 3.1 presents a summary of the number of samples necessary for the required

accuracy and probability. A ±10% inaccuracy at a 95% confidence level can be obtained for

the given conditions and sampling time. If the turbulence intensity would be TI = 0.1, a ±5%

Table 3.1. Number of samples necessary for required accuracy of u  at TI = 0.3.

Inaccuracy

Probability ±1% ±5% ±10%

90 % 2450 98 25

95 % 3458 139 35

98 % 4886 196 49

99 % 5945 238 60
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inaccuracy at 99%-confidence level is possible. The required accuracy for a measurement,

therefore, either can be obtained by measuring over a very long time period at a large

sampling interval or by adopting an iterative measurement procedure.

3.4 INDOOR AIR FLOW MEASUREMENTS

The most extensive experimental studies into in-situ indoor air flows have been described

by Thorsauge (1982), Hanzawa et al. (1987) and Melikov et al. (1988 and 1990). The

measurements comprised a wide range of typical mechanical and natural ventilated spaces

(test rooms, living rooms, office rooms, theatres, etc.) and were performed in the occupied

zone at four different heights. The main conclusion from these studies is that mean

velocities and turbulence characteristics varied widely over the investigated spaces.

Typically, mechanically ventilated rooms revealed higher velocities, whereas the turbulence

intensities are of the same order of magnitude (0.05 - 0.40 m/s; 10 - 70% versus 0 - 0.20

m/s; 10 - 60%). Despite the extent of the measurements, they are not useful as a starting

point for numerical validation due to the limited information on boundary conditions and

experimental data. The measurements were meant for analysis of potential draught problems

(Fanger et al. 1988).

Results of climate chamber studies on offices are available more widely. Most of these

studies are performed for comparison with numerical results by techniques as

Computational Fluid Dynamics (CFD). Often scaled models of the physical indoor

environment have been used. Nielsen (1974) was one of the first to present indoor air flow

data for validation purposes. The flow was steady two-dimensional isothermal forced

convection, later extended to non-isothermal (Nielsen et al. 1979) and to three dimensional

flow patterns (Gosman et al. 1980). Another indoor air flow benchmark is the free

convection flow in a differentially heated cavity (Cheesewright et al. 1986, Cheesewright

and Ziai 1986, Nansteel and Greif 1981). For both benchmark studies good agreement was

found between measurements and CFD-simulations (Nielsen 1974 and Henkes and

Hoogendoorn 1992). For the differential heated cavity however special attention is required

for the discretisation and the turbulence modelling (Henkes and Hoogendoorn 1992).

Climate chamber data for more realistic indoor air flow configurations are presented in

among others Chen (1988) and the IEA Annex 20 research (Lemaire 1992). Both references

describe results for different types of ventilation configurations, experimentally as well as

numerically. Examples of more recent full-scale experimental results found in literature are

Jouini et al. (1994), Hawkins et al. (1995), Hu et al. (1996) and Yuan et al. (1997). Given
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the diversity in indoor air flow configurations, the number of available measurement results

nevertheless is restricted.

Characterisation - From full-scale measurement results as discussed above, an estimation of

the room flow characteristics can be derived to define the specifications for a measurement

technique. Table 3.2 presents an overview of this estimation. In Chapter 3.2 the flow

parameters have been introduced. For the estimation the room is subdivided in three zones,

according to the flow regimes that can be recognised (see also Figure 3.2):

• The region or a part of the room volume, referred to as zone, in which the air flow is

directly influenced by a source is indicated as the source-zone. Examples are terminals of

heating, ventilation and air conditioning (HVAC-) systems such as a radiator, an induction

unit or a cold ceiling. The flow in this zone considerably influences the thermal comfort

and the ventilation effectiveness. The source-zone definition may be refined when the

energy supply to the flow is considered: forced and free convection.

• Besides the well recognisable sources for an air flow, other objects also influence the flow,

e.g., walls and furniture. This zone is indicated as the boundary-zone.

• Finally, if the flow is the resultant of a combination of source and boundary influences, this

zone is indicated as the free-zone, defined as the room minus source-zone minus boundary-

zone.

Figure 3.2. Graphical representation of the subdivision of a room into zones, according to

the prevailing flow regimes.

Table 3.2. Estimation of the zonal air flow characteristics measured in rooms [scale 1:1]

as summarised from literature (Loomans and van Mook 1995).

Parameters source zone boundary zone free zone

mean velocity (u ) [m/s] 0.1…2.0 0.05…0.3 0.0…0.15

turbulence intensity (TI) [%] 5…25 10…30 10…50 to 100

frequency domain (f) [Hz] ~0…15 ~0…10 ~0…5

integral length scale (int
sL ) [m] -- -- 0.05…0.20
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Discussion - The values as presented in Table 3.2 are coarse but allow an indication on the

bandwidth of the prevailing conditions within each zone. A further narrowing of this

bandwidth is not practical given the wide variety in indoor air flow patterns. Highest velocities

naturally are found in the source zone. Given the type of diffuser or heat source and its

dimensions, the velocity can reach high values (1.0…2.0 m/s). These high velocities are not

found in the free-zone, which often corresponds with the inhabited zone, as draught-discomfort

must be avoided. In the boundary zone an estimation of the velocity is more difficult. Higher

velocities are only expected at a position where the flow impinges the wall or where the flow

hugs to the wall.

The turbulence intensity in most situations is high (>10%). This is due to the low velocities

that prevail and to the applied definition of turbulence intensity (see Equation 3.3). The

frequency domain which contains 80 % of the energy is restricted to the lower frequencies.

From the frequency distribution Hanzawa et al. (1987) and Melikov et al. (1988) also derived

information on the length scales of the flow pattern. The integral length scale presents

information on the largest eddies that appear in the flow. Given the low velocities and the

measurement technique that was used, the latter result however only presents an order of

magnitude value.

Most measurement results described above were obtained with hot sphere anemometers.

This type of anemometer has been specially designed for indoor air flow application, but is

known to have a restricted accuracy due to, e.g., the omni-directional registration, the self-

heating of the sensor and the calibration requirements. Moreover, this anemometer is sensitive

to the way it is being applied, on which only little information is available. Despite these

known drawbacks and the increasing interest in the indoor air flow, the applicability of new

techniques for the measurement at indoor air flows has not been discussed widely. The next

sections present a contribution to this discussion.

3.5 PRINCIPLES OF VELOCIMETRY

From the above summarised results, it is obvious that velocities are measured under a wide

range of flow and boundary conditions. The specifications of the velocity measurement

technique determine the feasibility to utilise it under given conditions. A first categorisation

of the available techniques is possible by distinguishing the operating principle;

- Visualisation techniques - These techniques make the whole flow pattern visible (for the

human eye). From recorded images of the visualised flow pattern it is eventually possible to

retrieve quantitative information; Examples: smoke and helium-filled soap bubbles.
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- Heat-transfer techniques - These techniques are based on the transfer of thermal energy

from a heat source to the fluid flow. The quantity of transferred energy is a measure for the

flow velocity; Example: hot wire anemometry.

- Time-of-flight techniques - In these techniques (1) the time interval between the upstream

injection of the tracer and its downstream detection is measured, or (2) the displacement of

a tracer during a time interval is measured. Sonic pulses, heat pulses, ions or particles can

act as tracer; Examples: sonic anemometry and particle tracking velocimetry (PTV).

- Kinetic energy techniques - The kinetic energy is transformed into a pressure difference,

which is a measure for the velocity of the fluid; Examples: Pitot tube and cup anemometer.

- Doppler effect techniques - Velocities are determined from changes in the propagation of

(light) waves through the fluid. The waves are scattered by particles in the fluid, causing a

frequency shift (Doppler shift) of the emitted wave; Example: laser-Doppler anemometry

(LDA).

Given the dimensions of the sensor, the physical boundary conditions, the flow range and

the accuracy, an applicable measurement technique can be determined by matching its

specifications to the requirements. The indoor air flow presents a challenge to most

available techniques, as low velocities are accompanied by relative high turbulence

intensities, albeit in the low frequency range (see Table 3.2).

Following an extensive literature study into available and new measurement techniques and

the principles on which they are based conclusions were drawn with respect to the

applicability of these techniques for measurement at indoor air flow (Loomans and van

Mook 1995). The results of this study are summarised in Table 3.3. For each principle a

specific technique is evaluated. Besides a subdivision in zones (see Figure 3.2), also the

application area is distinguished: laboratory or in-situ. A differentiation is made via +’s and

-‘s, ranging from well suited (++) to unsuited (--).

The evaluation is based on the estimated flow characteristics for the different zones, as

given in Table 3.2, and the specifications of the technique. In Fingerson and Freymuth

(1983) and Tavoularis (1986) a set of requirements is given that may be used to perform an

evaluation. Spatial, temporal, dynamic, distortion and use requirements were taken into

account. Some examples of requirements are:

• frequency response; range and sensitivity (also to temperature and humidity);

• mechanical or thermal disturbance of the flow;

• calibration necessity and user-friendliness.
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From the in Table 3.3 summarised evaluation, the interesting measurement techniques are

discussed point by point:

• The (constant temperature difference) hot sphere anemometer applies the heat-transfer

technique and is used most often for quantitative measurement of indoor air flows. The

principle shows an increasing sensitivity with a decreasing velocity (u = 0.05…0.5 m/s)

and the technique is well-developed and readily applicable. The probe, however, is

omni-directional, the inaccuracy is in the order of 10 - 20% at 0.05 - 0.5 m/s and there is

a need for regular calibration.

• The Laser-Doppler Anemometer (LDA) currently gives the most accurate and reliable

information on the velocity magnitude and the turbulent characteristics of the flow in

one or more directions. Whereas LDA is a reliable measuring technique, it is less suited

for extensive measurements at indoor air flows, because it is a point measuring device

and a single LDA already requires considerable investments.

• The time-of-flight technique as used for the Sonic Anemometer (SA; not indicated in

Table 3.3) is a direct measuring technique that in principle allows the measurement of

very low air velocities. However, the velocity is spatially averaged and dynamic

restrictions may be found in the frequency response (van Mook 1995). These restrictions

do not apply to the PTV-technique which is discussed below.

• Visualisation of the flow using smoke can afford extensive information on the flow

pattern in almost every situation without much effort. Visualisation often is also used to

support measurement results obtained from other techniques. Quantitative information

can be derived from the visualised flow if the time-of-flight and the helium bubble

visualisation method are combined. This technique is used in Particle Tracking

Velocimetry (PTV) or Particle Streak Velocimetry (PSV) (Scholzen 1997). The velocity

vector can be determined by imaging small tracer particles that are carried by the flow.

This technique, in principle, is capable of measuring very low (Lagrangian) velocities in

two components in a plane or in the three dimensions of the flow pattern.

Table 3.3. Applicability of techniques for the measurement at indoor air flow (laboratory

[lab.]; in-situ [i.-s.]) .

zone source boundary free

principle measuring location

technique

lab. i.-s. lab. i.-s. lab. i.-s.

Visualisation smoke + + + + + +

Heat-transfer hot sphere anemometer+/- +/- - - +/- +/-

Time-of-flight PTV + +/- +/- +/- ++ +/-

Kinetic energy pitot tube + + - - -- --

Doppler effect LDA ++ - ++ - ++ -
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From the literature review summarised above (Loomans and van Mook 1995) currently only

two techniques are indicated as being feasible for application in full-scale laboratory or in-

situ indoor air flow; the low-velocity hot sphere anemometer and the particle

tracking/particle streak velocimetry technique. In the next two sections both techniques are

discussed. Visualisation of the flow field using smoke most certainly forms an important

part in the study of indoor air flow. However, given its ease of use, this technique will not

be discussed more in depth.

3.6 HOT SPHERE ANEMOMETER

The hot sphere anemometer has been specially designed for indoor air flow application. It is

derived from the hot wire anemometer, which history goes back to the end of the 19th

century. The hot wire sensor, a thin metal wire, is heated by an electrical current. The

passing fluid cools the sensor, predominantly by convection, and changes the electrical

resistance of the wire. This is an indirect technique as the relation between the convective

heat loss and the velocity of the flow must be determined. The relation is often expressed

according to King (1914):

5.0
dd ReZYNu ⋅+= , (3.6)

where the Nusselt (Nud) and Reynolds (Red) number are based on the diameter (d) of the hot

wire and Y and Z, which are a function of the air temperature, are obtained by calibration.

After a short description of the hot sphere anemometer, the next sections discuss the

specifications of the anemometer under stationary and transient conditions.

3.6.1 Description of the anemometer

The investigated hot sphere anemometer consists of two almost identical spherical sensors

(d = 0.003 m) which are located at 0.025 m distance from each other (see Figure 3.3 and

Dantec, 1985). The sensors are made out of glass and are finished off with a thin film of

nickel. They are connected to the opposite arms of a Wheatstone bridge which is integrated

in an electrical circuit. The bridge is balanced if one sensor is heated to a temperature of

about 30oC above the temperature as measured at the second ‘cold’ sensor. The bridge

voltage is correlated with the velocity of the passing flow due to the temperature

dependency of the electrical resistance of the nickel film. This correlation is not fixed in

time, ageing and contamination of the sensor require a regular calibration.

A numerical model which has been developed by in ‘t Zandt (1995; in Loomans and van

Schijndel 1998) describes the electrical circuit of the anemometer and its heat transfer
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characteristics. It is elucidated further in Appendix B. The model has been used, together

with two experimental calibration set-ups, to perform a parameter study at the hot sphere

anemometer, under stationary and transient conditions.

Different types of anemometers are available that have a set-up that is similar to the system

under investigation (e.g. Crommelin and Dubbeld 1976). Differences generally are found in

the construction of the sensor and therefore the transient characteristics. Nevertheless, the

described qualitative results in principle also apply to these - similar - anemometers.

3.6.2 Stationary conditions

Calibration set-up - For low-speed steady state calibration the laminar pipe flow method

has been used (Lee and Budwig 1991). Pressurised air is introduced into a glass tube (l =

1.31 m; d = 0.031 m) that is positioned at the end of a small contraction (see Figure 3.4).

The heated sensor of the anemometer is positioned in the centre of the exit plane of the

tube. A mass flow meter measures the flow rate through the tube. For a Poisseuille flow the

centre-line velocity is determined from 2⋅ pu , where pu  is the average velocity over a

cross-section of the pipe. In order to ensure a fully developed Poisseuille flow at the exit

plane, the length of the entrance region should exceed dRedl ⋅= 056.099 , for Red > 500

(Ward-Smith 1980). In this relation l99 is the distance over which the centre-line velocity

has developed to 99% of the fully-developed value, d is the tube diameter and Red the flow

Reynolds number based on the tube diameter. Given the set-up a fully developed Poisseuille

flow is obtained for Red < 750. Higher Red-values require a correction for the entrance

influence. For Red < 500 the entrance length is smaller than the tube length (Ward-Smith

1980).

A second, smaller, tube is positioned below the large tube to enable a similar air velocity at

the ‘cold’ sensor as will be described later on. Furthermore, the anemometer is sheltered

from the environment so the outflow from both tubes is not disturbed. Measurements take

place in an air conditioned laboratory.

Figure 3.3. Close-up of the velocity (heated)

sensor and the reference (‘cold’) sensor of

the hot sphere anemometer (modified from

Awbi (1991)).
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Calibration and measurement accuracy - Systematic errors arise in the calibration set-up

due to the measuring of the dimensions and due to the size and the positioning of the sensor

relative to the Poisseuille profile. These errors, which would have caused a systematic error

of about 1%, have been corrected as much as possible (Loomans and van Schijndel 1998).

Furthermore, for accurate measurement, one should pay attention to the following:

• The description of the hot sphere anemometer design indicates the importance of the

‘cold’ sensor which acts as the reference point for the heated sensor. Deviations in the

conditions close to the ‘cold’ sensor compared to the prevailing conditions at the heated

sensor will directly influence the measurement result;

• If experimental conditions differ from the thermal conditions (not the air temperature)

under which the calibration has been performed, deviations can be expected;

• The sensor is not fully omni-directional;

• At low velocities a small free convection flow is induced due to self-heating; and

• The anemometer measures absolute values.

The anemometer has been tested on seven parameters, through experiments applying the

described experimental set-up, by numerical simulations or by statistics. The parameters are

listed in Table 3.4.

Figure 3.4. Laminar pipe-flow calibration set-up.

Table 3.4. Investigated parameters for the hot sphere anemometer.

Parameter Description

1. Velocity gradient over heated and ‘cold’ sensor ucs ≠ uhs

2. Air temperature gradient over heated and ‘cold’ sensor Tair,hs ≠ Tair,cs

3. Directional sensitivity (perpendicular; parallel) →  ; → 
4. Radiation Tmrt,calibration ≠ Tmrt,measurement

5. Relative humidity ϕcalibration ≠ ϕmeasurement

6. Buoyancy ↑
7. Turbulence intensity ∫ dtu

&
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(1) Velocity gradient over heated and ‘cold’ sensor - The ‘cold’ sensor represents the air

temperature, i.e., the reference point, for the heated sensor. The principle to measure the

temperature at the ‘cold’ sensor requires the temperature to be slightly higher than the

ambient temperature. In the numerical model of the anemometer, the temperature at the

‘cold’ sensor was simulated to be 1.4oC higher than the air temperature. A velocity

difference between the two sensors will result in different convective heat transfer

characteristics and therefore in a deviation of the registered velocity. The resulting effect

has been investigated experimentally in the calibration set-up. Figure 3.5 schematically

describes the applied procedure in three steps. Each step is explained further in the figure

caption.

In Figure 3.6a the measured velocity deviation as a result of a varying velocity at the ‘cold’

sensor is shown (Step 3, Figure 3.5). The deviation is obtained for different base velocities

at the heated sensor, starting from no flow condition at the ‘cold’ sensor (ucs = 0 m/s). A

curve has been fitted through the measurement results at equal flow conditions for the

heated and the ‘cold’ sensor (uhs = ucs). The results show that at uhs = 0.5 m/s and ucs = 0

m/s, the velocity is overestimated up to ~26%. To avoid this deviation both sensors should

be positioned in the same streamline. Figure 3.6b presents a contour diagram of the

(measured) correction velocity for a velocity difference over the two sensors. At zero

difference no correction is required.

Figure 3.5. Measurement procedure for the hot sphere anemometer when using the laminar

pipe-flow method. Procedure: Step 1: determination of the voltage-velocity relation with no

flow conditions at the ‘cold’ sensor (ucs = 0 m/s); Step 2: determination of the velocity-flow

rate relation for the small tube applying the calibration result obtained from Step 1 (ucs = 0

m/s); Step 3: determination of the velocity correction (δuhs) for the result of Step 1 by

varying the velocity at the ‘cold’ sensor at constant velocity at the heated sensor.
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The measured velocity deviation (Figure 3.6a) implies that the calibration procedure using

the laminar pipe flow method must be extended with the above described procedure (Figure

3.5). The calibration results corrected accordingly have been compared with measurement

results obtained in a low velocity wind tunnel calibration set-up (Crommelin, 1992). The

comparison indicated the applicability of the corrected laminar pipe flow method (Loomans
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and van Schijndel 1998). The repeatability was within 2% for the 0.1 - 0.5 m/s velocity

range. Comparison with another anemometer indicated a maximum deviation of 3%.

The numerical model of the anemometer has been compared with the measurement results

as obtained in Step 3 (Figure 3.6a). Figure 3.7 shows the numerical results. The calculated

deviation is a factor 2.5 smaller than in the experiments, however the course of the velocity

correction curve is similar. The difference is explained from uncertainties in the applied

model resistors and from deviations in the actual heat transfer characteristics at the sensor

(e.g., contamination). The model however is regarded suitable for a general qualitative

parameter study. Moreover, each anemometer has unique characteristics which require

individual and regular calibration. Substitution of the calibration relation by a numerically

determined relation therefore is not possible.

 (2) Air temperature gradient over heated and ‘cold’ sensor - The hot sphere anemometer is

temperature independent as the ‘cold’ sensor represents the ambient temperature. An error

is introduced when the air temperature at the separate sensors differs. The calibration set-up

is not able to reliably introduce an air temperature difference over the sensors. The

influence of the temperature gradient therefore has been investigated numerically instead.

Figure 3.8 indicates the simulated velocity correction that should be introduced when the

temperature at the ‘cold’ sensor deviates from the constant ambient temperature of 22oC at

the ‘heated’ sensor. A 1oC higher air temperature at the ‘cold’ sensor overestimates the

actual velocity by nearly 10%. Therefore, if possible the temperature gradient over the

sensors should be limited.
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Melikov et al. (1997) present results which indicate that the maximum air temperature

gradient over 0.02 m can be as high as 0.3oC due to turbulent fluctuations. As the time

constant of the ‘cold’ sensor is in the order of 8 to 10 seconds (Dantec 1985), rapid

temperature fluctuations may result in a similar error.

(3) Directional sensitivity - The sensor is omni-directional. Directional sensitivity exists

however due to the probe support. Measurement data have been obtained with the described

calibration set-up for a parallel (→  ) and perpendicular (→; corrected) approach.

Figure 3.9 indicates that the relative deviation can vary up to 14% at ~0.22 m/s. If the zero-

point reading is not taken as the bridge voltage reference, the deviation can increase to 20%.

The bridge voltage reference is the bridge voltage at zero velocity.

The directional sensitivity is partly explained from the fact that in the parallel approach the

‘cold’ sensor is in the wake of the heated sensor and, therefore, less exposed to the flow and

located in a higher air temperature (with reference to the velocity and temperature gradient

results). The deviation indicates that the calibration position preferably should correspond

with the flow direction at which the anemometer is approached.

(4) Radiation - The influence of radiant heat transfer normally is neglected as it is

incorporated implicitly in the calibration procedure. The sensor is finished off with a film of

nickel that is assumed to have a radiant emissivity factor ε = 0.2. Measurements at a 5oC

higher mean radiant temperature (Tmrt) and subsequent simulations indicate that the

influence is negligible (< 0.1%/K).
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(5) Relative humidity - Schubauer (1935) measured velocity errors up to 6% when varying

the relative humidity (ϕ) between 25% and 70%. In the described calibration set-up a low

relative humidity prevails (ϕ ≈ 1%), whereas the sensor will be applied under normal

conditions (ϕ ≈ 30…70%). Comparison of calibration results for a varying flow rate at the

sensor, at low relative humidity (ϕ ≈ 1%) and at higher relative humidity (ϕ ≈ 30% (high

velocities) to ϕ ≈ 80% (low velocities)) gave negligible differences. The influence of

humidity on the measurement results therefore can be disregarded (<< 0.1 % per % relative

humidity).

(6) Buoyancy - The sensor of a hot wire anemometer generally is heated well over 100oC

above the mean flow temperature. At very low velocities therefore a mixed-flow regime

exists due to self-heating. Results of Stengele (1993) indicate that free convection is

noticeable up to 0.017 m/s and almost independent of the wire temperature. In Bruun (1995)

results are summarised that indicate that the influence of free convection is negligible above

0.015 m/s.

The hot sphere anemometer is designed such that the over-temperature of the heated sensor

is approximately 30oC above the air temperature. Despite a lower over-temperature, due to

the dimensions of the sensor a larger heat dissipation results than for the hot wire

anemometer. Therefore, at velocities below 0.05 m/s multivalent readings are found as a

result of the present mixed-flow regime. At no flow conditions the sensor creates velocities

of ~0.03 - 0.05 m/s when placed vertically (Dantec 1985).
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Measurements at the exit plane of a larger pipe (d = 0.06 m; uhs = ucs) with an upward

directed flow resulted in an amplification of the signal obtained under horizontal conditions.

At 0.05 m/s the velocity was measured to be approximately 0.01 m/s too high. This

overestimation reduced to 0.007 m/s at a velocity of 0.1 m/s and remained relatively

constant up to 0.2 m/s. Higher velocities than 0.2 m/s have not been measured due to the

limitations of the calibration set-up. The influence of buoyancy on the measurement signal

will reduce further at higher flow velocities. For well observable upward directed flows in

the 0.05-0.25 m/s flow range a correction of the measured velocity may be appropriate.

Calibration of the anemometer in the position and flow direction as expected in the

measurement presents a more solid alternative.

(7) Turbulence intensity - The hot sphere anemometer is designed to measure absolute

values. This leads to an overestimation of the mean velocity and an underestimation of the

turbulence intensity if the fluctuating velocity vector has positive and negative values, as

∫∫ >
tot
s

tot
s T

tot
s

T

tot
s

dtu
T

dtu
T 00

11 &&
, (3.7)

where tot
sT  is the total sampling time and u

&

the fluctuating velocity vector. Assuming that

the measurements correspond to a Gaussian probability distribution, the results are affected

at a turbulence intensity higher than 30% (see Figure 3.10).
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Figure 3.10. Deviation in the measured mean velocity and turbulence intensity as a

function of the reciprocal of the turbulence intensity, due to the omni-directional velocity

registration ([  ] mean velocity, [    ] turbulence intensity).
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3.6.3 Transient conditions

The indoor air flow normally is characterised by large fluctuations in the average flow

velocity (see Figure 3.1a). The frequency distribution of the turbulent indoor air flow has

not been measured extensively. Melikov et al. (1990) concluded that the fluctuations appear

in the low frequency range (0.01 - 20 Hz) and that the spectrum is a function of the

measurement position in the room and the type of ventilation and/or heating system that is

used.

Due to thermal inertia of the sensor and the characteristics of the electrical circuit,

fluctuations cannot be measured at high frequencies. The amplitude of the velocity

fluctuation is attenuated and, as a result, the measured turbulence intensity will

underestimate the actual value. If this amplitude damping however is taken into

consideration the actual turbulence intensity can be determined from the measurement

results via the amplitude transfer function (H(f)) of the system. The amplitude damping, r

[dB], is defined as:

( )][log10]dB[ 10 −= rr , (3.8)

where r[-] is determined from the ratio,

( )
( ) 
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The numerical model, introduced in Chapter 3.6.1, has been applied to determine the (non-

linear) response of the anemometer, ergo the amplitude damping. The measurement of the

dynamic response has been performed in a specially designed wind tunnel configuration

(Loomans and van Schijndel 1998). Figure 3.11 presents the input signal and the measured

response of the anemometer for two transient situations; one for a 13.1 sec periodical

movement and one for a 3.4 sec periodical movement of the sensor, at a given base wind

tunnel velocity. In Figure 3.11 the simulated response of the numerical model to the input

signal is also shown. The difference to the input signal for simulation and measurement is of

the same order, given the measurement accuracy at low velocities. For the 3.4 sec periodical

movement, the model somewhat overestimates the measured amplitude damping of the

anemometer. Given the restrictions and the accuracy of this type of measurements, the

validity of the numerical model is indicated. The results show that the damping is very

significant at frequencies in the order of 1 Hz and higher. This is in the range of fluctuations

that can be found indoors.

In Figure 3.12 simulated amplitude transfer functions for different harmonic input signals,

with the indicated amplitude and mean velocity, are presented for the 0.03 - 10 Hz
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frequency range. Typical response curves for a system with two time constants can be found

if 5% of the total heat capacity of the sensor is allotted to the surface shell and 95% to the

kernel (see Appendix B). These results are in agreement with Dantec (1985).

The amplitude transfer function is a function of the mean velocity and indicates the non-

linear behaviour of the system. The sensitivity of the transfer function to the amplitude (not

shown in Figure 3.12) is about an order of magnitude smaller. The non-linearity is caused

by the heat transfer coefficient, the omni-directional design (not modelled) and the electrical
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circuit. Results described by Popiolek et al. (1996) confirm the non-linear response of this

type of anemometer.

For stationary turbulent flows a correction for the dynamic response of the anemometer is

possible. For a given mean velocity and a well chosen characteristic amplitude (e.g. σu) a

single amplitude transfer function can be determined from which compensation then is

calculated by performing Fourier analysis. A more accurate compensation is possible when

also the sensitivity to the amplitude is taken into account. For unsteady state turbulent flows

a single transfer function cannot be obtained.

3.6.4 Conclusions with regard to the hot sphere anemometer

From the investigation of the hot sphere anemometer the following conclusions are drawn:

1.  The described laminar pipe flow calibration set-up can replace a low velocity wind

tunnel calibration facility when the effect of the no flow condition at the ‘cold’ sensor is

corrected for.

2.  The described corrections and systematic errors indicate the restrictions of the

anemometer. The inaccuracy of the system therefore remains high (~30% [0.05 m/s] to

~10% [0.25 m/s]) and is highly dependent on the utilisation.

3.  Damping already arises in the low-frequency range (0.1 - 1 Hz) leading to an

underestimation of the actual turbulence intensity. In this frequency range the average

damping is simulated to be about 20%. The hot sphere anemometer that has been under

investigation is known to have a relative fast response. The same type of anemometer

also has been used in the research that lead to the definition of the percentage of

dissatisfied due to draught (PD; Fanger et al. 1988, see Chapter 2.2.2). The sensitivity of

the PD-value to the turbulence intensity becomes significant at higher velocities. An

underestimation of the turbulence intensity by 20% at u = 0.20 m/s and TI = 40% results

in an underestimation of the PD-value by 10%. Therefore, a system that is able to

measure (e.g. LDA) or simulate (CFD) the actual turbulence intensity will overestimate

the actual PD-value. Furthermore, other hot sphere anemometers are available that

operate in a similar way as the described anemometer. The time constants of those

systems, e.g. Crommelin and Dubbeld (1976), typically are larger due to the design and

construction, the response therefore is slower. The damping then will result in an

underestimation of the turbulence intensity and therefore of the PD-value.
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3.7 PARTICLE TRACKING VELOCIMETRY (PTV)

Extensive information on the (instantaneous) spatial structure of the flow cannot be

obtained by point measuring devices as the hot sphere anemometer or LDA. Two- or three-

dimensional quantitative information on the flow pattern is only possible when the flow is

visualised and the changes in the visualised flow pattern are monitored. Different techniques

are available which utilise this type of monitoring. They can be subdivided with respect to

the concentration of tracer particles used (Westerweel 1993).

With Particle Tracking Velocimetry (PTV) individual particles are tracked on their path

through the flow. These individual particles should be small and preferably be neutrally

buoyant, i.e., the particle has the same density as the fluid. Two-dimensional images of the

particles in the fluid are obtained by a light sheet. The motion of the particles in the constant

intensity light sheet, for PTV, usually is recorded with a video camera. The separate

particles are located in each successive video image and related to the previous image in

order to determine the displacement. A small displacement can be determined with more

certainty and the accuracy therefore increases at lower velocities. The velocity is determined

from the displacement of the particles over a certain time interval. As the number of seeded

particles is low, the velocity only can be determined at positions where the particles are

present.

Quantitative visualisation techniques for the measurement of indoor air flow have been

introduced by, among others, Besse (1992), Scholzen (1997) and Linden et al. (1998).

These researchers used stereo-photography which allows the velocity to be determined in

the three dimensions of the flow field. Given the shutter time and assuming a constant

velocity vector the instantaneous velocity can be calculated. Müller and Renz (1998b)

introduced a different technique to determine three dimensional information on the velocity

vector. Instead of a single light sheet, Müller and Renz included depth information via

overlapping colour coded light sheets. Both techniques are referred to as Particle Streak

Velocimetry (PSV). Recently results obtained with a variant of the Particle Image

Velocimetry (PIV-) and the PTV technique have been presented by Kaga et al. (1996).

Smoke was applied as tracer and smoke patterns were identified in sequential images.

The PSV-technique is less interesting for the determination of the mean and turbulent

indoor air flow characteristics as only instantaneous results can be obtained. When the

image frequency is increased to frequencies used with PTV, the differences between the two

techniques more or less vanish. The PSV-technique then approaches the PTV-technique.

Currently the maximum frequency with which a picture can be processed is one minute



- Chapter 3 -

52

(Müller 1998). The application of pattern tracking is attractive but may find its restrictions

in the resolution of the flow pattern. Therefore, in addition to the above mentioned tracking

techniques, the actual PTV-technique is investigated for the determination of the average

and transient characteristics of the indoor air flow pattern.

3.7.1 Measurement set-up

The set-up for a PTV-measurement is shown in Figure 3.13. In air, helium filled soap

bubbles are used as tracer particle. In order to attain neutral buoyancy in air, the diameter of

the soap bubbles approximately should be 0.003 m (film thickness ≈ 0.5 µm (Hale et al.

1971); dp = 0.0029 m), when it is filled with 100% helium. These bubbles are produced by a

special bubble generator and have an average life span of several minutes. A small light

sheet with constant intensity is projected through the flow, thereby showing a two-

dimensional image of the particle movement in a specific slice of the flow. The

displacement of the particles in the light sheet is recorded by a S-VHS video camera (512 ×
512 pixels). The recorded video images are analysed using a video tape recorder, frame

grabber, computer and software.

Figure 3.13. Principle of a PTV-system and measurement set-up.
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At equally spaced time intervals (25 Hz or 50 Hz) images are grabbed. Individual images of

tracer particles are identified and located via intensity differences between pixels

representing a particle or the background. A matching algorithm is used to determine the

most likely combination between particles in image n and n+1. The software (Dalziel 1995)

uses a so-called cost function which indicates the probability that two particles in two

consecutive frames are one and the same. The basic cost function of an association (Bij)

between particle image pi at time t = tn and particle image qj at time t = tn+1 is calculated

from

( ) m

jnniiij xttuxB −−γ+= +1 , (3.10)

where xi is the position of particle pi at tn, xj the position of particle qj at tn+1, ui the velocity

of particle pi at tn, γ is a weighting function (typically unity) and m a positive value. For m =

1, the minimum acceleration criterion is applied. Then, Bij is the distance between the

position of particle pi at tn+1, based on its velocity at tn, and the position of particle qj at tn+1.

The cost value of Bij is low when particle qj is close to the estimated place of pi. Additional

cost parameters comprise criteria which set a limit to, e.g., the ellipticity, size and average

intensity. Not complying with the criteria set will result in a more difficult matching process

for that specific particle. Finally, the velocity can be extracted from the Lagrangian path via

( )t
t

xx
u IJ pq

p ∆+
∆

−
= O , (3.11)

where up is the particle velocity, ∆t the time step and O(∆t) higher order terms.

The accuracy of a PTV-experiment is influenced by the criteria that are set for the cost

function. In case these criteria are set too broadly, non-related particles may be matched,

resulting in an incorrect particle path and particle velocity. Furthermore, accurate tracking

requires that the tracer particle is represented by 3 × 3 to 4 × 4 pixels. Theoretically one

pixel may be sufficient, but the location of the particle then becomes more ambiguous

(Loomans et al. 1996). Given the particle size and the camera resolution, the interrogation

region therefore is restricted to 0.5 × 0.5 m2.

3.7.2 Measurement accuracy

The quality of the tracking is primarily determined by the degree in which the particle

follows the fluid. Under the assumptions that the size of the particle is small compared to

the smallest wave length present in the turbulence, that the particles do not interact with

each other and that the bubble remains spherical, the motion of a particle in an accelerating

fluid is calculated from (Hinze 1975; Auton et al. 1988)
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where the left-hand side term represents the force to accelerate the particle. The first term

on the right-hand side is the viscous resistance force and the second term is due to the

pressure gradient in the fluid surrounding the particle, caused by the acceleration of the

fluid. The third term is the force to accelerate the ‘added’ mass of the fluid surrounding the

particle. The fourth term is the Basset-history integral and the fifth term is the external force

(e.g. buoyancy). In Equation 3.12, Duf /Dt denotes the total derivative.

Few results are available on the tracking characteristics of a helium filled soap bubble in air.

Kerho (1989) analysed the tracking characteristics of a helium filled soap bubble for a high

velocity flow around an air foil. For an air velocity of ~16 m/s and ρp/ρf ≈ 0.6 the time

constant (τ) of the soap bubble for the described experiments could be estimated at τ <

0.001s.

For a fluid at rest, without external forces, Equation 3.12 changes to the Basset-Boussinesq-

Oseen-equation when gradients in the flow are neglected. This equation has been solved

numerically to estimate the time constant for a helium filled soap bubble with an initial

velocity that is released in stagnant air (see Figure 3.14; the velocity is normalised to the
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Figure 3.14. Deceleration of a neutrally buoyant particle (dp = 0.0029 m) with an initial

velocity (up,0) in a stagnant fluid ([  ] Stokes, [  ] Klyachko, [o] up,0 = 0.01 m/s,

[+] up,0 = 0.10 m/s, [x] up,0 = 1.00 m/s; velocity normalised to up,0).
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initial velocity). The model was validated with results as described in Clift et al. (1978).

Using Stokes’ law for the determination of the drag coefficient (Red < 1), a density ratio

ρp/ρf = 1 and dp = 0.0029 m this results in τ = 0.26 s. At higher initial velocities the

empirical relation as proposed by Klyachko (in Fuchs 1964) is applied: cw = (24+ 4Red
 2/3)/

Red, 3 < Red < 400, where Red is based on the fluid-particle velocity difference. The time

constant is seen to reduce further. However, due to the Basset term the deceleration of the

particle does not follow an exponential path.

The calculated time constant applying Stokes’ law can be regarded as the longest time

constant for the investigated neutrally buoyant soap bubble in an air flow. When uf - up = 0

m/s, the neutrally buoyant particle will follow the fluid flow exactly as Equation 3.12

reduces to dup /dt = duf /dt. The calculated time constants indicate that most fluctuations in

the indoor air flow will be tracked when (nearly) neutrally buoyant tracer particles are

applied. The diameter of the above applied particle is in the order of the Kolmogorov length

scale for indoor air flow, which however can be smaller than 0.1 mm (Murakami and Kato

1989). A smaller particle will reduce the interrogation region further. A larger neutrally

buoyant particle will have a longer time constant (at dp = 0.01 m, τ = 3.2 sec when Stokes’

law is applied). Furthermore, a larger particle will not be able to follow the movement of the

smallest eddies.

External forces that change the particle path of the soap bubble from the streamline of an air

flow are, besides buoyancy forces, lift forces and radiometric forces due to thermophoresis

or photophoresis. The settling velocity (up,y) due to buoyancy forces, in the direction of the

gravity (g), is calculated from

f

fp

w

p
yp c

gd
u

ρ
ρ−ρ

=
3

4
, . (3.13)

At small particle-fluid density differences the settling velocity already may obscure the air

flow velocity component in the direction of the gravity; given dp = 0.0029 m and ρp - ρf =

0.1⋅ρf this results in up,y = 1.8⋅10-2 m/s. When the particle-fluid density difference is constant

for all tracer particles this may be corrected within the matching algorithm. Lift forces

appear perpendicularly to the velocity vector at a velocity gradient over the particle, as a

result of a present slip velocity (Saffman 1965). Indoor air flow velocity gradients generally

remain relatively small and the lift force normally can be neglected compared to the

buoyancy force. Thermophoresis and photophoresis (Fuchs 1964) are a result of

temperature gradients in the flow or of one-sided heating up of the tracer particle because of

radiant heat transfer. Due to the relative small temperature gradients and low heat rates for

normal indoor air flows, radiometric forces are negligible when compared to the buoyancy

force.
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From the theoretical analysis the PTV-technique thus is found suitable for velocity

measurement at indoor air flow when a (nearly) neutrally buoyant tracer particle is applied.

3.7.3 Results

In Loomans et al. (1996) examples are given of PTV-results as obtained for forced and free

convection flows. These results have been obtained applying the set-up as shown in Figure

3.13. A further example is given of a combined convection flow pattern. In Figure 3.15 the

experimental set-up is schematised. In a large climate chamber a heat source (vessel; h =

0.58 m, d = 0.38 m, Q = 200 W) is placed symmetrically at 0.6 m distance from a

rectangular displacement ventilation unit (h = 0.35 m, w = 0.95 m, V� = 0.036 m3/s; Fransen

1997) with an isothermal supply flow. A light sheet is projected between the heat source

and the unit via a mirror positioned in the plenum. About 1000 lux is required for optimum

contrast. The tracer particles (helium filled soap bubbles) are introduced in the displacement

ventilation unit. The size of the perforations at the supply grille (0.0075 × 0.015 m2) allow

the tracer particles to pass the supply grille. As within the unit guiding paddles are placed,

the soap bubbles are filtered. Only the (nearly) neutrally buoyant particles will leave the

displacement ventilation unit due to this filtering.

In Figure 3.16a and b the results are shown for a PTV-experiment where the heat source

was turned off (a) and an experiment where the heat source was on (b). In both cases the

flow has been analysed for 30 seconds. On average 31,000 tracks were found. The results

were filtered on spurious vectors and averaged over a grid (20×14). For each grid cell a

minimum of 40 tracked values have been used to obtain the mean velocity component.

Figure 3.15. Schematised set-up PTV experiment of combined forced and free convection

flow.
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Subtle differences are found when the two results are compared. Due to the size of the heat

source and the width of the supply, the flow is forced over the vessel also when the heat

source is turned off. The flow near the floor is decelerated due to the stagnation point at the

cylindrical obstruction. When the heat source is turned on, the flow direction towards the

vessel indicates the stagnation point less clearly. Due to the free convection flow at the heat

source (estimated at 0.008 m3/h at 0.5 m height; Skistad 1994) the flow close to the floor

presumes a more horizontal direction. Near the vessel the flow has a more profound vertical

direction then in case the heat source is turned off.

The indicated subtle differences would be very difficult to find using a point measuring

device. From this type of PTV-results it is also possible to obtain an indication on the

turbulence characteristics, taking into account the restricted duration of the measurements

and the limited number of tracks that have been used.

3.7.4 Conclusions with regard to Particle Tracking Velocimetry

From the investigation into the PTV-technique the following conclusions have been drawn.

1. The theoretical analysis indicates the applicability of the helium filled soap bubble as

tracer particle for particle tracking at an indoor air flow. The principle as used for PTV

is suitable for the measurement of indoor air flow patterns.

2. The influence of the buoyancy force on the particle path requires that the particle-fluid

density difference is limited and constant for all tracer particles. The homogeneous

production of sufficient, (nearly) neutrally buoyant helium filled soap bubbles however

is difficult (Loomans et al. 1996). This fact and the surface contamination require the

replacement of the helium filled soap bubble by an equally sized non-staining tracer
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Figure 3.16a. Velocity vector pattern from

PTV-experiment, heat source off.

Figure 3.16b. Velocity vector pattern from

PTV-experiment, heat source on.
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particle that can be produced with a constant density. A usable substitute tracer particle

for the helium-filled soap bubble is not yet available.

3. The described PTV set-up allows the two dimensional registration of the three

dimensional flow pattern and the derivation of the accompanying statistical

characteristics. Due to the camera resolution and the image-requirements for accurate

particle tracking, the interrogation region remains restricted to maximum 0.5 × 0.5 m2,

when helium filled soap bubbles are used. For smaller particles this region will reduce

further. The interrogation area is too small, a higher camera resolution should be applied

to allow enlargement of the region.

4. Despite the described merits of the PTV-technique, the demerits summarised above

currently restrict the practical application considerably. Improvements especially are

required in the applied tracer particle and tracer particle production. Therefore, in this

research the hot sphere anemometer has been preferred over the PTV-technique.

3.8 SUMMARY

1. A comprehensive literature review on the measurement of indoor air flow indicates a

number of in-situ and full-scale climate chamber experiments. Most described

measurements have been performed with the hot sphere anemometer. For comparison

with numerical simulation techniques the indoor air flow problem has been mainly

represented by simplified models of the physical indoor environment. The number of

full-scale measurements with realistic occupation of the room is very restricted.

Furthermore, there is a need for additional full-scale experimental results in which

contemporary ventilation techniques are applied.

2. The accurate measurement of the mean and turbulent characteristics of the indoor air

flow is very difficult. Given the required accuracy, the sample and measuring time are a

function of the flow and may vary considerably throughout the flow.

3. Of the available measurement principles and techniques most techniques are not

applicable for the determination of the indoor air flow characteristics (velocity: 0…1.0

m/s; turbulence intensity: >10 %). The omni-directional hot sphere anemometer and the

Particle Tracking Velocimetry (PTV)-technique presently are, respectively, the most

practical and in principle the most promising technique for the measurement at indoor

air flow.

4. The accuracy of the described hot sphere anemometer is highly dependent on the

similarity between measurement situation and calibration conditions. The measurement

error can mount up to 10% or higher in the 0…0.5 m/s velocity range, not taking into

account the specifications of the anemometer and the calibration accuracy. The

amplitude damping in the measurement of a fluctuating velocity already is significant in
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the lower frequency range (0.1…1 Hz). Simulations show that the amplitude in that

range is damped up to 20%. Hence, the high frequency turbulent characteristics of a

flow cannot be measured reliably with the hot sphere anemometer. Fanger et al. (1988)

used a similar anemometer to the one under investigation for the derivation of the

draught discomfort sensitivity to the turbulence intensity. This means that sensors with

different dynamic characteristics will measure a different PD-value.

5. Theoretical analysis supports the applicability of the (nearly) neutrally buoyant helium

filled soap bubble (dp ≈ 0.003 m) for application as tracer particle in the Particle

Tracking Velocimetry (PTV-) technique. The applied PTV-set-up can determine the

averaged two-dimensional velocity vector field in a plane of the flow, taking into

account the necessary tracking time. The practical application of the PTV-technique

however is very much restricted through the requirement of a constant and sufficient

production of (nearly) neutrally buoyant particles at constant density. Preferably the

helium filled soap bubble should be replaced by a better verifiable tracer particle.

Furthermore, the camera resolution should be increased to allow a larger interrogation

area to be monitored.
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Chapter 4

THE SIMULATION OF INDOOR AIR FLOW

4.1 INTRODUCTION

Calculating the flow field is attractive in terms of time and costs given the difficulty to

determine the flow field experimentally (see Chapter 3). Numerical models have been

developed to allow the study of the stationary and transient characteristics of an air flow

pattern with regard to energy use, indoor air quality and thermal comfort. In this

introduction a short summary of model concepts is given.

A wide range of models is available. Semi-empirical models for the (non-) isothermal jet as

presented by Regenscheit (1959) and Grimitlin (1970) allow the calculation of a jet

extending into a room. These models are based on the boundary layer and turbulence

hypotheses. Mass, momentum and energy conservation also forms the basis for semi-

empirical models that have been derived to calculate the characteristics of a displacement

ventilation flow pattern, especially the convection flow from heat sources (Morton 1956;

Mundt 1996) and the vertical temperature and contaminant distribution (Krühne 1995).

These models present relative simple steady state solutions of the flow field characteristics

in order to determine thermal comfort conditions and contaminant distribution.

The applicability of the semi-empirical relations often is restricted. For more detailed

information on the flow field the full Navier-Stokes equations and the equation for

conservation of heat must be solved. This technique is applied in Computational Fluid

Dynamics (CFD). In CFD the equations have been discretised in order to solve the flow

field numerically. Nielsen (1974) was one of the first to apply CFD for the numerical

prediction of the indoor air flow. Since then the technique has evolved and numerous results

have indicated the wide-spread applicability of CFD for the simulation of an indoor air flow

pattern. The developments in computer capacity have further enhanced the application of

this type of simulations. CFD has become an increasing important tool in the prediction of
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the stationary indoor air flow pattern. Experience however also indicates the limitations of

the current available CFD-methods, with respect to, e.g., the reliability and the sensitivity,

and the necessity to validate CFD-results of typical indoor air flow patterns (Chen and Jiang

1992; Chen 1997; Baker et al. 1997).

The above discussed flow modelling is focussed on stationary characteristics with a view to

assess indoor air quality and thermal comfort. Analysis of the energy use of a room or a

building however requires information on the transient characteristics of the indoor climate.

In building simulation programs (e.g. ESP-r (Clarke 1985)) the room air flow normally is

modelled as a single node in an air flow network, assuming a fully mixed room. As a result

the effect of thermal stratification within the room on the energy use or the thermal comfort

is not taken into account. A more accurate representation is possible when the room is

divided into a limited number of fully-mixed sub-zones (Hensen et al. 1996). Though

incorporation in a whole building air flow network is straightforward, the inter zonal flow

characteristics must be pre-defined. A more rigorous analysis is possible when a CFD-

program is integrated in the network model. Given the geometry and grid distribution, the

flow problem then is solved from the boundary conditions presented by the nodal network.

Due to the complexity and high computing demands CFD is applied in various ways in

building simulation and cooling load programs. For specific air supply systems Chen (1988)

and Niu (1994) determined relations for the temperature distribution in the room, as a

function of the internal heat load and the ventilation rate, from a range of simulated air flow

patterns using CFD. Such a relation then was incorporated in a cooling load program for

further calculations. A similar approach was adopted by Peng (1996). A fully integrated

CFD-program in a building simulation program has been described by Negrão (1995,

1998). Negrão indicated the potential of the combined approach of CFD and whole building

simulation. The main restrictions lie in the difficult convergence of the combined flow

network and CFD-domain and the high computational effort required.

From the above it can be concluded that CFD in principle is applicable for unsteady state

indoor air flow problems. Nevertheless, up to now only the CFD-based investigation of

steady state flow and heat transfer problems in the indoor environment has proven useful

and an important extension to the available options. The validity of CFD-results however

remains an issue of concern given the necessary discretisation and the numerical input

parameters (Whittle 1991; Chen 1997). Chen (1997) indicates the necessity of an

experimental validation of a flow model. The literature review described in Chapter 3

concludes that the number of full scale measurements of realistic indoor air flow patterns

however is restricted.
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This chapter briefly describes the main mathematical and numerical characteristics of a

CFD fluid flow simulation. Furthermore, recent developments in relation to the simulation

of indoor air flow will be pointed out. The second part of this chapter indicates the

important restrictions of CFD by means of a case study for an office equipped with a

displacement ventilation system. Finally, a comparison is made between different type of

grid topologies that can be applied within the CFD-environment.

4.2 THE MATHEMATICAL MODEL

4.2.1 Governing equations and turbulence modelling

A flow field can be described by the conservation of mass, momentum and energy. Given

the boundary conditions, the resulting flow pattern is determined by solving the combined

Navier-Stokes and energy or any other scalar equations (Equation 4.1 to 4.3).
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where, ui is the velocity component (u,v,w), p is the pressure, H the enthalpy and S a source

term. The diffusion term is indicated by the kinematic viscosity µ, the thermal conductivity

k and the specific heat cp. The time is indicated with t, xi is the coordinate axis (x,y,z), ρ is

the density and gi is the gravitational acceleration.

For the prediction of the turbulent flow characteristics different options are available. Direct

Numerical Simulation (DNS) calculates the turbulent motion by solving the Navier-Stokes

equations. A fine grid and a small time step are required to determine the flow field up to

the smallest length scale (in indoor air flow fields the scale can be less than 0.1 mm

(Murakami and Kato 1989)). The number of required grid cells (in the order of Re9/4

(Nieuwstadt 1992)) and the limitations in computer capacity currently restrict the

application of DNS to flows with a moderate Reynolds number. Large Eddy Simulation

(LES) has been developed in order to reduce the computer capacity. In LES the small-scale

eddies (see Chapter 3.2) are removed from the turbulent flow via filtering. As a result only

the large-scale eddies are fully resolved. The effect of the small-scale eddies on the
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turbulent flow field is modelled. This approach arises from the knowledge that the large

eddies of the macro-structure are mostly anisotropic and depend on the geometry of the

flow field (Eggels 1994). The small eddies of the micro-structure on the other hand are

considered to be close to isotropical and less dependent on the flow geometry, given the

energy cascade and ‘the return to isotropy’. Some LES-results for a simple indoor air flow

geometry have been presented by Davidson and Nielsen (1996) and Bennetsen et al. (1996).

A good agreement with experimental results has been obtained. The need to simulate the

flow field three dimensionally, at a sufficient fine mesh and time step to capture all the

essential spatial and time scales, however still requires a relative large amount of computing

time. Therefore, turbulence models for the mean turbulent flow have been developed that

calculate the statistical characteristics of the turbulent motion by averaging the flow

equations over a time scale much larger than that of the turbulent motion. This approach

assumes that for many engineering flow problems knowledge of the high frequency

fluctuating motion of the turbulent flow often is superfluous. The calculation of the average

turbulent flow pattern is possible on a relative coarse mesh and, for steady state flow

problems, at steady state. As a result computing time is brief compared to DNS and LES.

Hence, these turbulence models were used at the beginning of the numerical simulation of

turbulent flows and today still find wide-spread application.

For the above mentioned turbulence models, mean conservation equations are derived by

introducing the Reynolds decomposition (Equation 3.1) for the instantaneous variables in

Equations 4.1 to 4.3 and time averaging the equations (Nieuwstadt 1992). The averaging

process results in new unknown terms, jiuu ′′ρ−  and Hui ′′ρ− , the so called Reynolds terms.

The first term is the eddy shear stress which is called the Reynolds stress (τij). The latter can

be considered as a diffusion term for the enthalpy or any other scalar quantity under

consideration.

The determination of the Reynolds terms requires extra equations to solve the problem. This

represents the closure problem. The correlation of the Reynolds terms to the mean flow

field is resolved by turbulence models. Most turbulence models are based on the concept

proposed by Boussinesq (1877) which assumes that the turbulent stresses are proportional

to the mean velocity gradients, analogous to the viscous stresses in laminar flows:
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where µt is the turbulent or eddy viscosity, a property of the flow, Γt the turbulent scalar

diffusivity (also given as µt/σH, where σH is the turbulent Prandtl-number), δij the Kronecker

delta and k the turbulent kinetic energy ( 221 iu′⋅ ). The second term on the right hand side

of Equation 4.4, which can be considered as a dynamic pressure, will be ignored because it

is small (Chen 1988).

Different models are available to determine the unknown variable µt. One of the earlier and

at present most widely used turbulence model is the standard k-ε model (Launder and

Spalding 1974, Chen 1995). This model will be discussed in the next section.

4.2.2 Standard k-ε model

The standard k-ε model calculates the turbulent viscosity (µt) isotropically from

ε
ρ=µ µ

2k
ct , (4.6)

where ε is the rate of dissipation of turbulent kinetic energy and cµ an empirically

determined constant (cµ = 0.09; Launder and Spalding 1974). The calculation of the

turbulent viscosity thus requires the derivation of two additional equations to determine k

and ε. The standard k-ε model therefore is called a two-equation model. The derivation of

these equations can be found in for example Nieuwstadt (1992).

A general equation for the mass, momentum and scalar conservation equations can be

formulated for the standard k-ε model, when Equation 4.4 and 4.5 are substituted into

Equation 4.2 and 4.3 and the superscript ‘-’, indicating the mean value, is omitted,
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where φ represents a mean velocity component (ui) or any mean scalar variable (k, ε, H, C).

The description of the diffusion coefficient (Γφ) and the source terms (Sφ) are given in Table

4.1. Furthermore, the k-ε model comprises several constants which have been determined

from experiments as, e.g., the decay of turbulence behind a grid and the turbulent flow near

a wall (Launder and Spalding 1974). The value of these constants is also given in Table 4.1.

Due to the no-slip condition at the wall and the resulting damping, close to the wall a

laminar flow is found. The standard k-ε model (Equation 4.6 and 4.7) however is only valid

for flow regions where the turbulent transport is dominating. Instead the flow near by walls

is solved with wall functions, the so-called law of the wall (Tennekes and Lumley 1972):
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( )++

κ
= Eyu ln

1
; 30< y+ <130, (4.8)

++ = yu ; 0< y+ <5, (4.9)

where y+ is the normal-distance Reynolds number (y+ = ρyuτ/µ, where the friction velocity uτ

= (τw/ρ)0.5) and y is the normal-distance to the wall), u+ the dimensionless velocity (u+ =

u/uτ), κ the von Karman’s constant (κ = 0.42) and E a constant that is a function of the wall

roughness (smooth wall: E = 9.81 (Fluent 1996a)).

The constants in the logarithmic wall function (Equation 4.8) have been fitted from typical

forced convection boundary layer flows. This function is valid in the inertial sublayer and

links the fully turbulent outer layer flow with the near wall flow profile by asymptotic

matching (Tennekes and Lumley 1972). Close to the wall the turbulence cannot sustain

itself as the integral length scale becomes smaller than the Kolmogorov micro-scale.

Experimental results show that the Reynolds stresses remain small up to about y+ = 5. This

region is called the viscous sublayer. In this layer the velocity profile is linear when the

Reynolds stresses are neglected (Equation 4.9). The intermediate region is called the buffer

layer. In this layer viscous stresses as well as Reynolds stresses are effective. In the inertial

sublayer the Reynolds stresses dominate (Tennekes and Lumley 1972).

Given the Reynolds’ analogy between momentum and energy transfer, as found in the

Stanton number (St = Nu/RePr = hc/ρcpu), the temperature profile at the wall can be

described with similar functions:

Table 4.1 description of diffusion coefficient (Γφ) and the source terms (Sφ) for variable φ.

φ Γφ Sφ equation

1 0 0 continuity

ui µ + µt -∂p/∂xi - ρgi momentum

k µ + µt/σk Pk - ρε + Gb turb.kin.energy (k)

ε µ + µt/σε (cε1Pk+ cε1 cε3Gb- cε2ε)ε/k dissipation rate of k

H µ/Pr + µt/σH SH enthalpy

C µ/Sc + µt/σC SC concentration
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cε1 = 1.44; cε2 = 1.92; cε3 = 1.0 (Henkes 1990); σk = 1.0; σ ε = 1.3; σH =0.85; σC = 1.0.
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and P(Pr/σH) a constant value which is a function of the laminar and turbulent Prandtl

number. For air, P is determined at approximately -1.4. In Equation (4.12), sq� is the surface

heat flux. In Fluent (1996a), the linear wall function (Equation 4.9) is used when y+ <

11.225. For the linear temperature profile (Equation 4.11) this value is y+ < 11.225/Pr.

The conservation equation for the turbulent kinetic energy (k) is solved up to the wall-

adjacent cells. At the wall the boundary condition is ∂k/∂xi = 0 (Fluent 1996a). Assuming

local equilibrium between the production of k and its dissipation rate, the dissipation rate in

the wall-adjacent cell is calculated from ε = 3
τu / (κy) (Prasad 1994).

The validity of the law of the wall is queried for the flow field as appears indoors (Chen

1988; Baker and Kelso 1990; Niu 1994). In Chapter 4.4.3 the validity of the wall functions

is discussed more in depth.

The standard k-ε model has shown to be broadly applicable for fully turbulent flows where

the turbulence based Reynolds number (Ret = k2ρ/µε) is large. For low Reynolds number

flows, the standard k-ε model however overestimates the turbulent diffusivity. The standard

k-ε model therefore has been subject to modifications to improve the validity at low-

Reynolds number flows. In these so-called low-Reynolds number turbulence models,

functions are introduced in the calculation of µt and in the k and ε equation that are a

function of, amongst others, Ret. Henkes (1990) gives a summary of several available

models.

In Chen (1995) some of the modified k-ε models are compared for four typical two-

dimensional validation cases. From this comparison the Renormalisation Group (RNG-) k-ε
model was recommended for the simulation of indoor air flows. The RNG-k-ε model

performed better than the standard k-ε model for a mixed convection flow case and an

impinging jet. The results for the free and forced convection flow cases agreed with the

results from the standard k-ε model (Chen 1995). The RNG-k-ε model will be explained in

more detail in the next section.
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4.2.3 Renormalisation Group (RNG-) k-ε model

The RNG-k-ε model is a two-equation turbulence model, similar to the standard k-ε model,

that is derived by using renormalisation group methods (Yakhot and Orszag 1986). From

the RNG technique a theory for large scale turbulence has been derived in which the effects

of small scales are represented by modified transport coefficients. The derivation is based

on the correspondence principle (Yakhot and Orszag 1986); the Navier-Stokes equations

are solved with a random force that describes the inertial range.

For the turbulence modelling, the small scale eddies are eliminated via the RNG-method

and introduced into modified Navier-Stokes equations which comprise a modified

(turbulent) viscosity, a modified force and a modified non-linear coupling (Fluent 1993).

The RNG-method is used to determine the values of similar coefficients as arise in the

standard k-ε model. Furthermore, the turbulent Prandtl numbers for k, ε and H are obtained

from an analytical relation which accounts for the molecular Prandtl number and for low-

Reynolds number effects. An additional source term R is included in the equation for the

dissipation rate of turbulent energy (Fluent 1993). These deviations from the standard k-ε
model are summarised below.

• The constant model coefficients are obtained from the RNG theory,

cµ = 0.0845; cε1 = 1.42; cε2 = 1.68. (4.13)

• The RNG method results in a low Reynolds number interpolation formula for the

turbulent viscosity which is valid for low to high Reynolds number flows,

2

1 












εµ
+µ=µ+µ=µ µ kc

teff , (4.14)

where µeff is the effective viscosity. As the RNG-k-ε model accounts for low-Reynolds

number effects, wall functions can be abandoned. For high Reynolds number flows

Equation (4.14) approaches the expression as applied in the standard k-ε model.

• The turbulent diffusion coefficient (Γeff = ζeff ⋅ µeff) results from an expression in terms of

the effective viscosity and the effective inverse Prandtl number (ζeff), where ζeff is

determined from:

eff

effeff

µ
µ=

+ζ
+ζ

−ζ
−ζ 3679.06321.0

3929.2

3929.2

3929.1

3929.1
, (4.15)

where ζ = 1.0 for the k and ε-transport equations and ζ ≡ 1/Pr for the heat transfer equation.

• The additional source term R in the dissipation-rate transport equation is calculated from
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where Sij is the mean rate-of-strain, η0 = 4.8 and χ = 0.012.

In regions of large strain rates the production of turbulent kinetic energy is overestimated in

the standard k-ε model. As a result flow field features as separation and vortex shedding are

obscured at downstream positions (Launder 1991). The lower value for cε2 in the RNG-

theory compared to its value in the standard k-ε model (see Table 4.1) decreases the rate of

production of k and the rate of dissipation of ε. Similarly, for η > η0, the R term reduces the

effect of the destruction term (cε2ε2/k) in the dissipation rate equation and therewith of the

production of turbulent kinetic energy. It ultimately results in a suppression of the turbulent

viscosity. When R > 0, the increase in µeff typically is smaller than the value obtained with

the standard k-ε theory (Fluent 1993).

The above properties of the RNG-k-ε model and the resulting extension of the model to

low-Reynolds number flow problems favour it for indoor air flow applications. Despite the

mathematical derivation of the model coefficients Yakhot and Orszag (1986) indicate that

the RNG-based k-ε model must be validated by means of experiments. This is due to non-

linear terms generated by the RNG-method that may take on a finite non-zero value. The

effect of turbulence modelling on a simulated realistic three dimensional flow pattern will

be discussed in Chapter 7, using measurement results that have been obtained in this

research. These measurements are described in Chapter 5 and 6.

4.3 NUMERICAL METHODS

An analytic solution of the coupled, non-linear, partial differential equations for a three-

dimensional, turbulent flow field is not possible. The use of numerical methods is inevitable

and therefore the calculation of a flow problem requires the discretisation of that flow field

into space and time. Finite volume and finite element methods are used to obtain a

numerical solution. In both methods the discretised equations represent the flow problem in

each control volume or element. The first method will be discussed more closely as it is

applied in the software (Fluent 1995, 1996a, 1998) for solving the flow problems described

in this thesis. In Baker et al. (1994) and Williams et al. (1994) more information is available

on the application of the finite element method for the simulation of indoor air flow.

Discretisation - Discretisation in space requires the flow field to be divided in small control

volumes. Different type of control volumes and grid topologies are possible; hexahedral and

tetrahedral control volumes and structured or unstructured grids. In Chapter 4.5 the different
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available grid techniques are discussed. The solution process for both grid topologies is

nearly similar (Fluent 1996a).

Integration over the control volume in order to balance the conservation equations requires

the calculation of the cell face values of the scalar variable φ so that the convective and

diffusive fluxes can be determined. This requires an interpolation from the φ-value at the

cell centre to the cell face. Different interpolation schemes are available (Ferziger and Peric

1996). The application of a specific scheme for a variable (among others) depends on the

grid alignment to the flow field. Higher order schemes present a better accuracy as a first

order scheme introduces numerical diffusion when the flow field is oblique to the grid

alignment. Higher order schemes however show a less stable solution procedure.

Solver - Solving the equations on a structured grid allows the application of line-iterative

methods as the line Gauss-Seidel (LGS) method. The equations for a variable are solved

directly along one line of control volumes applying the tridiagonal matrix algorithm

(Patankar 1980). The calculation is proceeded with the next line applying the latest

available boundary values. The solution process can be improved via block correction along

a line of control volumes. The added correction satisfies the balance over the control

volume block (Patankar 1981). A further improvement can be obtained by applying a

multigrid solver. Corrections are determined from a successively coarser grid which is

constructed from a block of control volumes. These corrections are added to the fine grid

solution during the iteration process (Hutchinson and Raithby 1986). For unstructured grids

a line-iterative method cannot be applied. The Gauss-Seidel solution process is combined

with the multigrid technique. An algebraic scheme then is used to determine the coarse level

mesh (Fluent 1996a, Ferziger and Peric 1996).

An iterative approach is required to obtain the separate but coupled flow field variables,

described by Equation 4.7, from an initial guessed flow field. The solution of the flow field

is complicated by the pressure source term in the momentum equation. The pressure field

cannot be determined from a separate equation. Patankar (1980) describes a procedure in

which the pressure field is obtained via the continuity equation, the Semi-Implicit Method

for Pressure-Linked Equations (SIMPLE). Given an initial pressure field, the momentum

equations are solved. A pressure correction is obtained from the revised continuity equation

and the velocity component values are corrected subsequently. After calculation of the

coupled flow field variables, as temperature and turbulent quantities, the corrected pressure

is taken as the new pressure field and the operation is repeated until a converged solution is

obtained.



- The Simulation of Indoor Air Flow -

71

All flow field variables are stored in the cell centre of the control volume. A linear

interpolation procedure is applied to obtain the pressure value at the face of the control

volume, as is necessary for solving the momentum equation (Rhie and Chow 1983). In this

way an oscillatory pressure field is prevented without the application of a staggered grid

(Patankar 1980). This approach is useful when boundary fitted coordinates are used for non-

orthogonal boundaries of a flow problem. For large local gradients of the pressure, as with

large buoyant forces, the discretisation should be refined. Also a staggered grid approach

may be re-introduced for the calculation of the face pressure (Fluent 1996a). To prevent a

similar oscillatory solution for the flow field when solving the continuity equation, a

momentum-weighted averaging is applied for the velocity that is based on the convection

and diffusion effects (Majumdar 1988).

When the buoyancy force is of the same order of magnitude as the pressure gradient the

convergence is poor because of the relative small contribution of the convective and viscous

terms. This results from the sequential solving process of the SIMPLE-algorithm. A

correction term can be incorporated in the revised continuity equation that accounts for the

buoyancy force (Fluent 1995 and 1996a).

Convergence - Because of the non-linearity of the problem the solution process is

controlled via relaxation factors. A relaxation factor controls the change of a variable as

calculated at each iteration. The convergence is checked by several criteria: the mass and

heat conservation should be balanced; the residuals of the discretised conservation

equations must steadily decrease; and the change in field values between two iterations

should be very small.

4.4 CFD CASE STUDY

4.4.1 Introduction

Following the above described mathematical and numerical modelling, the continuous

improvements and the developments in computer capacity, CFD has become an increasingly

interesting tool for the simulation of the indoor air flow. Literature presents numerous

results of CFD-simulations of an indoor air flow field. However, a validation of the

simulated results mostly is not possible due to a lack of measurement results. Furthermore,

the sensitivity of the solution, as e.g. to boundary conditions and parameter settings, mostly

is not indicated. This especially applies to realistic indoor air flow patterns.
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In the next sections results of a three dimensional simulation of a displacement ventilated

office room are discussed. From this simulation some of the typical restrictions in the CFD-

simulation of indoor air flow patterns are indicated. Besides a model verification, including

grid dependency check and discretisation scheme variation, the sensitivity to supply

boundary conditions has been investigated.

4.4.2 Problem set-up and modelling

The flow under investigation results from a displacement ventilation system that is situated

in an office in which several heat sources are present. This flow pattern has been

investigated experimentally by Cox and Elkhuizen (1995). The case considered is a

standard office module (4.5 × 3.6 × 2.7 m3) with a West facing facade (see Figure 4.1a).

The air enters the room in the corner of the side wall and the facade at an angle of 45o. The

exhaust is placed at the ceiling in the middle of the room at 1 m from the East wall. The heat

sources in the room are represented by orthorhombic obstructions at which a constant heat

flux is prescribed. The walls are represented isothermally at a constant temperature. A full

description of the flow problem and the applied boundary conditions can be found in

Appendix C. A summary of the boundary conditions is presented in Figure 4.1b.

a)

b) 

Figure 4.1. Simulated office configuration (a) and boundary condition representation (b).
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The modelling of the air supply is important but paradoxical. The supply obviously

influences the flow pattern but the detailed supply characteristics cannot be modelled given

the restrictions in computer capacity and the requirements for the spatial discretisation of

the complete room. Heikkinen (1991) describes four methods which can be applied to

replace a complex diffuser:

• The basic model replaces the diffuser by a simple opening with the same effective area

of the diffuser.

• The momentum model applies the actual dimensions of the diffuser, but separates the

boundary conditions for the continuity and momentum equations. The flow rate is

controlled from the continuity equation. The momentum and turbulent quantities agree

to the actual values.

• In the box model measured boundary conditions are set at an imaginary box around the

supply opening.

• In the prescribed velocity model the basic model is applied to describe the supply

opening. Measured velocities are imposed onto the flow field at the most important

locations.

Emvin and Davidson (1996) reject the basic and the momentum model. In the basic model

the penetration length will be overestimated due to an underestimation of the turbulent

mixing area. This will be most evident for diffusers with a small aperture percentage. Their

analysis of the momentum model is not correct and resulted in the wrong conclusion (Chen

1998).

For the present study none of the mentioned methods has been used as no specific

experimental results for the supply were available. Instead the full diffuser area has been

modelled. As the flow rate is prescribed and the opening percentage could not be modelled

the momentum therefore is underestimated. The effect of the supply momentum deficit on

the total flow pattern in the room normally is less decisive for a displacement ventilation

flow pattern. In such a pattern the supplied air generally is distributed over the total floor

area first, without influencing the other parts of the room. The total flow pattern is mainly

determined from the heat sources in the room. Also near the floor the supply momentum

normally is less important as, in contrast with a jet characteristic, the supply velocity is

relatively low.

The simulations have been performed with Fluent V.4.32 (Fluent 1995). Due to the

rectangular geometry of the room and the positions of the objects a cartesian grid

(33×31×48) has been preferred over a boundary fitted grid. As a result the flow enters the

room at an angle of 45o to the grid lines. This case is indicated as the reference case. Grid

dependency was checked by increasing the number of grid points to a nearly doubled grid

(64×60×94). This case is indicated as double grid case.
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The standard k-ε model has been used to model the turbulence and standard wall functions

have been applied to represent the near wall flow field. The RNG-k-ε model was not

considered for these simulations because of the limited number of available measurement

results and the limited experience with the RNG model at the time of investigation. As

mentioned earlier, the turbulence modelling will be discussed in Chapter 7. The simulation

results described in this chapter do not concern the turbulence model, but merely the

characteristics of a CFD-simulation. The power-law interpolation scheme was used as the

discretisation scheme (Patankar 1980). Furthermore, the LGS method and the SIMPLE

algorithm were part of the solution process. Though the flow problem is stationary the

problem has been solved time dependent. The time-step serves as an additional relaxation

factor. The application of the time in the solving procedure results from experience in the

simulation of similar flow problems.

The simulation was regarded converged when the mass and heat balance are accurate within

1% of the mass flow rate and the total heat input respectively. Furthermore, the variation of

flow variables (u, v, w, T) at specified positions in the flow field must be less than 1% over

the last 100 time steps for absolute values larger than 0.01.

4.4.3 Model verification

Measurements from Cox and Elkhuizen (1995) were used for comparison with the CFD-

results. A qualitative comparison of the flow in the room indicates a good agreement

between the predicted and the visualised flow field. Buoyant plumes are simulated above

the heat sources and a pronounced vertical temperature gradient is calculated. Table 4.2

presents a quantitative comparison between measured and simulated velocities (reference

and double grid case) at five positions in the room. The measurements were performed with

a hot sphere measurement device (inaccuracy approximately 20 - 30%). In Figure 4.2 the

simulated profiles of the velocity magnitude for the reference and double grid case are

shown for the positions indicated in the room (see Figure 4.1b).

Table 4.2. Measured and simulated air velocity at five different positions in the room as

indicated in Figure 4.1b.

position height measurement simulation
reference double grid

[m] [m/s] [m/s] [m/s]

South West (SW) 0.1 0.08 0.17 0.21

South West (SW) 0.6 0.28 0.10 0.13

Middle (M) 1.1 0.05 0.06 0.07

Middle (M) 1.7 0.05 0.02 0.02

North East (NE) 0.1 0.10 0.07 0.08
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When the measurement results are compared with the simulations (Table 4.2), the influence

of the supply modelling in the CFD-simulations is apparent. A significant difference is

found for the South West position. The actual supply dimensions were modelled so that the

momentum was underestimated (estimated effective area of the supply ~30%). The

penetration length is reduced by the underestimation of the modelled momentum. The

penetration length is defined as the length over which the air flow is directly influenced by

the supply flow.

Table 4.2 and Figure 4.2 show that the simulated velocity flow field near the supply is grid

dependent and do not agree with the measurement results. This deviation is mainly caused

by numerical diffusion (Patanker 1980) as a result of the oblique direction of the supply

velocity vector to the grid. At positions further downstream comparison with the

measurement results is more difficult as the registered velocities are low. Apart from the

supply region the (coarse) grid of the reference case however results in grid independent

solutions. Therefore, at about 50,000 cells, a grid independent solution is possible for the

flow in an office room equipped with a displacement ventilation system. This however

requires a careful grid refinement near walls and heat sources.

The simulations were performed with the power-law interpolation scheme. In case of the

use of a higher order interpolation scheme for the reference case, the numerical diffusion

close to the supply as discussed above is reduced (see Figure 4.2). The stability of the

solving process is however weak. Unrealistic flow field features appear for the higher order
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Figure 4.2. Simulated profile of the velocity magnitude at three positions in the room (see

Figure 4.1b) ([×] measurements, [  ] reference case, [    ] double grid case ;

[  ] results for reference case when a higher order interpolation scheme is applied).
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solution. For example the buoyant plume above the heat sources is reduced significantly. As

a result, the problem is simulated most reliably by aligning the grid to the streamlines at the

supply.

For the comparison of the temperature distribution in the room Cox and Elkhuizen (1995)

defined the temperature effectivity as

( ) ( )supplyxsupplyexhaustT TTTTE −−= , (4.17)

where T is the temperature at the exhaust, at the supply or at a specific location in the room

(x). In Table 4.3 a quantitative comparison is given of the measured and simulated

temperature effectivity. In Figure 4.3 simulated temperature profiles (in oC) are shown for

three positions in the room for the reference as well as for the double grid case. As no

information is available on Texhaust, measurement results cannot be indicated in Figure 4.3.

Given the unrealistic flow field features obtained with the higher order interpolation

scheme, as discussed above, these results are not shown.

Contrary to the velocity, for the temperature effectivity distinct differences are found

between measurement and simulation, and also between the two simulation variants. These

differences mainly result from differences in the simulated heat transfer rate at the constant

temperature walls. For the double grid case the increased overall wall heat transfer to the

room results in a higher room and exhaust temperature. These higher values result in a

better agreement with the measured temperature effectivity than obtained from the reference

case. Only close to the supply the reduced numerical diffusion influences the temperature

profile differently.

For the reference case the averaged y+-value is determined at 20 viscous units (see Equation

4.8). For the double grid case this value is smaller than 11 viscous units. The applied wall

functions for the temperature profile (Equation 4.10 and 4.11) underestimate the heat

transfer for the given grid set-up. Chen (1995) indicates that reliable heat transfer

characteristics are obtained when the y+-value is controlled at 10. This value however is

arbitrarily and results from experience. Niu (1994) determined y+= 9.2 as the optimum value

Table 4.3. Measured and simulated temperature effectivity Et [-] at twelve different

positions in the room.

height South West (SW) Middle (M) North East (NE)
[m] meas. ref. double meas. ref. double meas. ref. double

0.1 4.28 13.87 28.59 2.35 3.30 2.90 1.79 2.32 2.03

0.6 2.93 2.52 2.43 1.57 2.28 1.99 1.50 2.16 1.92

1.1 1.24 1.52 1.17 1.28 1.56 1.37 1.26 1.63 1.39

1.7 0.95 1.22 1.10 0.98 1.18 1.10 1.01 1.18 1.10
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for the numerical prediction of the heat transfer coefficient for a free convection flow

problem.

The restricted validity of the wall functions follows from the assumptions that have been

made to solve boundary layer flows (Tennekes and Lumley 1972). These assumptions are

not valid for boundary layer flows that arise indoors. E.g., the wall function as given in

Equation 4.8 is not valid for developing boundary layers, is derived for two-dimensional

flows parallel to the wall (Prasad 1994) and is not valid when pressure gradients are present

(separation and impinging flows).

An improvement in the simulation of the heat transfer characteristics is possible when the

near wall flow field is solved more accurately. This is possible with low-Reynolds-number

modified turbulence models. They allow to model the flow up to the wall, without the use of

wall functions. This requires however a fine grid distribution in the near wall layer. Given

the grid considerations for whole room flows and the required computing costs, possibilities

for near wall grid refinement are nevertheless restricted. As a result a valid simulation of the

heat transfer characteristics for indoor air flow fields is very difficult to obtain (Niu 1994).

To overcome the modelling and grid restrictions when simulating the heat transfer, CFD-

results often are obtained by imposing a heat transfer coefficient in the definition of the wall

boundary condition. The coefficient is determined from measurements or is calculated from

an empirical relation. The application of a convective heat transfer coefficient (hc) requires
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Figure 4.3. Simulated temperature profile at three positions in the room (see Figure 4.1b)

([  ] reference case, [    ] double grid case).
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information on its definition. Unless mentioned otherwise, in this thesis the convective heat

transfer coefficient is defined according to Chen (1988),

( )mscc TTqh 1.0−= � , (4.18)

where cq� is the convective heat flux, Ts the surface temperature and T0.1m the air

temperature at 0.1 m from the surface.

It is clear from the simulation results for the office configuration with displacement

ventilation, given in Table 4.3, that there are considerable deviations with the measurement

results. The temperature differences between the simulation variants however are within 1oC

(Figure 4.3). Because the heat sources in the office room are modelled by their known

(convective) heat input, grid variation does not influence the total heat input into the room

by the heat sources. The convective heat transfer coefficient at the heat source however is

underestimated. This results in an overestimation of the surface temperature and

consequently of the radiant heat transfer. Therefore, the simulation of combined convective

and radiant heat transfer is not feasible for the given simulation model. The applied version

of the CFD-program does not allow the introduction of a convective heat transfer coefficient

as part of the boundary condition of a wall, nor the control of the y+-value at a predefined

value. Furthermore, the number of available measurement results is too restricted for a more

in depth evaluation of the effect of the underestimation of the heat transfer. As for the

turbulence modelling, this effect is discussed further in Chapter 7 using more extensive

measurement results that have been obtained within this research. These measurements are

dealt with in Chapter 5 and 6.

4.4.4 Supply definition sensitivity

Despite the incomplete validation of the office model discussed above, the numerical office

model is used to investigate the sensitivity of the simulation of air supply into the room in

case of displacement ventilation. Table 4.4 summarises the four cases that have been

compared with the reference case. The investigated parameters deal with the flow direction

and the modelling of the supply. In Figure 4.4 a graphical comparison is presented for the

velocity magnitude and the temperature at the indicated positions in the room. The result for

case 4 is not shown in Figure 4.4 as the difference with the result for case 1 is negligible.

Table 4.4. Simulation variants

Case based on changed parameter
1 reference casemodelling of the supply (supply 2 instead of supply 1; see Figure 4.1b.)

2 case 1 vertical supply angle: 45o upward

3 case 1 horizontal supply angle: 0o, parallel to the facade

4 case 1 supply turbulence intensity: 10% instead of 35%
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Changing the supply model (case 1) causes differences in the velocity profile near the

supply, but the flow field in the rest of the room remains nearly unchanged. Similar

conclusions follow when the vertical supply angle is altered from 0o to 45o upward (case 2;

note that the numerical diffusion in this case is even more pronounced). However, the

differences close to the supply are more distinct and result in an area near the desk with

decreased thermal comfort. The flow field just above floor level is totally altered when the

supply flow direction is set parallel to the facade (case 3).
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Figure 4.4a. Simulated velocity profiles ([  ] reference case; variants: [  ] case
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the cases are defined in Table 4.4)).
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A change in the supply turbulence intensity (case 4) has no influence on the flow field. The

influence of the earlier discussed numerical diffusion however must be taken into account.

Joubert et al. (1996) found the same conclusions for a numerical study of a jet in a two

dimensional cavity in which the turbulence intensity was varied between 4% and 37.4%.

Joubert et al. also found that the geometry of the supply velocity profile (flat or parabolic

profile) does not influence the mean velocity within the cavity. The difference in the

simulated turbulent kinetic energy in the cavity however was significant. Due to the

parabolic supply profile additional shear by the jet results in a higher production of

turbulent kinetic energy. This effect will be less apparent for displacement ventilation.

4.5 GRID TECHNIQUE

4.5.1 Introduction

The simulation of the indoor air flow requires a simplification of the flow problem by

discretisation in time and space. Structured cartesian grids are used most often to represent

the flow problem configuration. A structured grid is characterised by continuous grid lines

between the opposite boundaries of the discretised flow problem. To reduce the number of

grid cells a non-uniform grid is preferred over an equidistant grid. For indoor air flow

problems, heat sources placed in the room require grid refinement close to these sources. As

a result for a non-uniform grid small grid cells may appear at locations in the flow field

where the gradients of the calculated variables are small. Furthermore, the increased aspect

ratio (height-to-width ratio) of a grid cell may introduce numerical errors when the velocity

vector is perpendicular to the cell direction.

Optimisation of the grid set-up therefore is directed towards a more efficient use of grid

elements with a view to obtain an improved representation of the non-rectangular flow

problem at the lowest computing time. As a result different type of volume cells and grid

topologies have become available. Table 4.5 summarises some of these grid topologies.

Table 4.5. Grid topologies under consideration.

grid volume elementlocation index grid line requirement
a. structured

(single block)
hexahedral i,j,k index to locate neighbouring

cell
continuous between
opposite boundaries

b. pseudo-
unstructured
(multi-block)

hexahedral i,j,k index to locate neighbouring
cell within each block.

continuous between
opposite boundaries
of a block

c. unstructured tetrahedral no location index, grid structure
part of total data structure

no requirements

d. unstructured
(adapted)

hexahedral grid structure is part of the total
data structure.

no requirements
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The structured grid already was discussed above. The pseudo-unstructured grid combines

blocks of structured grids, which as a whole may result in an unstructured grid. Truly

unstructured grids are obtained when tetrahedral volume cells are applied for the flow field

discretisation. Finally, a separate grid topology may appear as a result of grid adaption. In

this case the grid is refined or coarsened applying user-defined adaption parameters that can

be solution dependent.

4.5.2 Configuration and meshing considerations

In this section a comparison of the mentioned grid topologies is described, to determine the

applicability for the simulation of an indoor air flow field. First the configuration and

meshing considerations will be discussed, then the results are described.

For the investigation of the grid topology a new room configuration has been used. It is

presented in Figure 4.5 and consists of a displacement ventilation unit that is placed

underneath a desk, facing the person seated at the desk. The desk is positioned in the middle

of the room. The slot exhaust is placed in a side wall just underneath the ceiling. An

extensive description of this configuration is given in Chapter 5.

The room boundaries are represented as constant temperature boundaries. A constant heat

flux is prescribed for the person seated at the desk. The supply velocity profile is flat and

the supply temperature is below the average room temperature. Consequently a stratified

flow field should develop. Identical boundary conditions are prescribed for the different

grid topologies.

Figure 4.6 presents a graphical summary of the different grid topologies that have been

applied for the simulation of the flow configuration. Note that there are small differences in

the definition of the person seated at the desk for the different meshing configurations. The

Figure 4.5. Configuration flow problem.
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adapted grid is not shown. The structured grid has been set up with Fluent V.4.3 (Fluent

1995). The pseudo-unstructured and unstructured meshes have been constructed with the

mesh generator GeoMesh (Fluent 1996c) and Tgrid (Fluent 1996b). The main characteristics

of each grid are summarised in Table 4.6 and will be discussed below.

a) 

b)

c)

Figure 4.6. Graphical summary of the applied grid topologies; (a) structured grid;

(b) pseudo-unstructured grid; (c) unstructured grid.
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In Figure 4.6a a typical structured grid is shown as applied most often for the simulation of

indoor air flow. The continuation of the volume cell distribution outside the area of interest

causes the reduced effectiveness of this grid topology. The problem set-up is

straightforward and highly controllable and the solution process normally is found to be

very stable in combination with the standard k-ε turbulence model (Niu 1994). A structured

grid can also be used for non-rectangular flow problems through a boundary fitted grid. In

that case the grid is fitted to the configuration shape. The set-up for a boundary fitted grid

however is rather laborious, because of the strict grid requirements. Outside the region of

interest the grid distribution will still lead to superfluous grid refinements.

With the pseudo-unstructured grid set-up (Figure 4.6b) the fine grid distribution remains

concentrated at the region(s) of interest. However, as the separate structured blocks must

connect properly, the total number of grid cells cannot be reduced significantly. A better

distribution outside the region of interest is evident. Due to the grid requirements and the

fact that the grid is boundary fitted the set-up for this flow problem is complicated. The

influence on the discretisation process nevertheless is high.

The unstructured mesh is shown in Figure 4.6c. Given a predefined triangular boundary

mesh a three dimensional tetrahedral grid is created applying a constrained version of the

Delauny method (Fluent 1996b). In a Delauny mesh there are no nodes that lie inside the

circumscribed sphere of any cell. Though the meshing process is relatively straightforward,

this type of grid generation restricts the user influence on the final grid distribution

considerably. The applicability of the calculated grid is determined by the skewness of the

control volumes. The skewness is defined as:

sizecelloptimal

sizecellsizecelloptimal
skewness

−
= , (4.19)

where the optimal cell size is the size of an equilateral cell with the same radius for the

circumscribed sphere (Fluent 1996b). Zero skewness represents an optimal cell. Given the

calculated grid, a limited local grid improvement is possible to reduce the skewness of

separate control volumes.

Table 4.6. Summary of the mesh characteristics.

a.  stuctured

(single block)

b. pseudo-unstructured

(multi-block)

c.  unstructured d. unstructured*

(adapted)

49×35×38 cells

53,750 internal cells

48 structured blocks

82,784 internal cells

125 face parts

51,757 internal cells

maximum skewness: 0.91

4 different adaption variants

67,036 - 125,997 internal cells

(reference: structured)

* not shown in Figure 4.6
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The adapted grid can be derived from any of the meshes as described above. As a test

different grid refinement adaption cases were determined from simulation results for the

structured grid. Several adaption types were recognised and combined: gradient adaption

(velocity magnitude), iso-value adaption (maximum velocity), volume adaption (volume

change) and region adaption. The grid refinement concentrates on the supply and the plume

above the heat source. The boundary cells were excluded from the grid refinement with

reference to the results as described in Chapter 4.4.3. In total four variants have been

calculated. In all cases the hanging node adaption procedure is applied. This procedure

performs an isotropical grid refinement for the hexahedral cells that have been marked for

refinement (Fluent 1996a).

The simulations have been performed with Fluent/UNS v.4 (Fluent 1996a), an unstructured

CFD-program. In all cases this time the RNG-k-ε model has been used. Low-Reynolds-

number modifications to the turbulent viscosity, as provided by the RNG-theory, were

included. As for Chapter 4.4 in these simulations the turbulence model is not evaluated

further. Standard wall functions have been applied as grid refinement up to the wall was not

considered due to restricted computing capacity. The momentum and energy equations have

been solved applying a second order interpolation scheme. For the unstructured case all

equations have been solved applying a second order scheme. In all simulations a multigrid

solver and the SIMPLE algorithm have been applied. For the structured and pseudo-

unstructured grid pressure interpolation was performed by a staggered grid approach (Fluent

1996a). For the unstructured grid the standard linear interpolation was applied. Furthermore,

in all simulations a correction term was incorporated in the revised continuity equation to

account for the buoyancy force (Fluent 1996a).

The problem was regarded as being converged in case the mass and heat balance is accurate

within 1% of the mass flow rate and the total heat input respectively. Furthermore, the

variation of flow variables (u, v, w, T) at specified positions in the flow field must approach

a constant value or a constant sinusoidal variation with a restricted amplitude. Grid

dependency has not been checked due to computer capacity restrictions. The unstructured

grid approach requires higher memory and CPU overhead for referencing the grid. The

computing expenses for the unstructured solver procedure is a factor two higher than for the

common structured solver procedure.

4.5.3 Results

In Figure 4.7 the calculated vector field in a vertical cross-section in the middle of the room

is presented. The vector scales for the different graphs are equal. Figure 4.8 presents the

calculated temperature contours for the same plane. Similar contour values are applied.
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a) 

b) 

c) 

Figure 4.7. Calculated velocity vector field at the centre plane of the room for the different

grid topologies, velocity range: 0…0.4 m/s; (a) structured grid; (b) pseudo-unstructured

grid; (c) unstructured grid.
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a)

b) 

c) 

Figure 4.8. Calculated temperature contour field at the centre plane of the room for the

different grid topologies; (a) structured grid; (b) pseudo-unstructured grid; (c)

unstructured grid.
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A typical displacement ventilation flow pattern is calculated for the structured and pseudo-

unstructured grid. The introduction of colder air at the supply results in a horizontal velocity

vectors just above floor level. Above the heat source a plume has developed and a positive

vertical temperature gradient is present in the room. A more extensive description of this

typical flow pattern is found in Chapter 6 and 7. The actual validation of the simulation will

be discussed in Chapter 7.

For the unstructured grid, the horizontal velocity vectors as well as the plume are less well

developed. Erroneous velocity vectors appear at the boundary cells. These results indicate

that tetrahedral cells are less well suited for the generally rectangular shape of the room.

This effect is amplified due to the significant impact of the buoyant force on the total flow

pattern. For a tetrahedral grid an improved treatment for the calculation of the cell face

pressure, i.e. a staggered grid construction, is not possible. The application of a segregated

solver algorithm (SIMPLE) furthermore may have contributed to the result. In this

procedure the connection between buoyancy force and pressure is weak. Given the available

model, improvement is only obtained by a further grid refinement. From these results and

due to the limitation of computing resources, the application of an unstructured tetrahedral

grid for the simulation of a displacement ventilation flow pattern is rejected for the available

version of the CFD-program.

A comparison of the structured and pseudo-unstructured grid indicates small differences in

the velocity vector field and temperature distribution. The velocity vector field above the

heat source is inclined slightly for the pseudo-unstructured grid. This inclination agrees with

the grid course above the heat source but would typically not occur in a free convection

flow field. Near the ceiling, at one side of the plume, the entrainment region is smaller than

calculated for the structured variant. The difference in entrainment conditions between the

two sides of the plume for the pseudo-unstructured grid does not occur in reality for this

case. This difference furthermore results in a wider plume and lower plume velocities (up to

0.1 m/s) than calculated for the structured grid.

The temperature contours for the buoyant plume relate to the vector field findings. In Figure

4.9 the vertical temperature profiles for the structured and the pseudo-unstructured grid are

compared for three positions in the plane as indicated in Figure 4.8a. The absolute

differences in the temperature profiles are small (Figure 4.9). This difference is mainly

explained from the difference in the wall heat transfer, in particular at the ceiling.

The simulation results for the adapted grid were found to be unstable. When the simulations

are continued, despite apparent convergence, the flow field variables show increasing

deviations. The instability is independent of the adaption conditions. The unstable solution

process is explained from the increased volume change between two neighbouring cells as a
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result of the grid refinement and from the relative large influence of the buoyancy force on

the total flow field and the segregated solver algorithm that is applied. The buoyancy force

nevertheless is a typical element in indoor air flows. Given the applied solver and the

available version of the CFD-program, grid adaption appears less suited for the simulation

of a displacement ventilation flow pattern.

4.6 SUMMARY

1. Recent developments in the mathematical and numerical modelling of turbulent flows in

theory allow an improved simulation of the indoor air flow problem. However, only a

limited number of validation studies for realistic indoor air flow fields are available to

allow a proper evaluation of these improved numerical models.

2. When a room with displacement ventilation is simulated, the correct calculation of the

wall heat transfer forms an important problem in the simulation. The application of wall

functions results in grid dependent solutions for the heat transfer and therewith for the

room temperature. The improved treatment of the near wall flow field via low-Reynolds

number turbulence models and grid refinement currently is restricted due to the available

computer capacity. As a result the incorporation of a radiant heat transfer model is not

feasible when heat sources in the flow problem are defined by their heat flux.

3. The sensitivity of the simulation of the room air flow characteristics to the modelling of

the air supply conditions is small for a displacement ventilated flow pattern. The supply
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Figure 4.9. Vertical temperature profiles for three positions at the centre plane of the room

as indicated in Figure 4.8a ([  ] structured grid, [    ] pseudo-unstructured;

(a): x = 0.75 m, (b): x = 2.0 m, (c): x = 4.5 m).
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was modelled with a 100% aperture. Close to the supply the differences are more

pronounced and may require a more accurate definition when information should be

obtained from that region. In such case the use of experimental data then mostly cannot

be avoided.

4. The apparently improved grid use in pseudo-unstructured and unstructured grids has

drawbacks in terms of the effort to build up the grid and the reliability of the final

solution, for a particular problem and solver. A structured grid set-up therefore will

remain the point of departure for the simulation of a displacement ventilation indoor air

flow pattern.

5. A grid dependency check or a grid improvement in principle is possible via grid

adaption. For the investigated flow problem, characterised by large buoyancy forces, the

flow field variables adopted unrealistic values after initial apparent convergence.

Different adaption strategies resulted in similar findings. For the applied solver, the

advantage of grid adaption in the solution process for a displacement ventilation flow

pattern therefore seems restricted. Other options to perform a grid dependency test are

limited. From the double grid results described in Chapter 4.4.3 it is concluded that for

an office room with a displacement ventilation system a grid independent solution is

possible at about 50,000 cells. This however requires grid refinement at the heat sources

and near the wall and minimisation of numerical diffusion.
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Chapter 5

EXPERIMENTAL SET-UP
AND PROCEDURE

5.1 INTRODUCTION

The Desk Displacement Ventilation (DDV-) concept was introduced in Chapter 2.3.3 as a

concept for ventilation of a standard office configuration according to the task conditioning

principle. The concept has been drawn schematically in Figure 2.6 and has been taken as a

starting point for the configuration of a full-scale climate chamber set-up. The measurement

results obtained from the climate chamber experiments are used to compare with the results

from numerical simulations and for the evaluation of the DDV-concept.

In this chapter the design of the configuration and the measurement equipment are

described. A thermal mannequin was designed and built to represent the occupant.

Furthermore, a specific procedure was followed to perform the whole room measurements.

This measurement procedure is described and supported by a set of additional experiments.

5.2 CLIMATE CHAMBER SET-UP

5.2.1 Configuration

In Chapter 2.3.3 the basic configuration requirements for the DDV-concept have been

indicated. They are summarised in Table 5.1. These requirements have been used to design

a full scale experimental model of an office room ventilated according to the DDV-concept.
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Climate chamber configuration - The model office room, l × w × h = 5.16 × 3.6 × 2.7 m3

(0.2 m plenum height included), has been built in a larger climate chamber, l × w × h = 5.16

× 9.7 × 2.7 m3 (at the Eindhoven University of Technology). Figure 5.1 shows the climate

chamber configuration with the modelled office room centred in the climate chamber.

All walls of the climate chamber are temperature controlled by the climate chamber control

system. As a result four walls of the office model can be temperature controlled directly.

The standard deviation of the controlled wall temperature is typically in the order of 0.1oC

over a period of ~10 hours. This value has been derived from the actual measurement of the

wall temperature during the experiments. The temperature for the two remaining walls of

the office model, which are transparent to allow visualisation of the flow pattern, results

from the conditions in the climate chamber. These conditions, also in the office model, were

kept as constant as possible by using dummy heat sources (‘lighting’) to simulate the heat

when measurement equipment was switched off or no person was in the climate chamber.

Direct radiant heat transfer from the measurement equipment and the dummy heat sources

to the transparent wall was blocked out.

The walls of the model office room are flat planes, with the exception of the East wall in

which three windows are situated. These windows also are temperature controlled. The

control is linked with the remaining East wall and this wall is assumed flat.

Table 5.1. Basic requirements DDV-concept.

supply below desk top, against back of the desk; large supply area, low supply velocity

exhaust at ceiling height.

heat sources person seated at desk; eventually other heat sources in room.

Figure 5.1. Climate chamber configuration.
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In the model office room a floor plenum is incorporated to allow introduction of the air via

the floor. Instead of pressurising the whole plenum, a pressure box was used to allow a

homogeneous air supply to the displacement ventilation supply unit (see Figure 5.1). The air

flow was introduced symmetrically into the pressure box. For that purpose the single air

duct was split into two ducts.

An air conditioning unit is used to condition the air that is introduced into the model office

room. The flow rate is determined via a Venturi nozzle and the supply set-point temperature

is controlled by the climate chamber control system.

Model office room - A schematic drawing of the model office room is shown in Figure 5.2.

The room dimensions and the applied coordinate system are shown in the figure. The

boundaries of the room will be mentioned according to their orientation as indicated in

Figure 5.2. The important room features are also shown. The supply is placed under the

desk table and the exhaust is located in the South-East upper corner of the room. Different

heat sources are placed in the room. A full description of the location of the different

objects is given in Appendix D.

The thermal mannequin is seated in a chair. The upper part has a slight backward inclination

(about 7o). For the simulations described in Chapter 7, the upper part is assumed straight up.

These values are indicated in Table D.2 in Appendix D. The design of the thermal

mannequin is discussed in Chapter 5.2.3.

Figure 5.2. Model office room.
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5.2.2 Supply system

Two different type of supply units have been investigated on velocity distribution and flow

rate for application in the DDV-concept. Important demands for the supply system are:

• low velocity close to the supply area [0.05 … 0.2 m/s at 0.3 m from the supply],

• a symmetrical flow pattern over the width of the unit,

• control on the flow rate (velocity) [0.01…0.03 m3/s] and temperature [± 3oC].

Supply units - The Desk Displacement Unit (indicated as ‘unit 1’) was specially designed

for the DDV-concept (Loomans et al. 1996) and was obtained from the original

manufacturer (Directflo Air Distribution Pty. LTD). This unit extracts air from a non-

pressurised floor plenum by means of a fan which is incorporated in the unit. Three fan

positions allow variation in the flow rate. The temperature is controlled through a mixing

valve which allows mixing of the room air. Guiding paddles within the unit intend to

improve the distribution of the air within the unit. The air is introduced into the room

through a grille with a 60% aperture.

The second supply unit (indicated as ‘unit 2’) originally is designed as a standard

displacement ventilation unit (displacement ventilation unit series QLE-U 1000×300,

TROX GmbH). The air is introduced into the unit as described in Chapter 5.2.1. The supply

grille has a 15% aperture. Direct adjustment of the flow parameters at this unit is not

possible, but the configuration in principle allows control of the temperature and the flow

rate.

Flow rate - Measurement of the flow rate for the different fan settings of unit 1 indicate that

the variation in the flow rate is only 0.005 m3/s between the lowest and the highest setting,

at an average flow rate of 0.033 m3/s at a measurement accuracy of ± 0.002 m3/s. In the

experiments the flow rate and the supply temperature of unit 2 were controlled by the air

conditioning unit.

Velocity (distribution) - For both units the velocity and the velocity distribution have been

measured at different planes in front of the supply grille, parallel to it. Measurements have

been performed with the hot sphere anemometer (Dantec 1984). The accuracy of the

measurements is estimated at 15% for velocities higher than 0.1 m/s (see Chapter 3.6). For

unit 2 different flow rates have been investigated, whereas for unit 1 only the highest fan

setting was used. For unit 2 the supply temperature was 3oC below the average wall

temperature. Unit 1 was tested under isothermal conditions.

In Table 5.2 measured velocity characteristics are summarised for unit 1 and unit 2. In

Table 5.2, u  is the mean velocity over the total supply area, at a parallel plane to the supply
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unit at the indicated distance, σ is the standard deviation of the measured mean velocities at

the plane and umax is the maximum measured mean velocity at the plane. Figure 5.3 shows a

typical distribution of the flow pattern for unit 2 as has been measured in three parallel

planes for a flow rate of 0.019 m3/s.

The measurement results for unit 1 (see Table 5.2) indicate very high velocities close to the

supply. At 0.5 m distance the maximum velocity is still well above the draught discomfort

limits (see Chapter 2.2.2). From the measured velocity distribution for unit 1 it is not

possible to find a symmetry plane over the unit.

The measured velocities at unit 2 show that the velocities near the supply, especially the

maximum velocity, are significantly lower than for unit 1. The velocity distribution for unit

2 shows a clear symmetry plane over the width of the supply. Highest velocities are found at

the top as the air is introduced into the unit at the bottom. The supply temperature is lower

than the room temperature, therefore the supplied flow is seen to drop as a result of

buoyancy at larger distance from the supply (see Figure 5.3).

Figure 5.3. Velocity distribution at three parallel planes at different distance from the

supply of unit 2 for an air flow rate of 0.019 m3/s.

Table 5.2. Measured velocity characteristics for unit 1 (V�  = 0.036 m3/s ) and unit 2 (V�  =

0.029 m3/s) at different distances to the unit.

unit 1 V�  = 0.036 m3/s unit 2 V�  = 0.029 m3/s
distance = 0.1 m 0.5 m 0.08 m 0.15 m

u [m/s] 0.21 0.13 0.16 0.14

σ [m/s] 0.10 0.05 0.07 0.06

umax [m/s] 0.61 0.26 0.39 0.31
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Unit selection - From the postulated demands and the above described measurement results

unit 2 has been preferred for application in the experimental configuration. A vertical

symmetry plane is identified in the middle of the unit, lower maximum velocities are found

at a short distance to the unit and, furthermore, there are no mechanical parts in the unit.

Direct control at the unit may be possible by combining the system with e.g. a Twin Duct

system (Rutten 1996).

5.2.3 Heat Sources

Heat sources are used in the experimental configuration to simulate the heat load in the

model office room. First the person seated at the desk is described and then the other heat

sources in the room.

Person - In the DDV-concept the person that is seated at the desk forms an essential part of

the total concept (see Figure 2.6). The upward convective flow around the person should

deflect the horizontal impulse into a vertical flow. As this upward flow establishes itself

because of the over-temperature of the body, it is important that the heat transfer and the

temperature distribution of the heat source replacing a person in the experimental

configuration should be realistic. Furthermore, as the person is sitting at a relative short

distance from the supply, it is important that posture and dimensions of the heat source

correspond with that of a human being.

A thermal mannequin has been designed that represents the proportions of the human body,

both on the geometrical and on the heat transfer part. The shape and the heat distribution of

the mannequin are simplified as much as possible in order to arrive at an acceptable balance

between the close modelling of the mannequin and the complexity of the thermal aspects

and the posture of the human body. Therefore, this mannequin cannot be used for thermal

comfort predictions. In Appendix E the design and the dimensions of the thermal

mannequin are summarised.

During normal exercise and rest the body produces heat. The metabolic rate for

miscellaneous office work is set at 57.9 - 69.5 W/m2 (Fanger 1970). The heat production

per section is not evenly distributed as the distribution of e.g. the muscles mass is not

proportional with the surface area of the sections. Furthermore, a basal metabolic rate and a

basal evaporative heat loss is present at all time.

In Stolwijk (1971) the muscle distribution and an estimation of the heat distribution per

section when cycling is given. From these data a first estimation has been derived of the

heat load distribution for the thermal mannequin. Then a thermographical system was used
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to compare the surface temperature distribution of the thermal mannequin and that of a real

person. Following the thermographical results, the heat transfer coefficient has been

increased for all but the head section by dressing the mannequin with a black cotton cloth.

In this way the surface temperature was increased without additional heat input. Finally, the

heat load distribution was fitted to the surface temperature of the real person (Loomans

1997). The heat input per section is provided by fans and lighting. The lighting and so the

heat output can be tuned by a dimmer.

The comparison of the final result of the surface temperature distribution for the thermal

mannequin is shown in Figure 5.4. In Appendix D the distribution of the total heat input per

section (Qsection) is given. When the estimated latent heat loss (~21 W; Stolwijk 1971) is

added to the total heat input, the metabolic rate for the thermal mannequin can be calculated

at 76 W/m2. This metabolic rate can be compared to that of miscellaneous office work (57.9

- 69.5 W/m2) and laboratory work (81.4 - 93.0 W/m2; Fanger 1970). The metabolism of the

person (the experimenter) shown in Figure 5.4 was more close to that of laboratory work.

With reference to the inter-individual differences in the metabolic rate (see Chapter 2.2.2),

the total heat input in the thermal mannequin is assumed representative for performing

experimental and numerical simulations with.

Based on the temperature distribution and the heat input, the convective part of the heat

input has been estimated. The experiments were performed in a climatised room with an

ambient temperature of 22oC. Assuming that the mean radiant temperature (Tmrt) equals the

ambient temperature, in Appendix D, Table D.2, the convective part of the heat input

(Qsection_c), in relation to the total heat input per section, is summarised.

Figure 5.4. Surface temperature distribution for the thermal mannequin and a person

measured from the front side.
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In this procedure no correction was made for the fact that part of the leg- and chest-section

was covered by the chair. This chair however was also used in the experiments.

Furthermore, Tmrt was not corrected for the influence of radiant heat transfer from the

different sections. The derived convective part of the heat transfer therefore will be

underestimated. However, the actual experimental set-up will also have an effect on the heat

transfer characteristics. This effect is difficult to determine. Therefore, the inaccuracy with

which the convective part of the heat input has been determined is estimated at 10%. As the

plume flow rate (V� ) scales with Q1/3 (Kofoed and Nielsen 1988), the plume flow rate may

vary by 3%.

Other heat sources - To allow an increased heat load in the model office room different

heat sources have been added. They represent typical features of an office room. Their

shapes however have been simplified as much as possible.

PC-simulator - The PC-simulator is represented by a 0.4 × 0.4 × 0.4 m3 black painted

plywood box with aluminium foil at the inside. The bottom part was open and the box was

lifted 0.002 m from the table creating a slot along its circumference. The top consisted of a

perforated aluminium plate (perforation ratio: 0.05), painted black on the outside. In the box

a 100 W heat source (bowl reflector lamp) was placed at the floor in the middle of the box.

In total two PC-simulators were placed in the model office room.

Lighting simulator - A desk lighting simulator was represented by a 0.15 × 0.15 × 0.15 m3

black painted closed plywood box with a wooden inner surface. In the middle of the box a

25 W heat source was placed.

Fluorescent lighting - Three 36 W TL-D fluorescent lamps without reflector have been

mounted against the ceiling of the model office room. The ballast for each fluorescent lamp

consumed approximately 14 W.

For each heat source the radiant part of the total heat input has been determined via infrared

thermography, similar to the procedure for the thermal mannequin. The convective part then

was calculated from these data. For the fluorescent lamps manufacturer data have been used

to determine the convective heat input. The convective part of the heat input of the ballast

was estimated at 50%. The convective part of the total heat load is summarised in Appendix

D, Table D.1.

In Figure 5.5 a photograph is shown of the model office room in the climate chamber

configuration, with the thermal mannequin sitting at the desk. The other heat sources are not

shown in Figure 5.5. The traversing system will be discussed in Chapter 5.4.1.
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5.3 MEASUREMENT EQUIPMENT

5.3.1 Velocity measurement system

In total twelve hot sphere anemometers (Low Velocity Transducer 54R10; Dantec 1984)

have been used. A special configuration was made in combination with the 54N21 3-

channel Input Module (Dantec) and an A/D converter (DATAshuttle DS-12-8-GP;

Strawberry Tree 1995) to allow a simultaneous 10 Hz sampling frequency and storage of

the bridge voltage output for all anemometers with an accuracy of 0.3% of the reading.

Calibration of the anemometers was performed according to the procedure described in

Chapter 3.6. The anemometers have been calibrated in vertical and horizontal position. The

calibration data were summarised in a calibration table. The accuracy of the measurements

is determined at ±0.025 m/s at velocities between 0.05 - 0.50 m/s.

5.3.2 Temperature measurement system

In the experiments 40 type T thermocouples (copper-constantan) have been used for the

measurement of the air temperature. An HP-3825A data acquisition/control unit has been

applied to register the thermocouple output.

Figure 5.5. Overview of the climate chamber configuration.
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The wall temperatures have been measured with positive temperature coefficient resistors

(PTC’s). Squirrel meter/loggers have been applied to register the PTC output. In total 12

PTC’s have been used to measure the wall temperatures, and two to measure the supply

respectively the exhaust temperature. The wall temperature distribution has been determined

with infrared thermography. For the walls that are directly controlled by the climate

chamber control unit, the variation in temperature is less than 0.5oC. For the indirectly

controlled side walls a temperature gradient will result from the prevailing thermal

conditions. The wall temperature was measured at two heights (1.0 m and 2.0 m). The

averaged value was assumed as the average wall temperature. The floor temperature

distribution will be influenced by the supplied colder air. The floor temperature has been

measured at a position 2.0 m in front of the supply and at a position at the other side of the

desk. The averaged value is assumed to represent the average floor temperature. The air

temperature at seven positions close to the thermal mannequin also has been measured with

PTC’s, in order to determine the local air temperature distribution.

Calibration of the thermocouples and PTC’s is performed applying the reference principle.

A small climate chamber (Weiss SB22 160/40) was used to calibrate the sensors under

different climatic conditions. All applied thermocouples and PTC’s were calibrated under

the same conditions. Only the temperature measurements obtained from these calibrated

sensors have been used in the description of the experimental conditions and the

measurement results. The accuracy of the temperature measurements with the

thermocouples is determined at ±0.1oC and with the PTC’s at registration accuracy

(±0.125oC).

5.3.3 Supplementary measurement systems

Besides velocity and temperature, the flow rate and the heat input have been registered. The

flow rate has been determined with a Validyne DP103-10 differential pressure transducer

with 0.5% accuracy. The readings are corrected for the registered air temperature at the

Venturi nozzle.

The heat input has been measured with a watt meter (erichMarek, type 55.21, accuracy

0.5% of full scale). Two watt-meters were applied, one for registering the heat input at the

thermal mannequin and one for the remaining heat sources.

5.3.4 Data handling

A data handling procedure has been designed within the Matlab environment (The

Mathworks 1993) to allow a fast transfer of all measurement readings into an uniform
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output: a file with the boundary conditions and files with the velocity and the temperature

readings at their respective x-y-z positions in the room. Calibration tables for the velocity,

temperature and flow rate readings were used to transfer the measurement results. For the

total heat input a further subdivision was made into the convective heat load of the different

sections of the thermal mannequin and the other heat sources. Within the Matlab

environment several graphical routines are available to view the results.

For the velocity readings the measured bridge voltage at zero velocity can be entered as the

reference point. The indicated position of the anemometer and the direction at which the

flow approaches the anemometer determine which calibration data from the calibration table

are being used. Finally, the velocity is filtered for measurement readings below the

anemometer specification level of 0.05 m/s. If more than 90% of the velocity readings

during one measurement are below 0.05 m/s, the measurement could be rejected.

The thermocouples were not shielded from radiant heat transfer. On the one hand shielding

may negate the influence of radiation effects, but on the other hand such shields impede the

normal air flow at the measurement point. Instead, the temperature measurement obtained

form a thermocouple has been corrected for radiant heat transfer from the walls by applying

the measured wall temperatures and the location of the sensor in the room (Peng 1996). No

correction is made for the influence of the heat sources on the measured temperature.

5.4 MEASUREMENT PROCEDURE

5.4.1 Traversing system

A manually operated traversing system was designed and built to allow measurement at

different positions in the room. The system consists of two vertical posts that can be

clamped between the floor and the ceiling. Between the two posts horizontal aluminium

supports can be positioned at different heights. At these supports anemometers or

thermocouples can be fixed at the required x-y-z position. The total construction can be

moved through the test room and the horizontal support can be changed over the height.

Two of these constructions are placed in the room. Both the volume and the cross section of

the traversing system are negligible (<< 0.1% of the total volume/cross section).
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5.4.2 Measurement time

A full scale measurement consists of 520 thermocouple measurements at different positions,

sampled at a frequency of 0.1 Hz over 180 seconds, and 132 velocity measurements at

different positions, sampled at 10 Hz over 180 seconds. Furthermore, the wall temperature,

the heat input and the flow rate were registered during all measurements.

All registration values were used to determine the mean velocity and the standard deviation.

The statistical independence of the samples was ignored (see Chapter 3.3). Measurement

results (measurement period of 1 hour) for some typical positions in the flow pattern of the

model office room indicated that the standard deviation in the mean velocity between

sampling at 10 Hz and at 0.2 Hz is in the order of 0.5% and smaller.

For each measurement 40 thermocouples and 10 velocity transducers are put into their

specific x-y-z position using the traversing system. For one full scale measurement the

traversing system is moved in total 13 times into a new position (horizontally and/or

vertically). Between the movement of the traversing system and the new measurement a

waiting time is required to allow the flow pattern to recover to its original steady state

situation.

Measurements have been performed to determine the recovery time of the flow pattern after

a disturbance. For these measurements a fan was used which allowed thorough mixing of

the air flow in the room. Before, during and after mixing, the air velocity and temperature

were registered at different x-y-z positions in the configuration. Figure 5.6 and 5.7 show the

measured velocity and temperature variation for a situation with an air change rate (ACH) of

0.75 h-1 (V� = 0.010 m3/s) and a displacement ventilation type of flow pattern (Twall - Tsupply =

3.0oC, heat input from the thermal mannequin only).

In Figure 5.6 and 5.7 the bold dashed lines indicate the start and the end point of the flow

disturbance. Velocities up to 1 m/s have been measured when the fan was mixing the air.

The velocity however is seen to recover within five minutes after the disturbance has

stopped. The longest recovery time is found for the buoyant plume (velocity > 0.1 m/s) as it

has to re-establish itself.

As a result of the mixing the vertical temperature gradient in the room almost vanishes. The

temperature distribution is seen to follow an exponential course after the disturbance

stopped and the extra heat input was removed from the room. Steady state conditions are

obtained within 15 minutes. The deviation from the steady state conditions before the

disturbance is less than 0.1oC. This effect partly results from a small increase in the floor

temperature (~0.1oC) during the measurements, which is within the control accuracy.
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From these results the waiting time after a disturbance due to the repositioning of the

traversing system was determined at 30 minutes minimum for ACH = 0.75 h-1. The actual

flow disturbance during the measurements due to the repositioning is smaller than for the

above described experiments, as only one person walks quietly through the room.
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Figure 5.6. Velocity as function of time at twelve positions in the model office room before,

during and after a disturbance; [    ] : start- and end-point of the flow disturbance.
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Figure 5.7. Temperature as function of time at 40 positions in the model office room before,

during and after a disturbance; [    ] : start- and end-point of the flow disturbance.
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5.4.3 Boundary conditions

Wall temperatures - The steady state boundary conditions for the flow pattern under

investigation must be controlled rigidly during the measurements. For the full-scale

measurements the wall temperature variation typically could be controlled within a standard

deviation of 0.15oC. For the floor and ceiling the deviation typically was smaller than 0.1oC.

Heat input - An A.C. voltage stabiliser (Philips PE 1404/11) was used to control the

variation in the heat input to within 1% of the total heat input. A ratio of distribution was

applied to determine the heat input to the separate sources (see Appendix F). The heat load

per heat source was checked regularly.

Flow rate - The flow rate was determined from the Venturi nozzle and the pressure

transducer. The actual flow rate however deviated from the imposed flow rate as leakages

were present in the duct system between the flow rate measurement point and the

displacement ventilation unit. This difference was only revealed after an improvement of the

numerical algorithm to determine the local mean age of the air from accurate tracer gas

measurements (Roos 1998a).

In the search for leakages smoke visualisation has been used. From these visualisations it

was confirmed that no significant leakages were present in the model office room itself.

Therefore the flow rate introduced at the supply can be expected to leave the room via the

exhaust. As a result the measurements of the local mean age of the air as presented by Roos

(1998a and 1998b) can be used to determine a correction for the flow rate as measured with

the Venturi nozzle. This correction is applied in the full-scale measurements. Due to this

indirect procedure, the accuracy with which the flow rate can be determined is estimated at

5%.
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Chapter 6

RESULTS OF FULL-SCALE EXPERIMENTS

6.1 INTRODUCTION

Full-scale measurements have been performed for different boundary conditions applying

the experimental configuration described in the previous chapter. In this chapter focus is on

the measurement data rather than the evaluation of the Desk Displacement Ventilation

(DDV-) concept. The concept will be evaluated in Chapter 8.

First the investigated cases are summarised, then the results are described. The description

of the results is subdivided by the type of flow pattern: displacement ventilation or mixing

ventilation. The flow pattern is described qualitatively and quantitatively. Finally the results

are discussed in relation to results from comparable research found in literature.

6.2 CASE DESCRIPTION

The temperature difference between supply and exhaust air and the supply flow rate (V� )

determine the convective cooling capacity of the DDV-system. In this configuration the

walls are controlled at a fixed temperature Twall. As a result the wall heat transfer will also

have a contribution to the room heat balance. The vertical temperature gradient is

determined by the heat load in the room, the air change rate and the diffusion of the flow.

This gradient influences the plume above a heat source.

Therefore, the most important variables that determine the room air flow pattern and the

thermal conditions are:

• Temperature difference between supply air and wall temperature (∆T = Tsupply - Twall);

• Air change rate (ACH) [ = 3600⋅V� /V [h-1])];

• Heat load in the room (Q).
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Given the described configuration (see Figure 5.2), a displacement ventilation flow pattern

is expected when ∆T < 0oC and a mixing ventilation flow pattern when ∆T > 0oC (see

Figure 1.1). A further necessary requirement for a displacement type of flow pattern is that,

above a certain relevant height, the interface height, the flow rate in the plume(s) is larger

than the supply flow rate.

The maximum temperature difference between the wall and the supply air has been

restricted to approximately ∆T= 3oC. This value is derived from the maximum vertical

air temperature difference that is allowed to occur within the occupied zone (0.1 m - 1.7 m)

for prevention of local discomfort (ASHRAE 1992; see Chapter 2.2.2). This criterion may

be critical in the application of the desk displacement ventilation concept and will limit the

cooling load capacity of this system. It will be discussed further in Chapter 8. Though the

mean room temperature is of less importance, it has been kept in the order of 20 - 23oC.

ASHRAE (1992) defines a minimum operative temperature of 18oC for sedentary

occupancy.

The air change rate has been varied between a minimum of ACH ≈ 0.75 h-1 (V� ≈ 0.010

m3/s) and a maximum of ACH ≈ 3.7 h-1 (V� ≈ 0.047 m3/s). V� ≈ 0.010 m3/s presents the lower

limit of the flow rate for one person in an office room, with regard to the steady state CO2

concentration and the perceived indoor air quality (Liddament 1996). Due to draught

discomfort requirements, the maximum flow rate has been limited to V� ≈ 0.047 m3/s. At

V� = 0.029 m3/s velocities up to 0.25 m/s were registered at 0.15 m from the supply unit.

This already may be critical for draught sensation especially as the supply temperature is

below room temperature. The highest investigated air change rate was investigated

especially for comparison with numerical simulations.

The flow rate in the plume above a person is about 0.03 m3/s at 0.75 m above the person

(Mundt 1996, Mierzwinski 1981). The highest supply flow rate of 0.047 m3/s is

considerably higher than the flow rate above a person. This means that additional sources

are necessary to keep the interface height at a relevant level. The extra heat input in the

room results from the sources described in Chapter 5. Two heat load variants have been

investigated. In the low heat load case (Q ≈ 125 W) only the thermal mannequin is activated

as heat source in the room. For the high heat load case (Q ≈ 500 W) all available heat

sources have been activated. The latter case presents a more realistic heat load situation for

an office room in the interior zone of a building (q� = 27 W/m2).

Table 6.1 summarises the different cases that have been investigated. This research has been

focussed on displacement ventilation flow patterns because the DDV-concept is assumed to

operate under these conditions in the micro-climate. For the lowest air change rates ∆T has
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been set at -2.5oC due to restrictions in the cooling capacity of the air conditioning unit and

heat pick up over the distance over which the air was distributed to the supply unit.

The wall temperatures are controlled, therefore a reduced air change rate at constant supply

and wall temperatures will result in an increased wall heat transfer in the total heat balance.

The convective cooling capacity of the DDV-system then will be reduced. This capacity is

defined as ρcpV� (Texhaust - Tsupply). Case 7 has been investigated to determine whether an

increased supply temperature at a constant flow rate will present similar results as case 3.

Case 8 presents a mixing ventilation case where the supplied flow heats up the room.

To indicate a case description in the text, each case is given an abbreviation. This is

indicated in the last column of Table 6.1. In the abbreviated form T, Q and V stand for ∆T,

Q and ACH respectively. The interpretation of the symbols can be taken from their

respective values in Table 6.1. Besides the investigated parameters, the system performance

is influenced by numerous other parameters, e.g., the disturbance of the flow by additional

ventilation systems or the location of the unit in the room. These variables have not been

investigated further.

6.3 RESULTS

6.3.1 Displacement ventilation conditions (cooling)

Qualitative description - A displacement ventilation flow pattern is established if ∆T <

0oC. In Figure 6.1 the characteristic features of the displacement ventilation flow pattern in

the central plane of the room and at a horizontal plane at approximately 0.1 m above floor

level are sketched. The flow pattern was sketched from video recordings of the diffusion of

smoke. In Figure 6.2 some details of the visualisations are shown. These visualisations are

obtained for case 3 [T-Q+V-] and are typical for cases with a displacement ventilation flow

pattern.

Table 6.1. Case description full-scale measurements.

case ∆T [oC] Q [W] ACH [h-1] V�  [m3/s] abbreviation
1 -2.5 125 0.75 0.010 T-Q-V-
2 -3 125 2.3 0.029 T-Q-V+
3 -2.5 500 0.75 0.010 T-Q+V-
4 -3 500 1.5 0.019 T-Q+V×
5 -3 500 2.3 0.029 T-Q+V+
6 -3 500 3.7 0.047 T-Q+V*
7 -1 500 2.3 0.029 T×Q+V+
8 +3 500 1.5 0.019 T+Q+V×
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The incoming flow is colder than the room air temperature. As a result the air cascades

down after the supply (Figure 6.2a) and spreads over the total floor area, similar to water in

a bath tub (see Figure 6.1). The supply air will remain near floor level and is only carried

along to ceiling level by induction into the buoyant plumes caused by the individual heat

sources in the room (Figure 6.2b and 6.2c). For the visualisation of the buoyant plume of

the thermal mannequin the smoke was introduced at the lap of the mannequin.

The free convection boundary layer at the person cannot entrain fully the total amount of

fresh air. It entrains a part of the supplied air at once, the remaining moves in the circulation

as shown in Figure 6.1. With a decreasing buoyancy, the air might circulate several times

before being entrained. Assuming that otherwise no air can entrain the flow near the floor,

an interface is found at the height where the supply flow rate equals the convection flow rate

in the plume(s),

)(splumesupply VV �� = . (6.1)

Due to the strong vertical temperature gradient a clear distinction between the different

layers can be found (Figure 6.2d). The distinctive stratification at the interface is described

by Krühne (1996) by measurement of the vertical contaminant gradient of particles released

in the plume. For higher supply flow rates the interface height increases when the heat load

and source types are not changed.

Figure 6.1. Flow features of the displacement ventilation flow pattern in the central plane

of the room and at a horizontal plane at ~0.1 m above floor level.
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a) 

b) 

c) 

d) 

Figure 6.2. Visualisations of the displacement ventilation flow pattern (for case 3

[T-Q+V-]).
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Quantitative description- The measurement results have been obtained according to the

procedure as described in Chapter 5. All cases (except case 7 [T×Q+V+]) have been

repeated in order to check the reproducibility of the measurements. The reproducibility was

determined to be within measurement accuracy (Loomans 1998). In most of these

measurements the x-y-z positions have been monitored in opposite order to determine any

possible influence due to the measurement procedure. Measured temperatures and velocities

are available in x-y-z format for all cases and can be downloaded from the internet (http://

www.tue.nl/bwk/bfa/research/aio_research.html). The prevailing boundary conditions for

each case are summarised in Appendix F.

An example of the measured temperature distribution at different planes in the room is

shown in Figure 6.3. The applied traversing system (see Chapter 5) confined the

measurement area to y = 0.1 to 2.3 m, for x = 0.75 to 2.0 m and x = 3.5 to 4.5 m, and y = 1.5

to 2.3 m, for x = 2.25 to 3.0 m. In the z-direction measurements were taken between z =

0.675 m and z = 2.925 m. Figure 6.4a to d present the contour lines for the planes shown in

Figure 6.3 and for plane x = 2.25 m. From these results it can be concluded that the

horizontal temperature differences are small compared to the vertical ones, except for the

buoyant plumes. The temperature gradient at y = 0.1 m is clearly larger at the supply side of

the desk (x = 0.75 m) than at the opposite side (x = 4.50 m). These results are typical for all

investigated displacement ventilated cases.

The velocity in a large part of the room is below the specified level of 0.05 m/s and

therefore cannot be measured reliably. Only in the buoyant plumes velocities higher than

0.05 m/s are measured. The velocity measurements therefore have been limited to the

Figure 6.3. Measured temperature distribution for case 4 [T-Q+V×] (x = 0.75 / 3.0 [PC-

simulator] / 4.5 m) in [oC].
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plume, in particular above the thermal mannequin. Figure 6.5 presents measurement results

for two planes above the thermal mannequin and one plane above the PC-simulator. From

these results it can be concluded that the plumes remain confined to a small area above the

heat source. The impinging plume will spread along the ceiling. This, however, could not be

measured as the measurement points closest to the ceiling fall, for practical reasons, well

beyond the area of interest.

The velocity in the plume above the PC-simulator is clearly higher than above the thermal

mannequin. The influence of the lighting simulator on the flow pattern can be seen clearly at

x = 3.0 m. Though the measurement plane does not cut the lighting simulator and its

buoyant plume, at ceiling level the measured velocities are significantly higher. From the

results it is clear that two separate plumes exist above the heat sources that are placed on the

desk. This also applies to the plume above the thermal mannequin and the PC-simulator.
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6.3.2 Mixing ventilation conditions (heating)

Qualitative description - A mixing ventilation flow pattern is established when ∆T > 0oC.

In Figure 6.6 the characteristic features of this flow pattern in the central plane of the room

are sketched. In Figure 6.7 some visualisations are shown.

Because of the positive buoyancy effect, the air flow close to the supply unit is directed

upwards (Figure 6.7a). The desk table however obstructs the flow and the supply flow is

distributed underneath the desk table before it can enter the upper part of the room (Figure

6.7b). As a result the buoyant plume of the thermal mannequin is less confined than in the

displacement ventilation case (Figure 6.7c). The air is thoroughly mixed with the exception

of the air layer immediately above the floor, where the air is cooled by the cold floor. Near

the walls a downward flow transports air into the lower room level. The air near floor level

is predominantly transported into higher room levels through entrainment into the

convection plume of the thermal mannequin.
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Figure 6.6. Flow features of the mixing ventilation flow pattern in the central plane of the

room.

a) 

b) 

c) 

Figure 6.7. Visualisations of the mixing ventilation flow pattern (for case 8 [T+Q+V×]).
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Quantitative description - The temperature distribution at different planes in the room

measured for case 8 [T+Q+V×] are presented in Figure 6.8a to d. As for the displacement

ventilation case, the horizontal temperature distribution is small compared to the vertical

one. The vertical temperature gradient for the upper part of the room is relatively small

compared to the one obtained for the displacement ventilation flow pattern. There is no

obvious temperature difference between the two sides of the desk, as found for the case with

displacement ventilation.

The velocity measurements also indicate the thermal plumes above the heat sources (Figure

6.9a to c). Outside the plumes, near the table edge, higher velocities are measured due to the

rising flow as is visualised in Figure 6.7b. The measured plume velocities above the PC-

simulator are lower than for the case with displacement ventilation at slightly higher

turbulence intensities. This is caused by the increased entrainment of air into the rising flow

near the table edge. This entrainment suppresses the plume development above the PC-

simulator.
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Figure 6.8. Measured temperature distribution for case 8 [T+Q+V×] in four different

planes (x = 0.75 / 2.25 [thermal mannequin] / 3.0 [PC-simulator] / 4.5 m) in [oC].
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6.4 DISCUSSION OF THE MEASUREMENT RESULTS

This section describes additional characteristics of the full-scale measurements. The heat

balance, the vertical temperature gradient, the wall heat transfer characteristics and the

plume characteristics are discussed. In order to determine the reliability of the

measurements, the results have been compared to results described by Mundt (1996) and

Krühne (1995). The discussion deals with whole room displacement ventilation flow

patterns instead of the micro-climate only. The applicability of the DDV-concept will be

discussed extensively in Chapter 8. This approach follows from the visualisation results,

which indicate a normal whole room displacement ventilation flow pattern.
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Figure 6.9. Measured velocity distribution for case 8 [T+Q+V×] in three planes

(x = 2.25 m: thermal mannequin, x = 3.0 m: PC-simulator) in [m/s].
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6.4.1 Heat balance

The surface temperature of the enclosure was controlled (see Chapter 5.4.3). In the

experiments, therefore, part of the heat load is transferred to the walls. It has not been

possible to determine the heat transfer through the walls with this climate chamber. As the

heat transfer is low it was not ventured to measure the heat transfer at the surface. Therefore

it is not possible to set-up the heat balance for the total configuration. The heat balance and

the wall heat transfer will be discussed further in Chapter 7. In that chapter simulation

results are described for the investigated configuration. The effect of heat transfer at the

wall on the characteristics of the flow pattern will be discussed further in the section 6.4.2.

Instead of the heat balance, the heat loss through ventilation (Qc_v = ρcpV� (Texhaust - Tsupply))

has been determined in relation to the total convective heat input (Qtot_c). This relation is

defined as the air cooling fraction (ξ),

ctotvc QQ __=ξ . (6.2)

The air cooling fraction has been determined for each case and is given in Table F.3

(Appendix F). The air cooling fraction ranges from 0.16 for case 3 [T-Q+V-] to 1.89 for

case 2 [T-Q-V+]. This means that for case 3 more than 80% of the heat input is transferred

to the walls, neglecting possible heat input from (one of) the walls into the room. In

contrast, for case 2 the total heat transfer rate indicates that the walls may be considered as

an additional heat source. For all other investigated cases ξ is smaller than one.

In all cases the room air temperature at 2.3 m height is higher than the exhaust temperature.

This is due to the convective heat transfer at the ceiling. As the ceiling temperature is lower

than the air temperature, the ceiling operates as a cooled ceiling. The exhaust is situated just

beneath the ceiling. The air that leaves the room through the exhaust therefore is cooled to

some degree.

The temperature difference between any two walls on average is less than 0.5oC (Table F.1).

As the wall temperatures are controlled there is no such influence of radiant heat transfer

between the ceiling and the floor as described by Krühne (1995) and Müller and Renz

(1996).

An example of a practical configuration in which the wall heat transfer cannot be neglected

is found in a room with displacement ventilation and a radiant cooled ceiling. Normally, the

load that can be cooled by displacement ventilation is limited for thermal comfort reasons

(Fitzner 1996). For high thermal loads a radiant cooled ceiling may be incorporated to

remove part of the heat load while maintaining the displacement ventilation flow pattern

(Krühne 1996).
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6.4.2 Vertical temperature gradient

The separate cases (see Table 6.1) can be compared in relation to the vertical temperature

profile. The mean temperature, yT , at different heights (y) has been determined from the

temperature measured at six positions in the room outside the buoyant plume (x = 1.50 /

2.00 / 4.50 m; z = 0.675 / 2.925 m). The dimensionless temperature (θy) then is calculated

from

( )
supplyexhaust

n
supplyny

supplyexhaust

supplyy
y

TT

TT

TT

TT

−

−
=

−
−

=θ
∑

=

6

1
, 6

. (6.3)

yT has been determined for all cases and is summarised in Table F.4, Appendix F. The

dimensionless temperature can be derived from Table F.3 and F.4.

Low heat load / High heat load - Figure 6.10 presents the comparison of the temperature

profiles for the low (case 1 [T-Q-V-] and 2 [T-Q-V+]) and high (case 3 [T-Q+V-] and 5 [T-

Q+V+]) heat load cases for a supply flow rate of 0.010 m3/s (case 1 and 3) and 0.029 m3/s

(case 2 and 5). As the results between the two measurements for one case on average is

smaller than 0.1oC, in the figure only one result per case is shown.

Clear differences are found in the temperature profiles. The averaged room air temperature

is higher for the high heat load cases. As a result of the higher exhaust temperature, the

dimensionless temperature at floor level is lower. Due to the additional heat sources and the

higher position of these sources the temperature profile assumes a more linear path over the

room height.
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Figure 6.10. Mean temperature and dimensionless temperature profiles as a function of the

height for case 1, 2, 3 and 5.
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A characteristic of a displacement ventilation flow pattern in a room is the relatively sharply

located interface between the supply air layer, indicated the lower layer, and the upper layer

sketched in Figure 6.1. The interface height establishes itself where the total flow rate in the

plume(s) equals the supply flow rate into the room. With Equation 6.1, this height can be

estimated by calculating the plume flow rate from an empirical expression. The plume flow

rate along a heated vertical wall can be determined from an empirical relation as given, for

example, by Skistad (1994),

hplume wyQV
hhc

7/67/23

_
1006.3 −⋅=� , (6.4)

where plumeV� is the plume flow rate, Qc_h the convective heat load from the heat source (in

[W/m]), wh is the outline of the heat source and yh the vertical distance to the lower edge of

the heat source. This relation originates from a Nusselt (Nu) - Grashof (Gr) relation and has

been obtained by fitting to measurement results. For laminar flows Nu scales with Gr1/4, for

turbulent flows with Gr1/3 (Holman 1994). Equation 6.4 therefore has a limited

applicability.

When the thermal mannequin is simplified to an equivalent cylinder (h = 1.2 m; d = 0.5 m)

the interface height can be approximated. Given the configuration and the heat load the

estimated interface heights are given in Table 6.2. Equation 6.4 is only valid for the flow

along a heated surface. Therefore, an estimation of the interface height for case 2 [T-Q-V+]

was derived using the plume flow rate model for a point source, derived by Mundt (1996).

Equation 6.4 and the model of Mundt assume that no air will enter or leave the lower layer

via an up- or downward flow along the walls. In view of the measured room air and wall

temperatures, this assumption will certainly not be met for specific cases.

The interface height cannot be determined unambiguously from the measured temperature

profiles (Figure 6.10). It can better be determined from local mean age of the air

measurements as discussed in Roos (1998a) or from particle concentration measurements as

discussed in Krühne (1995).

Table 6.2. Interface height (case 1, 3 and 5 calculated from Equation 6.4; case 2

determined from Mundt (1996)).

case interface height

1 0.7 m

2 1.6 m

3 0.7 m

5 1.2 m
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High heat load / Flow rate - Figure 6.11 presents the comparison of the temperature

profiles for the high heat load cases (case 3 [T-Q+V-] to 7 [T×Q+V+]) in which the most

important variable is the flow rate. The difference in the temperature gradients at the lower

part of the room is small for cases 3 [T-Q+V-] to 6 [T-Q+V*]. From the dimensionless

temperature gradient the sensitivity to the flow rate is more clear. Nevertheless, the

sensitivity of the temperature gradient to the flow rate is significantly affected by the non-

negligible influence of the heat transfer to the enclosure. With these prescribed boundary

conditions, the wall heat transfer reduces the vertical temperature gradient. The close

relation between the supply flow rate and the near floor temperature confirms the findings

of Mundt (1996).

The variation in the flow rate affects the convective cooling load (Qc_v) and thus the air

cooling fraction (ξ; Equation 6.2). The value for the air cooling fraction ranges from ξ =

0.84 for case 6 to ξ = 0.16 for case 3. Following the results of Krühne (1995), for a room

with displacement ventilation in combination with a cooled ceiling, a change in the near

floor flow characteristics is expected when the air cooling fraction is reduced. At small

values for ξ, the near floor air layer is entrained more significantly with air from the upper

layer due to a downward flow along the walls. This effect was demonstrated by Krühne

through the measurement of the degree of contamination in the near floor air layer as a

function of the air cooling fraction.
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height for case 3 to 7.
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Assuming no heat loss over the enclosure, the air cooling fraction introduced by Krühne is

defined as

( )totcctottotvc QQQQ __hneuKr 1/ −==ξ
��

, (6.5)

where Qtot comprises the convective and the radiant part of the internal heat load and Qtot_cc

the convective and radiant cooling load of the cooled ceiling.

The experiments as performed by Krühne (1995) differ at some points from the set-up used

in this research.

In the research by Krühne:

1. Full-scale experiments were made in a climate chamber set-up with a displacement

ventilation system in combination with a cooled ceiling. The heat loss over other walls

was assumed negligible.

2. The value for the air cooling fraction was varied through the supply - exhaust air

temperature difference at a constant supply flow rate. As a result, at a decreasing air

cooling fraction, the supply temperature approaches the mean room temperature.

Whereas in this research:

1. The temperature variation between the walls is small and controlled. The influence of

radiant heat transfer therefore is negligible, also at small values for ξ. The convective

wall heat transfer cannot be neglected.

2. The change in the air cooling fraction results from the change in supply flow rate (V� )

rather than the change in supply temperature.

The effect of a change in the air cooling fraction by changing the supply temperature is

investigated in case 7 [T×Q+V+]. The air cooling fraction for case 7 is calculated at ξ =

0.27 which lies between the results for case 3 (ξ = 0.16) and case 4 (ξ = 0.37). The vertical

temperature profile indicates the absence of a more pronounced gradient near the floor.

Above a height of 1.0 m the temperature course coincides with the results of case 3 and 4.

As the supply temperature is higher, the dimensionless temperature profile differs

significantly.

From the above result it is concluded that there is no apparent difference in the vertical

temperature distribution when either the flow rate or the supply temperature is changed.

From the temperature profiles it is however not possible to determine a change in the flow

pattern characteristics due to a reduction of the air cooling fraction. Visualisations show that

a displacement type of flow pattern exists, also for case 3. The contribution of a downward

air flow rate along the walls into the supply air flow layer however can be expected as, e.g.,

for case 3 over the full height the wall temperatures on average are lower than the air

temperature.
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A further indication of the influence of the reduced air cooling fraction on the

characteristics of the lower layer is obtained from local mean age of the air (τ )

measurements. These type of measurement results are described by Roos (1998b) for the

same configuration and boundary conditions. Roos amongst others measured the local mean

age of the air in the lower layer at y = 0.1 m. In Table 6.3 the experimentally obtained local

mean age-of-air values are summarised. For this discussion the results for the low heat load

cases are recapitulated. Despite an equal supply flow rate and estimated interface height for

case 1 [T-Q-V-] and case 3 [T-Q+V-] (see Table 6.2), for case 3 a significant higher value

for τ  is measured. The air cooling fraction for case 3 however is significantly lower than

for case 1. Between case 2 [T-Q-V+] and case 5 [T-Q+V+] no significant difference is

measured.

When ξ = 0.16 (case 3), the lower layer is ‘contaminated’ with ‘older’ air from the upper

layer via a downward flow along the wall. When ξ > 0.5 this effect is less significant. For

case 7 (T×Q+V+ ; ξ = 0.27) the local mean age was not measured. Nevertheless a similarly

‘contaminated’ lower layer is expected as the boundary conditions and the vertical air

temperature profiles agree with those for case 3. Given the accuracy of these type of

measurements (see Roos 1998a), the measurement results support the findings of Krühne

(1995).

Displacement / Mixing ventilation - Figure 6.12 presents the comparison between a

mixing ventilation (case 8 [T+Q+V×]) and a displacement ventilation (case 4 [T-Q+V×])

flow pattern. As a temperature gradient is evident in the lower part of the room, the mixing

ventilation temperature profile indicates that the room air flow is not completely mixed.

This results from the small value for the air change rate and from the low impulse with

which the supply air is introduced. The gradient however is smaller than for the

displacement ventilation case. The dimensionless temperature profile for mixing ventilation

has an opposite course as now the near floor air temperature is lower than the supply and

exhaust air temperature.

Table 6.3. Local mean age-of-air (τ ) for x = 0.54 m / y = 0.1 m / z = 1.8 m (Roos 1998b).

case V� [m3/s] ξ [-] τ  [min]

1* 0.010 0.52 8 ± 2

2 0.029 1.89 6 ± 2

3 0.010 0.16 14 ± 3

5 0.028 0.53 7 ± 2

* Qtot_m = 150 W instead of 125 W as in Table 6.1
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6.4.3 Wall heat transfer characteristics

The influence of the wall heat transfer on the heat balance and on the flow is evident from

the previous discussion on the air cooling fraction. Therefore, knowledge of the wall heat

transfer characteristics is required. Accurate measurement of the local wall heat transfer

coefficient is difficult as the heat flux is small. These type of measurements have not been

performed. Instead the measurement results have been compared with results found in

literature. From these results the convective wall heat transfer coefficient has been estimated

for the floor, ceiling and the walls.

Floor - Skistad (1994) summarises results which indicate that in a room with displacement

ventilaton the near floor temperature at ~0.1 m height approximately lies midway (50%)

between the supply and exhaust temperature. From Figure 6.10 and 6.11 this value is seen

to lie between 46% and 85% for the investigated cases.

Mundt (1996) derived a simplified model to determine the dimensionless near-floor air

temperature difference (θ0.1 m) as a function of the air flow rate. The model takes the

convective heat transfer from the floor to the supply flow and the radiant heat transfer from

the ceiling to the floor into account, assuming that the exhaust air temperature equals the

ceiling temperature. It ignores however the entrainment of room air into the near-floor air

layer:
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where hrF is the radiant and hcF the convective heat transfer coefficient at the floor and AF is

the floor area. The expression for the convective part in Equation 6.6 complies with the

definition of the Stanton number (St = Nu/(RePr) = hcF /(uρcp)), which expresses the ratio of

energy flux to momentum flux.

Krühne (1995) derived a more extended temperature model for a room with displacement

ventilation with a cooled ceiling. When there is no heat loss over the enclosure good

agreement was found with the model of Mundt (Equation 6.6). When heat is transferred

over the walls into the room, θ0.1 m increases as heat is transferred into the room via the

floor.

In Figure 6.13 Equation 6.6 is shown for hcF = 2, 3, 5 and 10 W/m2.K. Given the prevailing

temperatures hr is set at 5 W/m2.K. Furthermore measurement results of Mundt (1996),

Chen (1988) and of this research are shown. Most other measurement results described in

literature have been obtained for higher flow rates. For the current measurements a

discrimination is made in high and low heat load cases. The results are determined from

Equation 6.6, in which the near floor air temperature, *
1.0 mT , is the averaged value over all

measured temperatures at 0.1 m height.
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Figure 6.13. Dimensionless near floor temperature difference (θ0.1 m) as a function of the

supply flow rate per square meter floor area ([  ] model results for four different

indicated values of hcF, [+]  Mundt (1996), [∗] Chen (1988), current measurements:

[x] high heat load, [o] low heat load).
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For all measurement results a satisfactory agreement is found with the model results for hcF

= 2 to 10 W/m2.K. Focussing on the high heat load results, hcF increases from 2.5 to 5.5

W/m2.K for V� = 0.010 to 0.047 m3/s, when the experimentally derived results in Figure

6.13 are compared to the model results.

As the near floor velocities are low, free convection heat transfer may dominate the heat

transfer characteristics (Mundt 1996). In Recknagel et al. (1997) free convection heat

transfer for an upward directed heat flux from a horizontal plate (floor heating) is calculated

from

31.0*
1.0

31.0
22 mFwallcF TTTTh −⋅≡−⋅= ∞ , (6.7)

where T∞ is defined as the temperature of the uninfluenced environment (T∞ = 0…20oC),

which is taken here as the averaged temperature at 0.1 m above the floor. Inserting the

measurement results, hcF varies between 1.4 W/m2.K and 1.9 W/m2.K for case 4 to case 6.

Remark that *
1.0 mT is slightly outside the validity range for T∞. When the heat transfer

coefficient is derived from Figure 6.6, based on the measurements and air flow rate, a value

is rendered which is higher than obtained from Equation 6.7.

From the above comparison of measurement and model results, the assumption of pure free

convection heat transfer appears not valid for the displacement ventilation configuration. In

Table 6.4 the heat transfer characteristics therefore have been represented by the earlier

introduced Stanton number (St). The required convective heat transfer coefficients, hcF,

have been estimated from Equation 6.6 and the measurement results (see Figure 6.13). The

air velocity at 0.1 m height (u0.1 m) has been measured at x = 1.5 m and x = 2.0 m. In Figure

6.14 the averaged velocity over the width of the room is shown as function of the supply

flow rate per square meter floor area. The velocity is seen to increase logarithmically at

higher flow rates. The velocity magnitude however remains low. The averaged turbulence

intensity, which also influences the heat transfer, is in all cases 25% ± 5%.

Table 6.4. Summary of floor heat transfer characteristics (values for x = 1.5 m).

case hcF

[W/m2.K]

u0.1 m

[m/s]

St =

hcF/u0.1mρcp [-]

1 [T-Q-V-] ~10 (0.04) 0.20

2 [T-Q-V+] 6 0.08 0.061

3 [T-Q+V-] 2.5 (0.04) 0.051

4 [T-Q+V×] 3 0.06 0.041

5 [T-Q+V+] 3.5 0.08 0.036

6 [T-Q+V*] 5.7 0.09 0.051

7 [T×Q+V+] 4 0.06 0.054
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The estimated heat transfer coefficients for the high heat load cases show good agreement

with results as presented by Chen and Jiang (1992), in view of the spread of these results.

Chen and Jiang present measured convective heat transfer coefficients at the floor as a

function of the velocity for a displacement ventilated flow pattern. The large spread of these

results do not allow a clear relation with the velocity. The Stanton number that can be

calculated ranges from St ≈ 0.024 at u = 0.1 m/s to St ≈ 0.008 at u = 0.6 m/s and therefore is

clearly lower than the results shown in Table 6.4.

In Table 6.4 the value of the Stanton number is of the same order of magnitude for the high

heat load cases. For case 1 a large deviation is found. This deviation is explained from the

large gradient in the convective heat transfer coefficient at low flow rates, the small

temperature difference and the accuracy of the model and the measurements. As the

variation in the free convection heat transfer for the different cases is small, the variation in

hcF is mainly explained from the change in the near floor air velocity. For the current

configuration a constant Stanton number may be approximated at 0.05, hcF then can be

calculated from St⋅u0.1 m⋅ρcp. The heat transfer coefficient, hcF, will be estimated lower when

in the model of Mundt (Equation 6.6) the earlier described correction is applied for a

situation in which wall heat transfer is present (Krühne 1995). As a result the Stanton

number is lowered and approaches the results of Chen and Jiang.

From measurements Krühne (1995) concluded that the air cooling fraction has no

significant influence on θ0.1 m and therefore the heat transfer coefficient. Comparing the

results for the high heat load cases 5 [T-Q+V+] and 7 [T×Q+V+] the conclusion of Krühne
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Figure 6.14. Averaged velocity over the width of the room at 0.1 m height as a function of

the air flow rate ([o] x = 2.0 m, [x] x = 1.5 m; [bold] high heat load, [thin] low heat load ).
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is confirmed. When the results for the low and high heat load cases are compared for the

same flow rate (see Figure 6.13) then differences are larger. The difference is more

pronounced at lower air flow rates and is partly explained from the difference in

temperature of the in the lower layer induced room air.

Ceiling - For the heat transfer characteristics at the ceiling a similar derivation is more

difficult. Impinging buoyant plumes, originating from the heat sources, result in a large

variation of the local convective heat transfer at the ceiling. Chen and Jiang (1992) present

convective heat transfer coefficients at the ceiling as a function of the velocity. The

averaged value can be determined at 4 W/m2.K. Again the sensitivity of hcC to the velocity

is not obvious.

Walls - The wall heat transfer will mainly result from free convection heat transfer, as only

the PC-simulator near the West-wall will create a forced convection flow near the wall.

Given the averaged wall temperature and the vertical temperature profiles shown in Figure

6.10 and 6.11 a downward convection flow is expected for the upper part of the room and

an upward flow for the lower part. As a result the total heat transfer from the walls into the

room will be significantly smaller than the heat flux from the floor or the ceiling. For indoor

air flow normally a value is assumed of hc_wall = 3 W/m2.K (Tammes and Vos 1984).

6.4.4 Buoyant plumes

The heat sources in the room create buoyant plumes that transport the air from the lower

part of the room into the higher part through entrainment. From the full-scale measurements

information is available on the plumes above the thermal mannequin and the PC-simulator

on the desk. These results can be compared with results described by Mundt (1996). Mundt

performed extensive climate chamber measurements at buoyant plumes above different type

of heat sources.

In Figure 6.16 the plume velocity as function of the temperature gradient is shown at two

positions above the thermal mannequin and at one position above the PC-simulator. The

positions and applied symbols are indicated in Figure 6.15. The temperature gradient

(dT/dy) is calculated from the averaged temperature (yT ) outside the plumes at 0.1 m and

2.3 m height and is indicated in Table F.3 (Appendix F). Only results for the displacement

ventilation flow pattern are shown.

Figure 6.17 shows the plume temperature difference for one position above the thermal

mannequin and one position above the PC-simulator. The temperature difference is

calculated from the averaged temperature mT 0.2 and the plume temperature. The plume
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temperature has not been measured at the central plane but has been averaged from the two

measurement results at 0.125 m from the central plane (see Figure 6.15).

Thermal mannequin - With regard to the thermal mannequin, the measured velocities are

higher than the velocities summarised by Mundt (1996; see Figure 6.16 [+]). The latter

measurement results were obtained from different laboratories for the same heat source.

Mundt used a person simulator consisting of a 1.0 m high duct with d = 0.4 m and Qtot = 100

W. In one measurement the diameter of the heat source was d = 0.3 m. At dT/dy = 0.4 and

0.5 oC/m, higher velocities were registered (see Figure 6.16 [+]). Despite the variation

between the different laboratories the sensitivity to the vertical temperature gradient was

Figure 6.15. Measurement locations for plume velocity and temperature.
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Figure 6.16. Plume velocity above the thermal mannequin and the PC-simulator at the

central plane of the buoyant plume as a function of the vertical temperature gradient

(measurement locations indicated in Figure 6.15, [thin] low heat load , [bold] high heat

load, the dashed lines show the trend for the results at each location; [+]  Mundt (1996)).
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confirmed in most measurements. The measured turbulence intensity in the plume was in

the order of 15 - 20%, which agrees with the results of Mundt. The measured temperature

difference and the sensitivity to the temperature gradient are in good agreement with the

measurements of Mundt.

Mundt (1996) also refers to measurement results above a human being as reported by

Mierzwinski (1981). Mierzwinski measured maximum velocities in the order of 0.17 - 0.23

m/s and a temperature difference of 0.5 - 0.8oC at a vertical temperature gradient of 0.5 -

0.6oC/m at 0.75 m above the human being. These results show good agreement with the

measurement results of Mundt (1996). The spread in the results of Mierzwinski is explained

from the differences between the persons that have been used in the experiments.

Explanations for the deviation with the current measurement results are given by the

difference in heat input (u scales with Q1/3 (Kofoed and Nielsen 1988)), the shape of the

heat source, the large gradients in the plume and the accuracy of the measurements. The

above described results nevertheless confirm the applicability of the thermal mannequin to

simulate a human being in the full-scale experiments.

PC-simulator - The plume velocity and temperature difference at the PC-simulator are

significantly higher than at the thermal mannequin. The turbulence intensity is in the order

of 15 - 20%. The sensitivity of the plume velocity to the temperature gradient is less well

clear. In contrast, the sensitivity of the plume temperature difference is more profound.
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Figure 6.17. Averaged plume temperature difference above the thermal mannequin and the

PC-simulator at the centre plane of the buoyant plume as a function of the vertical

temperature gradient (measurement locations indicated in Figure 6.15, [thin] low heat

load, [bold] high heat load, the dashed lines show the tendency for the results at each

location).
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Mundt (1996) presents results for a similar PC-simulator as measured in two different

laboratories. A significant difference in the measured plume velocity is found between the

two laboratories. The results of one laboratory show good agreement with the presented

results here (u = 0.38 m/s at dT/dy = 0.6oC/m). In both laboratories the sensitivity of the

plume velocity to the temperature gradient was not apparent at 0.8 m height. No information

is available on the plume temperature difference.

Mixing ventilation - For the mixing ventilation configuration (case 8 [T+Q+V×]; not

indicated in Figure 6.16 and 6.17) small differences are found for the plume velocity in

comparison to the corresponding displacement ventilation case (case 4 [T-Q+V×]). Higher

plume velocities (~ +0.04 m/s) are measured at the thermal mannequin whereas significant

lower velocities are measured above the PC-simulator (~ -0.15 m/s) at a significant higher

turbulence intensity (~35%). The latter effect is explained from the rising air flow along the

desk table side (Figure 6.7b). Entrainment of the air at this rising flow impedes the

entrainment into the buoyant plume of the PC-simulator and therefore opposes the

development of the plume. The plume temperature difference at both plumes is well in line

with the results for the displacement ventilation cases.

6.5 SUMMARY

1.  Full-scale climate chamber measurements are presented for a displacement ventilation

and a mixing ventilation type of flow pattern. All measurement results are summarised in

x-y-z coordinates as defined in Figure 5.2. The configuration and the boundary

conditions are tabulated in Appendix D and F respectively.

2.  The air flow pattern has been investigated on three variables: (a) the temperature

difference between supply air and walls (∆T = -3, -1, +3 oC), (b) the flow rate (V� =

0.010…0.047 m3/s) and (c) the internal heat load (Q = 125 and 500 W).

 (a) The temperature difference between wall and supply air is crucial for the ensuing air

flow pattern. A negative value results in displacement ventilation, a positive value in

mixing ventilation.

 (b) The flow rate was taken such that a relevant interface height, and therefore a

displacement ventilation flow pattern, could establish when ∆T < 0oC. The flow rate has

a clear effect on the near floor air temperature and also affected the heat transfer

characteristics at the floor. The sensitivity of the temperature gradient to the flow rate is

significantly influenced by the non-negligible heat transfer to the room enclosure.

 (c) A higher heat load increases the vertical temperature gradient and the average room

air temperature. At low heat load the heat was introduced near floor level. The
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introduction of additional heat sources at higher level resulted in a more linear profile

for the vertical temperature gradient.

3.  In the experimental configuration the walls are controlled at constant temperature. As a

result the ceiling is found to operate as a cooled ceiling and heat is transferred from the

floor into the room. In extreme situations (case 3 [T-Q+V-] and case 2 [T-Q-V+]) also

the contribution of the walls in the total heat balance may not be neglected. For high

heat loads and low flow rates the heat transfer over the room enclosure is the dominant

heat transfer process.

 Krühne (1995) indicates that in case the air cooling fraction (ξ = Qc_v / Qtot_c) is reduced

the near floor air layer characteristics are changed due to a downward flow along the

walls. The experimental set-up and conditions applied in this work differ from the

conditions used by Krühne. It was not possible to confirm the above mentioned findings

of Krühne from the obtained temperature profiles. Using results of Roos (1998a,b) for the

similar configuration, the findings of Krühne could be supported for the investigated

boundary conditions.

 The importance of the wall heat transfer in the described experiments is of interest for

numerical simulations given the known difficulties in simulating the wall heat transfer

characteristics (see Chapter 4).

4.  Though the convective heat transfer coefficients at the walls could not be determined

directly, an estimation has been made using models by Mundt (1996) and Krühne

(1995). The derived heat transfer coefficients agree quantitatively with results found in

literature (Chen and Jiang 1992).

 The heat transfer at the floor will be underestimated when only free convection is taken

into account. Using the model of Mundt, the Stanton number was approximated at 0.05.

According to the model of Krühne, this number is lowered when there is a heat transfer

over the walls into the room.

5.  The buoyant plumes above the heat sources have similar characteristics as described by

Mundt (1996). Measurements from literature confirm the applicability of the thermal

mannequin for the (thermal) simulation of a human being.

6.  From the discussion described in this chapter, the obtained measurement results are

found to be realistic. They may be used for comparison with similar numerical

simulations.



131

Chapter 7

NUMERICAL RESULTS

7.1 INTRODUCTION

Computational Fluid Dynamics (CFD) simulations have been performed for the full-scale

experimental cases described in Chapter 6. The measurement results are used to validate the

numerical model. The numerical model comprises the discretisation of the flow problem,

the boundary conditions and the turbulence modelling. Validation here is defined as the

experimental verification of the numerical model. In Chapter 4 the influence of mesh size,

wall heat transfer, supply modelling and grid technique on the CFD-result was discussed.

With the available experimental data, in this chapter limitations and additional requirements

with regard to wall heat transfer and turbulence modelling are studied more in depth.

After a description of the numerical model, simulation results for one case are discussed

with respect to heat transfer and turbulence modelling. These results are used to discuss the

applicability of CFD for indoor air flow. Finally, simulation results are shown for all

investigated cases.

7.2 MODEL DESCRIPTION

7.2.1 Geometry and boundary conditions

Geometry - The office room used in the experiments has been modelled according to the

geometry description shown in Figure 5.2 and summarised in Appendix D. Note that this

office room corresponds with the experimental set-up described in Chapter 5 and 6. It

differs from the in Chapter 4.3 investigated office room that was described by Cox and

Elkhuizen (1995). The dimensions of the thermal mannequin in the numerical model have

been adopted to the Cartesian grid, such that the surface area of the modelled mannequin
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closely agrees with the actual mannequin. This geometry of the thermal mannequin is also

found in Appendix D.

Boundary conditions - The boundary conditions of the investigated cases (see Table 6.1)

are listed in Appendix F.1. The walls of the office room are at constant temperature. A heat

flux is defined as the thermal boundary condition for the heat sources. In the simulations

radiant heat transfer has not been taken into account. The convective part of the total heat

input can be derived from the data given in Appendix F.

The supply of the displacement ventilation unit has been modelled without a grille and the

supply area is therefore too large (a 100% aperture instead of 15% in reality). In the

simulations the actually measured velocity distribution at shortest distance to the supply was

used (see Chapter 5.2.2). To obtain the required mass flow rate, in case of a 100% supply

aperture, the velocity profile had to be compensated for measurement inaccuracies. In the

adjustment the higher velocities were less reduced compared to the lower velocities in order

to retain the momentum at the supply as much as possible. In Figure F.1 (Appendix F) a

suggestion is given for the modelling of the supply velocity distribution at 100% aperture.

7.2.2 CFD-program, turbulence model and numerical methods

CFD-program - For the simulations unstructured versions of the CFD-code Fluent,

Fluent/uns v.4 and v.5 (Fluent 1996a, Fluent 1998), have been applied. This CFD-software

does not allow the user to modify the source-code. Instead, it is possible to apply user-

defined subroutines for special modifications of variables or boundary conditions. The user-

defined subroutines are integrated in the simulation model via a C-pre-processor.

Turbulence model and numerical methods - The two turbulence models described in

Chapter 4.2 have been used: the standard k-ε model and the RNG-k-ε model. For the RNG-

k-ε model the low-Reynolds number interpolation formula (Equation 4.14) has been

applied. The near-wall boundary layer in both models is calculated with the logarithmic wall

function (Equation 4.8). The low-Reynolds number approach allows the flow to be

calculated up to the wall. The grid requirements for a three dimensional problem then

exceed however the available computer capacity. Therefore, currently this does not present

a practical solution.

Following the discussion of the grid techniques in Chapter 4.5, the model office room has

been discretised using a non-equidistant structured hexahedral grid. The structured grid has

been set up with Fluent V.4.3 (Fluent 1995). From the results in Chapter 4.4 it was

concluded that a grid independent solution is possible when the flow problem is discretised
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with approximately 50,000 grid cells, in which case the wall heat transfer may possibly be

modelled inaccurately. In total 123,000 grid cells have been used to model the room. This

number of grid cells is regarded sufficient to obtain a grid independent solution of the flow

field. Grid dependency has not been checked further due to computer capacity restrictions.

For all simulations the momentum and energy equation are solved applying a second order

interpolation scheme. For most simulations also the remaining equations are solved with

second order accuracy. In all described simulations a multigrid solver and the SIMPLE

algorithm have been used. Pressure interpolation is performed by a staggered grid approach

(Fluent 1996a).

Time has been used as an additional relaxation factor. The number of iterations per time

step was restricted to three. In the simulation process the temperature and velocity were

monitored at three positions close to the thermal mannequin. The end-value of the velocity

and the temperature were found to fluctuate, in particular at the position in the convection

plume. The simulation results for a time-dependent and a steady-state approach were

compared with regard to this fluctuation in the calculated end-value. For the steady-state

approach an approximately 50% higher standard deviation was calculated for all monitored

points.

The problem is regarded to be converged if the mass balance is accurate within 1% and if

the heat balance is accurate within 2% of the total sum of the heat fluxes in the room.

Furthermore, the variation of flow variables (u, T) at specified positions in the flow field

must approach a constant value or a constant sinusoidal variation with a restricted

amplitude.

7.3 WALL HEAT TRANSFER & TURBULENCE MODELLING

7.3.1 Introduction

In Chapter 4.4 CFD-results are shown for a displacement ventilated office room as

described by Cox and Elkhuizen (1995). The number of available measurement results was

too limited to evaluate the applicability of the standard k-ε versus the RNG-k-ε model.

Furthermore, the presented results indicated restrictions in the correct simulation of wall

heat transfer. The measurement results described in Chapter 6, for the office room

ventilated with the desk displacement ventilation concept, allow a more in depth evaluation

of the applicability of the mentioned turbulence models and the simulation of the wall heat

transfer. Both boundary conditions and measurement results are well-defined and in the
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investigated configuration the wall heat transfer is an important part of the room heat

transfer process. Therefore this flow problem is interesting to solve numerically.

For the investigation, different simulation variants have been used. In the description of the

simulation results these variants are given an abbreviated notation as follows: the turbulence

models are abbreviated to ‘RNG’ (RNG-k-ε model) and ‘ke’ (standard k-ε model); the wall

heat transfer variants are abbreviated to ‘wf’ (wall functions) and ‘htc’ (heat transfer

coefficient).

For the htc-variant the latest version of the available software was used (Fluent 1998). In

this version it is possible to enter fixed heat transfer coefficients (htc) as part of the boundary

condition definition through user-defined subroutines. The definition of htc differs from the

definition for hc given in Equation 4.18 and is defined as

( )Psctc TTqh −= � , (7.1)

where TP is the temperature at the cell adjacent to the wall. In general the cell distance to the

wall is smaller than 0.1 m, as defined in Equation 4.18.

In earlier results described in Loomans and Rutten (1997) and Loomans (1998) the wall

heat transfer was adjusted by adaptation of the thermal conductivity and the dynamic

viscosity at the first grid cell adjacent to the wall. Both fluid properties were increased. A

higher conductivity increased the wall heat transfer indirectly. The dynamic viscosity was

increased to maintain the value for the Prandtl-number (Pr). This approach indicated an

improved agreement of simulation results with measurement results. However, acceptable

results only could be obtained for the lowest flow rates (case 1 [T-Q-V-] and 3 [T-Q+V-]).

Furthermore, modification of the dynamic viscosity changes the near wall flow properties

unrealistically.

In next sections the configuration, boundary conditions and measurement results as

determined for case 5a [T-Q+V+] (see Table 6.1) are used to investigate the wall heat

transfer characteristics and the turbulence models. First, results are discussed with respect to

the wall heat transfer, next the turbulence models are evaluated. After the discussion of

these two topics the applicability of CFD for indoor air flow simulation is addressed.

7.3.2 Results and discussion on wall heat transfer

Results - In Figure 7.1 the simulated mean temperature profiles (yT ) for the four indicated

simulation variants are compared with measurement results. The mean temperature profile,

yT , is averaged from six vertical temperature profiles outside the buoyant plume (x = 1.50 /

2.00 / 4.50 m; z = 0.675 / 2.925 m). Table 7.1 summarises the wall-averaged heat transfer
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coefficient for the individual walls as determined from the simulation results. The heat

transfer coefficient is derived similar to Equation 4.18:

( )*
1.0 mscc TTqh −= � , (7.2)

where *
1.0 mT is the averaged air temperature over a plane parallel to the surface at 0.1 m

distance. This value differs from the htc-value, defined in Equation 7.1, that has been

prescribed in the boundary condition of the numerical model.

In Table 7.2 the normal-distance Reynolds number (y+) is summarised. The presented value

is averaged over the total wall. The y+-value is closely related to the wall heat transfer as

shown in Equation 4.10 and 4.11. Table 7.3 presents the plume flow rate at 0.75 m above

the simulated thermal mannequin. For this result a plane was defined over the total plume

width above the thermal mannequin. The flow rate through the defined plane then was

determined. For each case the plane was newly defined.

Table 7.1. Wall-averaged heat transfer coefficient (hc) determined according to

Equation 7.2.

hc [W/m2.K] hcN hcS hcW hcE hcF hcC

RNG-wf 0.26 1.04 0.71 1.01 1.31 1.79
ke-wf 1.05 1.14 1.11 1.08 1.34 1.96
RNG-htc 2.61 1.88 2.20 1.76 6.61 5.41
ke-htc 2.96 1.96 2.14 1.82 4.96 4.92

Table 7.2. Wall-averaged normal distance Reynolds number (y+) as used in Equation 4.8

and 4.9.

y+ [-] N S W E F C
RNG-wf 9.7 10.0 13.1 7.8 11.8 12.1
ke-wf 12.7 14.2 22.3 9.3 15.1 14.0
RNG-htc 11.6 12.7 14.7 10.8 13.2 12.7
ke-htc 18.9 17.3 29.1 15.3 17.4 14.5

Table 7.3. Plume flow rate at 0.75 m above the thermal mannequin.

plumeV� [m3/s]

RNG-wf 0.010
ke-wf 0.021
RNG-htc 0.029
ke-htc 0.029
Mierzwinski (1981) 0.028 - 0.056
Mundt (1996); 100 W;
dT/dy = 0.6 - 1.5 oC/m

0.031 - 0.052
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Discussion - From the results presented in Figure 7.1 it is apparent that the simulation of the

investigated flow pattern applying wall functions will lead to significant deviations in the

calculated temperature profile. The temperature gradient is overestimated significantly. The

temperature difference between supply and exhaust is simulated 30% higher when wall

functions are applied. As the plume velocity is related to the temperature profile (see

Chapter 6.4.4), Table 7.3 shows that the increased temperature gradient results in an

underestimation of the plume flow rate above the thermal mannequin, compared to values

obtained from the htc-variants and from results found in literature (Mundt (1996) and

Mierzwinski (1981)). The experimental results summarised by Mundt indicate that the

deviation in the plume flow rate can be as high as 30% when dT/dy increases from 0.6 to 1.5
oC/m.

The convective heat transfer coefficients for the wf-variants, summarised in Table 7.1,

indicate lower values than estimated in Chapter 6.4.3. At all boundaries the heat transfer

coefficient merely assumes values that can be obtained for free convection conditions. The

average y+-value for both wf -variants (see Table 7.2) nevertheless is close to the values

mentioned by Chen (1995) and Niu (1994). As shown in Niu (1994) the sensitivity of hc to

y+ is high. For free convection flow, Niu determined a linear relation for hc between y+= 7

and y+= 14, with ∂hc/∂y+ = -0.34 W/m2.K per viscous unit. To obtain a better agreement of

the simulated heat transfer coefficient with the experimentally derived value, an

unrealistically rigid control on the y+-value would be required.
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Figure 7.1. Measured and simulated temperature (yT ) for case 5a [T-Q+V+]; ( [  ]

RNG-wf, [ − − − ] ke-wf, [  ] RNG-htc, [    ] ke-htc, [o] measurements).
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When a heat transfer coefficient is included in the definition of the boundary conditions for

the enclosure, measurement and simulation values show better agreement. The value of the

imposed coefficient (htc; Equation 7.1) was determined from the discussion described in

Chapter 6.4.3. The values for the floor and ceiling boundary conditions then were fitted to

the measured temperature profiles by adjusting the value for htc. Next, the convective heat

transfer coefficient (hc), as given in Table 7.1, was determined according to Equation 7.2.

The heat transfer at the walls did not result in a clear change of the room temperature

gradient. Instead of the minimum and maximum room temperature, only the shape of the

profile was changed. This effect is discussed further in Chapter 7.4. For case 5, the average

heat flux over the walls, determined from the RNG-htc and ke-htc variant, was 16% of the

total heat flux to the enclosure. Of the total heat transfer to the enclosure, relative most heat

is transferred at the ceiling (62%) and the floor (23%).

The y+-value slightly increases at the enclosure walls as a result of a higher friction velocity.

At the vertical walls an increased free convection flow develops due to the larger heat

transfer. At floor and ceiling the changes in the y+-value are smaller. At the floor the

increase might partly be explained from an increased buoyancy effect on the supplied air.

The reduced vertical temperature gradient influences the plume development and therewith

the flow near ceiling level.

The above results with the imposed heat transfer coefficient lead to the conclusion that the

numerical model is fitted to the measurement results. The obvious improvement in the

simulated temperature profile when the wall heat transfer characteristics of the simulation

model are prescribed have a significant drawback as the heat transfer characteristics should

be known in advance. As discussed in Chapter 6.4.3 and later on in Chapter 7.4, the heat

transfer coefficient amongst others things is dependent on the configuration, flow pattern

(Equation 4.10 and 4.11) and the supply flow rate. However, accurate information on wall

heat transfer data for indoor air flow patterns often is lacking.

The development of new or improved wall functions for indoor air flow patterns will be

difficult. The near wall flow field in a room is characterised by a combination of developing

boundary layers, free and forced convection boundary layers, impinging jets and uneven

wall finishes. As already discussed in Chapter 4.4.3, the option to abandon the wall

functions by solving the near-wall flow characteristics via low-Reynolds number modified

turbulence models is restricted in practice by fine grid requirements and the necessary

computing power. The application of empirical relations currently presents a more realistic

alternative when the relation and the position of the reference temperature are strictly
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defined. Hatton and Awbi (1996) present some examples of such empirical relations for a

free and a mixing convection configuration.

From the above results it is obvious that application of wall functions is not effective. Two

additional examples are shown in Figure 7.2, for case 2 [T-Q-V×] and case 6 [T-Q+V*].

Fore case 5, the air cooling fraction (ξ [-]; Equation 6.2) was measured at 0.53. The

(absolute) sum of the heat fluxes over the enclosure, |Qtot_k|, for the htc-variant, was

calculated at 265 W. For case 2 these values were determined at ξ = 1.89 and |Qtot_k| = 114

W and for case 6, ξ = 0.84 and |Qtot_k| = 245 W. Given the smaller value for |Qtot_k| in the wf-

variant, the temperature gradient is larger and the air cooling fraction approaches unity. A

lower heat flux over the enclosure (case 2) as well as an air cooling fraction that approaches

unity (case 6) indicate a reduced effect of the wall heat transfer on the vertical temperature

gradient. Focussing on the air cooling fraction, in order to determine the importance of the

wall heat transfer on the simulated temperature gradient, however may be misleading when

heat is both introduced and removed over the room enclosure. This applies for the

investigated configuration. The importance of the wall heat transfer therefore is estimated

better when also the (absolute) sum of the heat fluxes over the enclosure, |Qtot_k|, is taken

into account.

The overestimation of the temperature gradient when using wall functions, as calculated for

the above described cases, may have considerable implications in energy calculations and

thermal comfort predictions. Furthermore, the effect on the plume development influences
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Figure 7.2. Measured and simulated temperature (yT ) for case 2 [T-Q-V+] and case 6

[T-Q+V*]; ( [  ] RNG-wf, [  ] RNG-htc, [o] measurement).
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the distribution of the local mean age of the air and consequently the simulated ventilation

effectiveness as shown in Roos (1998a, b).

In order to achieve a quantitative reliability of the simulation results, correct simulation of

wall heat transfer characteristics therefore is important. This is especially true when the sum

of the heat fluxes over the enclosure forms a significant part of the total room heat balance,

for example in a room with displacement ventilation and a cooled ceiling. The application

of experimentally determined wall heat transfer data from similar flow field patterns then is

necessary for a quantitative reliability. Measurement of the (local) wall heat transfer

nevertheless is difficult given the low heat fluxes. In this respect the temperature profiles as

presented in Chapter 6 allow a derivation of the coefficient through fitting with the

temperature profile. Moreover, these results may be used to validate empirical heat transfer

relations derived from similar flow patterns.

The obtained results query the applicability of CFD for a quantitative reliable simulation of

indoor air flow. This will be the topic of concern in section 7.3.4. First, however, turbulence

modelling will be discussed.

7.3.3 Results and discussion on turbulence modelling

Results - In the previous section it was concluded that the CFD-simulations in which the

heat transfer is determined by the use of wall functions do not present a good agreement

with the experimental results. Therefore in this section only results are discussed in which

the wall heat transfer coefficients have been described: variant RNG-htc and ke-htc. From

the results shown in Figure 7.1 the temperature differences between both variants are small.

The important difference between both models is the derivation of the turbulent viscosity

(µt). In Table 7.4 the definition for the calculation of µt is summarised for the two variants.

Furthermore, a third variant is mentioned, RNG-hR-htc, where hR stands for high-Reynolds

number. This variant uses the RNG-k-ε model described in Chapter 4.2.3. Instead of the

low-Reynolds number interpolation formula (Equation 4.14), however, the high-Reynolds

number expression (Equation 4.6) as used in the standard k-ε model is applied.

For the RNG-htc variant, µt is a function of the turbulence based Reynolds number (Ret =

k2ρ/µε), whereas the other two variants use the high-Reynolds number turbulence model to

calculate µt. The latter model is valid for large values of Ret. Besides the modelling of µt,

the RNG-k-ε model incorporates additional modifications which account for low-Reynolds

number effects. The RNG-hR-htc variant allows an assessment of the effect of these

modifications on the simulation result.
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The plume characteristics and the whole room turbulence intensity are being investigated. In

Figure 7.3 and 7.4 the velocity magnitude and the turbulence intensity contour fields are

shown for the three variants for a vertical plane in the centre of the room. The plume

velocity is illustrated above the contour field for an intersection of the plume. As the applied

turbulence models assume isotropic turbulence, following Equation 3.2, the simulated

turbulence intensity has been determined from

u

k
TI

32
= , (7.3)

where k is the turbulent kinetic energy per unit mass.

For the evaluation of the turbulence models, in Figure 7.5 to 7.7 contour lines for the

measurement and simulation results are shown in planes of the convection plumes above the

thermal mannequin and the PC-simulator on the desk. The indicated turbulence intensity for

the simulations is determined according to Equation 7.3, whereas for the measurements

Equation 3.3 is applied.

Table 7.4. Calculation of the effective turbulent viscosity (µeff) for the CFD-simulation

variants.

variant µeff (= µ + µt ) Equation

RNG-htc
2

1 










εµ
+µ µ kc (4.14)

ke-htc ε
ρ+µ µ

2k
c (4.6)

RNG-hR-htc ε
ρ+µ µ

2k
c (4.6)
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RNG-htc variant

 ke-htc variant

 RNG-hR-htc variant

Figure 7.3. Velocity contour field for the three investigated turbulence model variants for a

vertical plane in the centre of the room.
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RNG-htc variant

ke-htc variant

RNG-hR-htc variant

Figure 7.4. turbulence intensity contour field for the three investigated turbulence model

variants for a vertical plane in the centre of the room.
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Discussion - Comparison of the simulation results for the three variants, shown in Figure 7.3

and 7.4, reveal the following differences:

• Due to the smaller value that is calculated for the turbulent viscosity, the convection

plume width above the thermal mannequin is smallest for the RNG-k-ε model with low-

Reynolds number turbulence modelling. The plume velocity is higher than in the ke-htc

variant. The ke-htc variant calculates a wider plume, due to the larger turbulent

diffusion, at lower plume velocity. The simulated plume flow rates are similar (see Table

7.3). For the RNG-hR-htc variant the plume flow rate at 0.75 m above the thermal

mannequin has been determined at 0.026 m3/s. The effect of the RNG-modifications in

the RNG-hR-htc variant compared to the ke-htc variant is visible in the higher plume

velocities that are simulated. As the velocity gradients are relatively large, the source

term R (Equation 4.16) may contribute to this effect.

• The turbulence intensity is considerably higher for the variants in which µt is calculated

from Equation 4.6. The low-Reynolds number model significantly suppresses the

turbulent viscosity in the low velocity areas outside the buoyant plumes. The
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Figure 7.5a. Measured and simulated velocity contour lines above the thermal mannequin,

in [m/s], at x = 2.25 m (x = 2.36 m for simulation results).
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modifications in the RNG-k-ε model (RNG-hR-htc variant) are able to reduce the

turbulent diffusivity compared to the results obtained with the standard k-ε model. The

most significant effect nevertheless results applying Equation 4.14.

 

The plume development and characteristics above the PC-simulator differ from the one

above the thermal mannequin. For all variants the plume is shifted towards the thermal

mannequin due to entrainment. The differences between the variants again are explained

from the turbulence modelling. For the RNG-htc variant, because of the closeness of the two

plumes and the higher velocities above the thermal mannequin, air cannot reach the

entrainment area. This leads to a local negative pressure area which draws the plumes

towards each other. For the ke-htc variant the larger width of the separate plumes results in

an interference of the plumes. For the RNG-hR-htc variant, the plume velocity above the

thermal mannequin remains lower than for the RNG-htc variant. Due to the suppression of

the turbulent viscosity, two separate plumes have established above the two heat sources. As

result higher velocities can develop above the PC-simulator.
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Figure 7.5b. Measured and simulated turbulence intensity contour lines above the thermal

mannequin , in [%], at x = 2.25 m (x = 2.36 m for simulation results).
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The plume development at one side of the PC-simulator and the tilting of the plume towards

the plume above the thermal mannequin is not apparent from the visualisation of the plumes

discussed in Chapter 6 and shown in Figure 6.2 in which a separate plume is visible above

the PC-simulator. As for the thermal mannequin, the simulated plume flow rate above the

PC-simulator however is of the same order of magnitude for the different variants.

The deviation in plume development is explained from the simplification of the PC-

simulator in the CFD-model by a closed boxed with uniform heat flux distribution. In reality

a mass flow rate through the PC-simulator is present via the slot at the bottom and through

the perforated opening at the top. Müller and Renz (1998a) discuss the more detailed

modelling of a computer. The computer was modelled with a supply and exhaust and with

heat flux boundaries. At the horizontal surfaces of the computer model a zero heat flux was

prescribed. The reason for this was to suppress high turbulence production due to the

buoyancy source term (Gb; see Table 4.1). The definition of a mass flow rate through the

PC-simulator may result in an improved simulation of the plume characteristics. From the
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Figure 7.6a. Measured and simulated velocity contour lines above the thermal mannequin,

in [m/s], at x = 2.40 m (x = 2.48 m for simulation results).
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simulation and measurement results it however is not clear whether the obtained turbulence

intensity values are realistic or not: TImax ~20-40% for the RNG-htc variant, TImax ~50-60%

for the ke-htc variant.

For the further evaluation of the turbulence models, comparison with measurement results is

necessary. The applicability of the RNG-k-ε model, in comparison to the standard and

modified k-ε models, for the simulation of indoor air flow is discussed by Chen (1995).

Following the comparison of the models for typical two dimensional flow patterns in a room

the RNG k-ε model (high-Reynolds variant) is preferred. Müller and Renz (1998a)

compared the standard k-ε model with a low-Reynolds number k-ε model (Launder-

Sharma). Based on the overall, though not convincing, agreement with measurement results,

the latter model was preferred for the simulation of a room with displacement ventilation.
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A numerical comparison of results from the two turbulence models with measurement

results for a three dimensional indoor air flow is shown in Figure 7.5 to 7.7. From the

comparison of the measured and simulated contour lines for the flow velocity and

turbulence intensity and from additional results for the low velocity area outside the plume,

the following conclusions are drawn:

• The plume velocities above the thermal mannequin simulated with the standard k-ε
model show best agreement with the measurement results. The difference with the

measured plume velocities at the measurement locations above the thermal mannequin

on average is less than 0.02 m/s. For the RNG-hR-htc variant this is 0.04 m/s and for the

RNG-htc variant 0.09 m/s. For x = 2.40 m the simulated velocities for the low-Reynolds

number variant of the RNG-k-ε model are up to 80% higher compared to the

measurement results presented in this work and compared to similar results available in

literature. This difference is explained from the uneven boundaries at the thermal

mannequin in the experimental set-up. Though modelled as a smooth wall, the actual

surface of the mannequin will generate additional turbulence which is indirectly

0 0.9 1.8 2.7 3.6
0

0.5

1

1.5

2

2.5

z−direction [m]

y−
di

re
ct

io
n 

[m
]

 0.05  0.15  0.35 0.1  0.1  0.05

 0.05

 0.2  0.3

  
0 0.9 1.8 2.7 3.6

0

0.5

1

1.5

2

2.5

z−direction [m]

y−
di

re
ct

io
n 

[m
]

 0.05  0.1  0.05

 0.15

(measurement) x = 3.00 m (RNG-htc) x = 3.00 m

0 0.9 1.8 2.7 3.6
0

0.5

1

1.5

2

2.5

z−direction [m]

y−
di

re
ct

io
n 

[m
]

 0.05

 0.1  0.1

 0.1  0.05

  
0 0.9 1.8 2.7 3.6

0

0.5

1

1.5

2

2.5

z−direction [m]

y−
d

ir
e

ct
io

n
 [

m
]

 0.05

 0.05  0.1 0.05

 0.1  0.1

(ke-htc) x = 3.00 m (RNG-hR-htc) x = 3.00 m

Figure 7.7. Measured and simulated velocity contour lines above the PC-simulator, in

[m/s], at x = 3.00m.



- Chapter 7 -

148

represented better by the standard k-ε model. The additional turbulence improves mixing

and opposes the development of large gradients and higher velocities.

• The turbulence intensity in the plume above the mannequin is overestimated with the

standard k-ε model (on average +8%) and underestimated with the low-Reynolds

number variant of the RNG-k-ε model (on average -11%). Best agreement is found with

the RNG-hR-htc variant (on average +4%). In all results the turbulence intensity at the

centre of the plume is lower than at the plume boundary due to the higher velocities in

the centre and the interaction of the boundary with the air outside the plume. This is in

agreement with the measurement results. Except for the RNG-htc variant, outside the

plume the turbulence intensity in the shown planes reduces to smaller values. This

deviation for the RNG-htc variant is explained from the lower velocities that are

calculated outside the plume.

• In Chapter 3.6 the damping of the applied hot sphere anemometer was investigated and

found to be significant. Given its damping, the turbulence characteristics of the plume

are predicted best by the RNG-k-ε model which uses the high-Reynolds number relation

(Equation 4.6).

• From velocity measurement results at 30 positions in the very low velocity area, outside

the influence of the buoyant plumes or free convection flow along the wall (at x = 0.75 /

1.5 / 2.0 / 3.75 / 4.5 m, y = 1.5 / 1.7 m and z = 1.30 / 1.80 / 2.30 m), an average

turbulence intensity TI was measured at 13% with a standard deviation of 6%

(maximum TI = 26%, minimum TI = 5%).

 Due to the low velocities, this result may be partly influenced by self-heating of the

sensor. Following the suggestion of Chen et al. (1998), the results of the measurements

and simulations might be better compared in case the fluctuating velocity 2u′ is used,

because of the inaccuracy at low velocities. For the indicated 30 positions, in Table 7.5

the measured and simulated averaged value and standard deviation are given for the

turbulence intensity and the fluctuating velocity.

 

 Table 7.5. Averaged turbulence intensity and fluctuating velocity over 30 positions in

the room outside the buoyant plumes.

measurement RNG-htc ke-htc RNG-htc-hR

TI [%] 13 15 35 28

σ (TI ) [%] 6 7 19 16

2u′
[m/s] 0.0040 0.0025 0.0084 0.0054

σ( 2u′ )
[m/s] 0.0020 0.0005 0.0040 0.0020
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 At low velocities, the influence of self-heating of the sensor on the fluctuating values is

likely. Therefore, the results outside the buoyant plumes are best predicted with the low-

Reynolds number RNG-k-ε model (RNG-htc variant).

• Comparison of results for the plume above the PC-simulator (x = 3.00 m) is restricted as

the plume development in the simulations deviates from the actual plume as shown in

Figure 6.2c and Figure 7.7 and as discussed above. The simulated velocities

underestimate the measured values.

The obtained measurement results indicate the difference in flow characteristics over the

room. The simulation results show that none of the applied models is able to predict all

these characteristics well. The plume characteristics are best predicted with a high-Reynolds

number approach (Equation 4.6). This agreement however cannot solely be explained from

the turbulence modelling, as, for example, the standard k-ε model was fitted from results for

decaying turbulence which opposes the turbulence development in a plume. Instead it is

assumed that the modelling of the thermal mannequin has influenced the result. The effect

of the surface roughness on the plume development has not been investigated further.

Except for the plume flow rate, the accurate prediction of the plume characteristics normally

is of less importance for indoor air flow simulation. The simulated plume flow rates for all

investigated variants show good agreement.

Higher priority is given to the correct prediction of the turbulent characteristics outside the

buoyant plumes. The importance is found in the accurate prediction of the local ventilation

effectiveness (local mean age of the air) and the local contaminant distribution in the room

(Roos 1998a). A higher turbulent viscosity results in an increased mixing, reducing the

gradients in the flow pattern. For example, applying the procedure described by Roos

(1998b), comparison of the local mean age of the air values for the RNG-htc and the ke-htc

variant indicates that the deviation can be up to 20%. More specifically, the local mean age

of the air close to the mannequin is simulated 20% higher with the ke-htc variant. Instead, at

a position outside the plume, above the interface height, the local mean age of the air is up

to 10% lower for the ke-htc variant. Therefore, the application of the RNG-k-ε model with

low-Reynolds number turbulence modelling (Equation 4.14) is preferred. The validation of

the results for the ventilation effectiveness is described further in Roos (1998a). An accurate

validation of the local ventilation effectiveness, however, is very difficult to obtain.

7.3.4 Applicability of CFD for simulation of indoor air flow

From the above discussed results on wall heat transfer and turbulence modelling, the

applicability of CFD for the simulation of indoor air flow is questioned. Depending on the

required accuracy of the CFD-result, the requirements for the wall heat transfer and
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turbulence modelling may be less strict. In Table 7.6 a summary is given with regard to the

required accuracy and the type of wall heat transfer and turbulence modelling required. A

differentiation is made with +’s and -‘s, ranging from well suited (++) to fully unsuited (--).

For the wall heat transfer a further differentiation is made for the source of the applied heat

transfer coefficient (htc), whether obtained from literature (lit.) or measurement (meas.).

The comparison is made for the total room air flow and not for the plume characteristics and

is derived for the investigated desk displacement ventilation configuration.

For a qualitative result in which merely the velocity vector field is of interest to obtain

information on the flow pattern in the room, the required accuracy of the wall heat transfer

and turbulence modelling is relatively low. These characteristics have been predicted well

for all investigated variants. Order of magnitude information on the velocity vector field and

the temperature distribution, for example, to obtain an impression of the thermal comfort

conditions in the room, at least require a more accurate prediction of the wall heat transfer

than is calculated with the wall functions. The application of values for similar

configurations, taken from literature, already will improve the reliability of the simulation

results. As the velocities in the room are low, discomfort due to draught will not be

important and either type of turbulence model may be applied. To derive (accurate)

quantitative information on the ventilation effectiveness, the application of the high-

Reynolds number turbulence model (Equation 4.6) should be avoided. The low-Reynolds

number model however has not been rated ‘well suited’ (++) because an accurate validation

of the calculated ventilation effectiveness has not been performed. In theory the model

however should be well suited, given the very low velocities that appear in a room with

displacement ventilation. Because the wall heat transfer is significant, a correct simulation

using experimental validation data is required (see Roos 1998a). As the number of available

heat transfer data for different type of configurations, as found in literature, is small, it often

may be necessary to perform measurements.

The above discussion assumes a displacement ventilated room in which significant heat

transfer to the enclosure is present and radiant heat transfer is less important. E.g., for case 5

[T-Q+V×] the air cooling fraction (ξ) was determined at 0.53 and the (absolute) sum of the

heat fluxes over the enclosure (|Qtot_k|) was calculated at 265 W. In most practical indoor air

flow configurations, the total heat transfer over the enclosure will be significantly smaller

Table 7.6. Matrix for the type of wall heat transfer and turbulence modelling given the

requirements put to the CFD-result.

required heat transfer turbulence
accuracy wf htc (lit.) htc (meas.) high-Re low-Re
qualitative +/- + ++ + +
quantitative (order ) -- + ++ +/- +
quantitative (accurate) -- +/- ++ - +
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and the effect on the temperature and flow characteristics therefore will be less. The air

cooling fraction may not be the correct parameter to determine the importance of the heat

transfer over the enclosure when heat is introduced as well as removed over the enclosure.

Then also |Qtot_k| should be used. When |Qtot_k| is smaller and ξ approaches unity, the

modelling requirements with regard to the wall heat transfer, as presented in Table 7.6, can

be less stringent. This obviously is not true for natural convection flow problems.

Furthermore, the influence of radiant heat transfer can become important when instead of

the surface temperature, e.g., the total wall structure is modelled.

For mixing ventilation, the above remarks on the heat transfer are equally applicable. Chen

(1995) discusses two-dimensional simulation results for mixed convection and an impinging

jet. From the comparison Chen found best performance for the high-Reynolds number

variant of the RNG-k-ε model. Simulation results for the Lam-Bremhorst low-Reynolds

number k-ε model were similar to those for the standard k-ε model. From these results the

high-Reynolds number RNG-k-ε model is preferred for mixing ventilation. A similar

comparison for three dimensional mixing ventilation is not known.

The above discussion on the applicability of CFD requires an extension of the simulation

results described in this work to other configurations. This extension is indicative. More

conclusive results on, amongst others, wall heat transfer and turbulence modelling can only

be obtained from similar full-scale investigations as described in this work.

7.4 RESULTS OTHER CASES

Based on the discussion in Chapter 7.3.4, the low-Reynolds number RNG-k-ε model has

been applied in combination with fixed wall heat transfer coefficients (htc; Equation 7.1) to

simulate the other cases presented in Chapter 6. In this section only the averaged room air

temperature profile over the height (yT ) and the wall heat transfer are discussed.

Results - In Figure 7.8 the measured and simulated temperature profiles for the investigated

cases are shown as well as profiles which have been obtained when the heat transfer

coefficient (htc) is only prescribed at floor and ceiling. Table 7.7 presents the heat transfer

coefficients (hc; Equation 7.2) and the heat flux distribution over the enclosure in relation to

the total heat. In Table 7.7, hc_wall is the averaged wall heat transfer coefficient over all

vertical walls of the enclosure, |Qtot_k| is the (absolute) sum of the heat which enters or

leaves the room over all constant temperature boundaries, |Qk_walls| is the (absolute) sum of

the heat which enters or leaves the room over all vertical walls with a constant temperature

and Qk_walls is the sum of the effective heat flow.
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Figure 7.8. Comparison of simulated [  ] and measured [o] temperature profiles for

the investigated cases ([  ] simulation result when heat transfer coefficients are

prescribed at floor and ceiling only).

Table 7.7. Numerical results of the heat transfer characteristics for the cases (convective

heat transfer coefficients prescribed at all room boundaries).

case hc_wall

[W/m2.K]

hcC

[W/m2.K]

hcF

[W/m2.K]

|Qtot_k|

[W]

|Qk_walls|

[W]

Qk_walls

[W]

1 [T-Q-V-] 2.0 2.9 30.6 76.6 20.3 -3.9

2 [T-Q-V+] 2.2 3.6 6.4 113.9 24.8 +24.8

3 [T-Q+V-] 1.9 4.6 45.6 245.3 56.4 -51.6

4 [T-Q+V×] 2.2 5.1 7.9 256.5 47.3 -34.1

5 [T-Q+V+] 2.1 5.4 6.6 264.8 38.8 -18.0

6 [T-Q+V*] 2.4 5.6 5.6 244.7 20.2 +15.2

7 [T×Q+V+] 2.3 5.1 5.3 237.8 49.3 -31.3

8 [T+Q+V×] 2.0* 4.7 1.6 399.9 83.6 -78.4

* Result for North wall not included, value unrealistically high due to the definition of hc (hcN = 20.2 W/m2.K).
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Discussion - Figure 7.8 indicates that a good agreement in the mean room temperature

profile can be obtained for all cases when the wall heat transfer is simulated realistically.

For these simulations the results derived in Chapter 6.4.3 were taken as the point of

departure. The fixed heat transfer coefficient (htc) was changed until the simulated

temperature profiles agreed with the experimentally obtained profiles. The derived heat

transfer coefficients, summarised in Table 7.7, based on Equation 7.2, differ from the in the

simulations defined value as the heat transfer is calculated in the first near wall cell volume

(Equation 7.1). The position of this cell is closer to the wall than the reference wall distance

used in Equation 7.2. The heat transfer characteristics of the separate boundaries are

discussed next.

In Table 7.7 the derived heat transfer coefficient at the vertical walls is in the order of 2

W/m2.K. This value is in relative good agreement with the overall value given by Tammes

and Vos (1984). As a result of the higher heat transfer at the wall, the simulated temperature

profile is in better agreement with the measurement results. This effect is shown in Figure

7.8 for case 4 and 5. The actual influence on the temperature gradient nevertheless is small.

Only for case 2, 3 and 8, when Qk_wall/|Qtot_k| ≥ ±0.2, the temperature profile is influenced

substantially. Increasing the heat transfer at the enclosure will result in a further reduction of

the vertical temperature gradient for all cases. The sensitivity of the imposed wall heat

transfer coefficient on the wall heat flux and flow pattern has not been investigated further.

The averaged heat transfer coefficient at the ceiling (cCh ) for the two heat load variants is

4.2 W/m2.K. This is in good agreement with the value given in Chapter 6.4.3 (hcC = 4

W/m2.K). For the high heat load cases [Q+] the heat transfer coefficient is increased by 1.5 -

2.0 W/m2.K compared to the low heat load cases [Q-]. This increment is mainly caused by

the extra impinging convection plumes from the PC-simulators and the lighting. A change in

the coefficient mainly influences the vertical temperature profile in the upper part of the

room.

For the heat transfer at the floor a decreasing value is found for hcF at increasing flow rate.

This result contradicts the results summarised in Table 6.4. The difference follows from the

fact that the floor is temperature controlled at a higher temperature than the supply

temperature. Therefore the temperature difference increases at higher flow rates. In the

model of Mundt (1996) the floor temperature, besides the influence of radiant heat transfer

from the ceiling, also depends on the supply temperature and flow rate.

The above results indicate the effect of heat transfer over the enclosure on the room

averaged temperature profile over the height, for a room with displacement ventilation and a

cooled ceiling. The temperature profile in the investigated configuration is mainly
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influenced by the heat transfer over floor and ceiling. Given these results, the presented

problem configuration is interesting for testing of newly developed wall functions or

empirical heat transfer relations as a series of well documented results are available.

Eventually it can also be used for comparison with results from a low-Reynolds number

modified turbulence models in which the near wall flow field is solved more accurately. In

this work no further attention has been given to the derivation of an improved wall function

nor an empirical relation for the heat transfer.

7.5 SUMMARY

1. Comparison of experimental and numerical results for the full-scale experimental set-up

described in Chapter 5 and 6 indicates that the wall heat transfer is not correctly

modelled with wall functions. The wall heat transfer is underestimated significantly

although the average y+-value in the modelled room is close to values mentioned in

literature. The sensitivity of the y+-value to the heat transfer however is high (for free

convection flow ∂hc/∂y+ = -0.34 W/m2.K per viscous unit for y+ = 7 to 14; Niu 1994).

The available wall functions are not valid for developing boundary layer flows, free

convection flows and impinging plumes as appear indoors and will lead to grid

dependent solutions.

2. The underestimation of the wall heat transfer results in a wrong prediction of the vertical

temperature gradient in the room. Besides implications for the energy balance and

thermal comfort prediction, the temperature gradient also affects the plume development

and the flow pattern with regard to the ventilation effectiveness (Roos 1998a).

3. Application of a user-defined heat transfer coefficient as part of the boundary condition

definition improves the agreement with measurement results considerably. The

importance of a correctly predicted wall heat transfer increases when the (absolute) sum

of the heat fluxes over the enclosure |Qtot_k| is large. For |Qtot_k| = 114 W the temperature

gradient over the height was overestimated by 50% when using wall functions (Equation

4.8). The value for the air cooling fraction (ξ) may be misleading when the importance

of the wall heat transfer is determined. Heat may be introduced as well as removed over

the enclosure.

4. Comparison of the standard k-ε model and high- and low-Reynolds number variants of

the RNG-k-ε model shows that the prediction of the plume characteristics above the

applied thermal mannequin, obtained with the high-Reynolds number turbulence

modelling (Equation 4.6), are in good agreement with the measurements. This

agreement however appears, to a certain degree, to be the result of the modelling of the

heat source. The low-Reynolds number variant of the RNG-k-ε model presents more

realistic turbulent characteristics for the flow outside the buoyant plumes. As the latter is
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regarded to be more important with respect to ventilation efficiency and contaminant

distribution, the low-Reynolds model is preferred for the evaluation of a room with

displacement ventilation.

5. The application of CFD for the simulation of the investigated configuration (with the

desk displacement ventilation concept) is significantly hampered by the requirement to

impose wall heat transfer coefficients. This is especially problematic when quantitative

agreement is required. Table 7.6 presents an overview of the suitability of wall functions

and turbulence modelling, based on the required accuracy of the simulation result.

Besides user-defined heat transfer coefficients, the low-Reynolds number RNG-k-ε
model is preferred.

 In most displacement ventilation configurations the total sum of the wall heat transfer is

smaller than for the investigated case. In these cases the requirements for the wall heat

transfer modelling may be less stringent. Two-dimensional results of Chen (1995) have

been used to discuss turbulence modelling for non-isothermal mixing ventilation. Then

the high-Reynolds number RNG-k-ε model is preferred. For three dimensional full-scale

mixing ventilation flow problems, a comparison similar to the one described in this

chapter is not known.

6. Comparison of the vertical temperature gradient (yT ) for all measurements with similar

simulation models shows good agreement if the heat transfer is modelled correctly.

Given the close relation between temperature profile and wall heat transfer and the

importance of the wall heat transfer, the experimental results may be used to validate

specially derived wall functions or empirical relations for the wall heat transfer in a

room with displacement ventilation with a cooled ceiling. The heat transfer coefficients

derived in this work are well in line with results found in literature.
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Chapter 8

APPLICABILITY OF THE DDV-CONCEPT

8.1 INTRODUCTION

In Chapter 2 the desk displacement ventilation (DDV-) concept was introduced. The DDV-

concept intends to create a micro-climate by introducing the supply air below the desk,

applying the rules set by the displacement ventilation principle (see Figure 2.6). After

successful application in a dealers room, the combination of the positive features of

displacement ventilation, e.g. the ventilation effectiveness, and of task conditioning, e.g.

control on thermal comfort requirements, may be interesting for application in normal office

configurations. As the performance of the DDV-concept for normal office configurations is

not clear, in Chapter 2.3.3 several questions were posed with regard to the applicability of

the DDV-concept.

In Chapter 6 and 7 experimental and numerical results for steady state conditions have been

discussed. From these results the DDV-concept is evaluated below with regard to micro and

macro-climate (see Figure 1.2) and thermal comfort. In order to discuss transient conditions,

additional experimental and numerical results are presented. These results allow further

insight in the applicability of the DDV-concept for standard office configurations and of the

displacement ventilation principle for task conditioning purposes in general.

Finally, an example is presented of an improved version of the concept as investigated

through the use of CFD. This example illustrates the use of the CFD-tool for improvement

of the indoor environment.
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8.2 STEADY STATE RESULTS

8.2.1 Flow pattern DDV-concept

Figure 8.1 presents an example of the flow pattern for an office configuration in which the

DDV-concept is applied. The flow pattern represents case 3 [T-Q+V-] (see Table 6.1) and

is obtained from the validated CFD-simulations described in Chapter 7.

From Figure 8.1a it is clear that the temperature gradient below the person is greater than at

a position further away. A difference in the vertical temperature gradient is found on the

opposite sides of the desk. These characteristics and the velocity contour field indicate the

local influence of the system. Furthermore, the occupant is the only heat source which

induces air from the fresh supply air layer near the floor. As the interface height is below

head level, the air quality at the mouth of the occupant therefore will be significantly better

than the air quality at other locations at similar height. This effect has been confirmed from

a) 

b) 

Figure 8.1. Typical example of numerically simulated temperature (a) and velocity (b) flow

pattern at the central plane of the office configuration equipped with the DDV-concept

(case 3 [T-Q+V-]; see Table 6.1 and Chapter 7).
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local mean age of the air measurements as performed by Roos (1998b). Using the personal

exposure model defined by Brohus (1997), the effectiveness of entrainment in the human

boundary layer (ηe) however does not show an improvement compared to results for normal

displacement ventilated rooms (Brohus 1997). For this comparison, the local mean age of

the air was assumed proportional to the contaminant concentration.

The steady state results for the DDV-configuration presented in Chapter 6 and Chapter 7

have also been compared with measurement results from literature which focus on

displacement ventilated rooms (Krühne (1995) and Mundt (1996)). The difference between

the presented results and those for a displacement ventilated room were negligible. This is

explained from the fact that the introduced colder supply air is spread over the total floor

area first, before it returns to the heat source (the occupant) and enters the buoyant plume.

This effect is confirmed from visualisations with smoke (Figure 6.1). The convection plume

rate at the occupant near floor level is too small to take up all supplied air. Moreover, at

higher level room air is induced into the plume due to entrainment.

8.2.2 Thermal comfort DDV-concept

As the supply temperature is below room temperature, relatively cold air is provided

directly at a critical position of the body, i.e. the ankles. Though control is in the hands of

the occupant, thermal comfort conditions can be derived for the in Chapter 6 investigated

cases. Velocity and temperature measurements near the ankle have been used to determine

the PMV, PPD and PD-value (Fanger 1970, Fanger et al. 1988). Fanger obtained the PMV

relation for thermally uniform conditions (see Chapter 2.2.2), As the conditions at the ankle

are most critical in the DDV-concept, these conditions are assumed to prevail for the whole

micro-climate. The results are summarised in Table 8.1.

Table 8.1. PMV-, PPD- and PD-value near occupant when conditions at the ankle are

applied for the whole micro-climate (M = 65 W/m2; Iclo = 0.7 clo; ϕ = 50%).

Case u

[m/s]

σu

[m/s]

Tair

[oC]

Tmrt

[oC]

PMV

[-]

PPD

[%]

PD

[%]

1 [T-Q-V-] 0.12 0.01 21.3 22.7 -0.66 14 9

2 [T-Q-V+] 0.11 0.03 20.6 22.7 -0.75 17 10

3 [T-Q+V-] 0.12 0.02 21.6 22.9 -0.61 13 9

4 [T-Q+V×] 0.08 0.02 21.2 22.8 -0.60 13 6

5 [T-Q+V+] 0.11 0.03 20.9 22.7 -0.69 15 9

6 [T-Q+V*] 0.18 0.04 20.7 22.6 -0.98 25 18

7 [T×Q+V+] 0.11 0.03 22.6 22.8 -0.43 9 8

8 [T+Q+V×] 0.05 0.01 21.8 20.0 -0.83 20 0
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From Table 8.1 it can be concluded that, according to the definition of the PMV-value, the

thermal conditions are slightly cool and do not meet the requirements formulated in

ASHRAE (1992): PPD < 10%, for all but case 7. Because the velocities remain very low,

the percentage of dissatisfied due to draught on the other hand is in compliance with the

formulated criteria (PD < 15%) for all flow rates except the highest supply air flow rate. To

increase the PMV-value, the supply temperature should be increased.

The vertical air temperature difference between 0.1 m and 1.1 m height was less than 3oC

for all investigated cases and thus would meet the standards criterion (ASHRAE 1992).

Skistad (1994) recommends that the vertical temperature gradient should be restricted to

2oC/m, as higher than normal velocities are expected across the ankles. Assuming this point

of departure, the criterion is not met for all displacement ventilated cases, except for case 1

and 3 which have a low air change rate and a slightly higher supply air temperature.

To determine the effect of the change in boundary conditions on the boundary layer velocity

near the mannequin, the air velocity midway between chest and desk table was measured.

From these results the boundary layer is found to be nearly independent of the supply flow

rate.

Besides the full-scale measurements with the thermal mannequin, indicative subjective tests

have been performed with test persons that were seated in the experimental set-up for 1.5

hour. In total five persons voted on the thermal comfort conditions at ACH = 1.5 h-1, Twall ≈
23oC, and a supply air temperature between 17oC and 24oC. The test person was the only

heat source in the room and was not able to change the thermal conditions. The clothing

insulation was estimated at 0.5 to 0.6 clo, the metabolic rate at 60 to 70 W/m2. A

questionnaire was designed following the description of Gan and Croome (1994). In the

questionnaire thermal comfort votes were requested on a seven-point scale and subdivided

to head, chest, leg and ankle level. Furthermore, an overall impression was asked for.

The overall thermal comfort votes for the given conditions ranged from slightly cool (PMV

= -1) at temperatures between 17oC and 22oC to neutral (PMV = 0) at 24oC. However, a

large difference was found for the different levels. At ankle level the conditions ranged from

cool (PMV = -2) at 17oC to slightly cool at 24oC, whereas at head level the thermal

conditions were voted neutral for all investigated supply temperatures. At a supply

temperature of 17oC, the vertical temperature difference was larger than 3oC.
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8.2.3 Discussion steady state results

The experimental and numerical results indicate that the DDV-concept functions according

to expectations: the system determines the direct surrounding of the occupant. As the system

is located close to the occupant, the supply conditions are important. Assuming that within

office environments cooling will be required predominantly, the prevailing thermal comfort

conditions and the subjective tests indicate that the supply air temperatures should be

relatively high (>20oC) to obtain thermally comfortable conditions. The supply air flow rate

cannot be increased significantly due to draught risk. The convective cooling load that can

be obtained with the DDV-system therefore is low (in the order of 100 W). Under normal

conditions the convective cooling load should be in the order of 200 W (~10 W/m2) or

higher, so additional cooling will be necessary, e.g., through a cooled ceiling.

From the visualised flow field it is concluded that the boundaries of the micro-climate are

less defined than projected. This is supported by the local mean age of the air measurements

of Roos (1998b) and the comparison with Brohus (1997). The results indicate a close

agreement between the standard displacement ventilation principle (see Figure 1.1) and the

DDV-concept (see Figure 6.1).

From the steady state results however an important specification of task conditioning

systems cannot be investigated, the effective response to a change in supply conditions. As

the supply is situated close to the occupant and individual control on thermal parameters is

possible, the question remains whether the DDV-concept can operate as a task conditioning

system. This will be the topic in the next section.

8.3 TRANSIENT BEHAVIOUR

8.3.1 Introduction

An important requirement of an individually controlled task conditioning system is a short

response time between the moment of change of the control setting of a system parameter

and when the user in fact notices a change. Little information is available on this combined

physical, physiological and psychological subject. In order for the system to be regarded as

an individually controlled system, the response time is postulated to have to be within the

order of one minute. If the sensed response to the control action takes longer than one

minute the system is not able to respond to the rapid physiological changes and therefore the

thermal comfort requirements. From a psychological point of view, the occupant expects a

nearly direct noticeable result after a change of the settings which would confirm the

control.
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The resulting effect near the occupant (e.g., (Tend - Tstart)i) differs from the absolute change

in the system parameter (e.g., (Tend - Tstart)supply). This effect is indicated as the amplitude of

the step response and will mentioned as the step response. The step response is defined as

the ratio of the change at a point in the room to the change at the air supply at renewed

steady state conditions. E.g., for a temperature change this would read,

( )
( )supplystartend

istartend

TT

TT
responsestep

−
−

= . (8.1)

The step response preferably should approach unity. A small value of the step response

indicates a large damping. The damping is defined as

( ) %1001 ⋅−= responsestepdamping . (8.2)

For individually controlled systems (Bauman and Arens 1996) that force the air in the

occupants direction at relatively high velocity, the response time in respect of velocity

changes usually does not present a typical problem. This also accounts for the step

response, as entrainment of room air will be limited if the distance between the supply and

the occupant is small. For the DDV-concept these transient parameters are more critical.

They have been investigated through experiments and by a parameter study using a

relatively simple one-dimensional numerical model of the flow problem. These

investigations are described in the next sections.

8.3.2 Experimental approach

Procedure - For the experimental approach, the experimental set-up described in Chapter 5

has been altered slightly. Additional temperature measurement locations were introduced

close to the thermal mannequin at ‘ankle’, ‘crotch’, ‘neck’ and ‘mouth’ position.

Temperatures above ‘ankle’ level were measured in the boundary layer flow at the

mannequin, at 0.02 ± 0.005 m distance from the surface of the mannequin. The temperature

measurements were undertaken with PTC’s. Other measurement sensors (velocity

anemometers and thermocouples) were positioned at different heights and distances from

the supply as shown in Figure 8.2. The positions remained fixed for all measurements.

Measurements were taken for a period of 65 minutes with the thermal mannequin as the

single heat source. Steady state conditions were maintained by the climate chamber control

unit and temperatures typically were kept constant within ±0.15oC for more than one hour

before the start of the measurements. These conditions were registered during a period of

approximately 20 min, after which a step in the supply temperature was introduced. A

temperature increase of +3oC was obtained at a maximum achievable rate of increase of

temperature of 25oC/h. The end-point supply temperature was controlled by hand during the
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remaining registration time. Wall temperatures were computer controlled. The average

variation in the wall temperatures, during this part of the experiment, was less than 0.15oC

(standard deviation 0.1oC). Only the floor temperature, that was controlled indirectly due to

the raised floor construction, was found to vary up to 0.5oC. The average room temperature

at the start of the measurements was set at 23oC. The flow rate for most measurements was

set at ACH ≅ 1.5 h-1.

All transient experiments were performed following the described procedure. Several

parameters in the experimental set-up were varied in order to determine the influence on

response time and step response. Table 8.2 summarises a selection of the measurement

cases. In Table 8.2, Tsupply refers to the set-point temperature at the supply before a step was

introduced, ∆Tsupply is the desired supply temperature difference between the end and start

point of the measurement and Twall is the wall temperature set-point, the air change rate is

indicated by ACH.

Table 8.2. Selection of the investigated transient measurement cases.

case Tsupply

[oC]

∆Tsupply

[oC]

Twall

[oC]

ACH

[h-1]

V�

[m3/s]

* **

[m]

***

[m]

a 17 +3 23 1.5 0.019 - - -

b 20 +4.5 23 1.5 0.019 - - -

c 17 +3 23 1.5 0.019 × 0.5 ×
d 17 +3 23 1.5 0.019 × 0.5 2.4

e 17 +3 23 2.3 0.029 - - -
*
**
***

obstruction at 1.0 m from table behind the thermal mannequin [no = -; yes = ×]
height obstruction
obstruction over full width of the room [no = - ; yes = ×]; #: centred [m]

Figure 8.2. Configuration for the transient experiments.
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The supply temperature and the temperature step were chosen to allow a displacement type

of flow pattern to remain after the change (Tsupply = 17oC; ∆Tsupply = +3oC) or to allow the

flow pattern to change due to buoyancy (Tsupply = 20oC; ∆Tsupply = +4.5oC).

An obstruction was introduced behind the occupant to reduce the room volume at the lower

part of the room (case c and d in Table 8.2; not shown in Figure 8.2). The height and width

of the obstruction were also taken as a parameter. In other cases the sides of the desk and

0.5 m on both sides of the occupants side of the desk were screened, so that the flow was

restricted to a small area in which the occupant was seated. Finally, measurements have

been performed at a higher flow rate (case e in Table 8.2).

Results and discussion - Velocities were smaller than 0.15 m/s, with the exception of the

average plume centre velocity, and do not present a typical problem with regard to thermal

comfort (Fanger et al. 1988). Velocity variations in the transient regime are a result of

temperature changes, because only the temperature was varied in the experiments. The

discussion on the results therefore is limited to temperature registrations.

Figure 8.3 and Figure 8.4 show typical results for the temperature course at different

positions near the thermal mannequin for case a (1) and b respectively. The characters and

numbers in both figures refer to the measurement positions as presented in Figure 8.2.

Results for the step response are shown in Table 8.3. They are determined from (Tend -

Tstart)i/(Tend - Tstart)supply, in which i represents the measured air temperature at the specific

PTC or thermocouples. Also results of a second run for case a are given, allowing an

examination of the reproducibility of the experiments. Given the measurement accuracy the

step response is accurate up to ±0.05 for a step response smaller than 0.3.

Step response (Damping) - Figure 8.3 indicates a temperature increase at the supply from

17oC to 20oC. As the supply temperature will remain below the average room temperature, a

displacement type of flow pattern is maintained. The results show a nearly immediate

response at the ‘ankles’ of the thermal mannequin seated at the desk (position A). This point

is located at only 0.3 m from the supply, but the damping due to entrainment is already

22%. At other positions the damping increases rapidly to 80% and higher. Comparing these

results with the damping at the exhaust (position X) or at the thermocouple positions in the

room (see Table 8.3), it can be concluded that the increase in temperature near the thermal

mannequin corresponds with the temperature increase of the room as a whole. There is

therefore no particular advantage in sitting close to the unit.
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Figure 8.3. Temperature as function of the time for measurement case a (1)

(see Figure 8.2).
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Figure 8.4. Temperature as function of the time for measurement case b (see Figure 8.2).
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Table 8.3. Measurement results step response, 
( )

( )
supplystartend

lethermocoupPTCstartend

TT

TT

−
− / .

case

(Tend-Tstart)supply

a (1)

2.96oC

a (2)

2.95oC

b

4.38oC

b#

2.14oC

e

3.01oC

PTC

A 0.78 0.78 0.76 0.88

B 0.18 0.15 0.35 0.26

C 0.13 0.11 0.29 0.08

D 0.12 0.09 0.13 0.11

E -0.02 -0.02 0.16 0.09

F 0.04 0.04 0.03 0.17

X 0.04 0.02 0.06 0.09

thermocouples

1-10 0.31 0.29 0.26 0.38 0.40

11-20 0.05 0.03 0.10 0.19 0.08

15-16 0.11 0.10 0.12 0.25 0.18

21-30 0.42 0.44 0.37 0.46 0.57

31-40 0.05 0.03 0.10 0.19 0.08

# damping determined from Tsupply = Tthermocouples, 21-30

If the supply temperature increases to above the mean room temperature (case b), the flow

pattern is changed. The flow reversal occurs just before Tsupply equals the temperature

measured at thermocouple positions 21-30 (Tthermocouple, 21-30). The system then is not

operated as a displacement ventilation system: the incoming flow will rise because of

buoyancy. This effect is most clearly visualised by the temperature measured at positions B

(‘knees’) and C (‘crotch’) as shown in Figure 8.4. The temperature increase at position C is

not continued at position D (‘chest’), which is situated above C, just above desk level.

Visualisation of the flow field (see Chapter 6.3.2) indicates that the desk table obstructs the

flow above the legs. The flow deflects and spreads in different directions. Therefore more

mixing will occur. As a result, the damping at position D is of the same order of magnitude

as for the displacement ventilation flow pattern. In contrast, at ‘mouth’ height (position E) a

greater step response is measured when the displacement type of flow pattern is disturbed.

This effect is explained from entrainment of air originating from the unit which has not

ascended through the buoyant plume. The temperature at the ‘neck’ of the thermal

mannequin (position F) is hardly affected by the change in the supply temperature for both

flow field types.
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The thermocouple measurements indicate the effect of the change in the room flow pattern

(see Figure 8.4). The vertical temperature gradient is gradually reduced as a result of

increased mixing with the incoming flow. The effect is less clear from the step response

results (see Table 8.3). However, if Tstart at the supply is set to Tsupply = Tthermocouple,21-30, the

step response for the upward directed flow pattern is found (b#, Table 8.3).

Response time - The step response can be determined according to objective criteria, i.e.

mean start- and end-point temperature. For the response time this is not possible given the

supply temperature step-up and the present overshoot. An order of magnitude value may

only be estimated graphically. From the figures it is apparent that the response time is

longer than the postulated maximum response time, for a large part of the body.

Variants - Improvement of the step response and response time has been investigated

further via the described cases (see Table 8.2). For those cases where the displacement

ventilation flow pattern remains intact after the temperature step, differences with the

described results for case a are small and restricted to the lower part of the room. Near the

thermal mannequin, above the legs, no significant improvement in the step response was

measured.

For the cases where the desk sides were covered, a significant reduction in the step response

was measured. When a mixing type of flow pattern established itself, an improvement is

determined when the desk sides are covered. At higher flow rate (case e) the step response

near the mannequin on average is increased by about 30% compared to case a. In case of

mixing ventilation the average step response near the mannequin is improved by about 10%

compared to case b.

8.3.3 Numerical approach

Introduction  - Using the experimental results, the research focus is directed towards the

transient effect of a displacement ventilated room as a whole after a change in the supply

conditions. This indicates a worst case scenario for the DDV-concept and it would allow a

comparison with the results found close to the occupant. If differences in the transient

parameters are significant, the DDV-concept can result in an improvement of the efficiency

of the displacement ventilated system compared to a set-up where the unit is situated against

a wall. Furthermore, in the experimental results the response time aspect has been neglected

almost completely as it could not be determined from the measurement results.

In order to obtain a pragmatic understanding of the influence of different parameters on the

step response and response time, for a normal displacement ventilation system, a relatively
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simple numerical model has been developed. The modelling and validation of this

numerical model is presented first after which results of a parameter study are discussed.

Theory and modelling - The model is based on the temperature stratification which is

characteristic for displacement ventilation. The room is represented by a number of stacked

zones (see Figure 8.5). Heat is transported through convection (Qc) and transferred at the

walls (Qk). Furthermore, in each zone a heat source (Qh,i) can be introduced. The heat

balance is solved for each zone according to

icikih
i

ip QQQ
dt

dT
Vc ,,, −−=ρ , (8.3)

where Vi is the volume of zone i, Ti the air temperature at zone i, t the time and Q the heat.

The transient temperature per zone, following a temperature change or flow rate change at

the supply, is calculated from

( ) ( )( ) iiipiwalliiicih
i cVTTVcTTAhQ

dt

dT
ρ−ρ−−−= − /1,,,

� , (8.4)

where Twall,i is the wall temperature at zone i, hc,i the convective heat transfer coefficient at

zone i, Ai the surface at zone i andV� the flow rate.

As the model is one-dimensional and complete mixing is assumed for each zone, a factor

(qi), the heat source effect factor, is introduced to account for the fact that part of the heat

Qh,i, introduced into zone i, is transported directly into the above lying zones by the

convective plume. A specific zone is heated by a fraction of the heat source present. This

treatment is consistent with that of the contamination distribution described in (Krühne,

1995) and with the degree of flushing described in (Bach et al., 1993). The convected heat,

(1-qi)⋅Qh,i, must be distributed over the other zones. An extra factor (qqi), the heat

distribution factor, is introduced to account for the distribution of the extra heat input over

the zones (Σqqi = 1). Introduction of these two factors allows a correct representation of the

Figure 8.5. Zonal model (see Equation 8.5).
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temperature gradient in the room and a more accurate calculation of the heat transfer rate at

the wall. The final equation therefore is written as
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where, qi is the heat source effect factor, qqi the heat distribution factor and n the number of

zones.

Visualisation of the flow field indicates that the upper zone returns air to the lower zones

along the walls (see Figure 6.1). As the model is one-dimensional, the zonal conditions can

only be influenced by upstream conditions. This is partly resolved by the introduction of

qqi. The delay caused by the heat transfer from the heat source from one zone to another has

been neglected. This has no influence on the simulated response time, as unsteady state

conditions are only prescribed for the supply. The walls have not been modelled and the

boundaries of the zones therefore act as heat sinks. For the climate chamber set-up from

which the measurement results have been obtained this represents a realistic situation. For

high density and high specific heat of the room walls a heat sink representation is valid. In

the model radiant heat exchange has not been taken into account.

Validation  - The model is constructed of six zones of equal volume and height. Krühne

(1995) developed a steady state model for a room with displacement ventilation with cooled

ceiling. For this model, Krühne determined that a discretisation into six zones is sufficiently

accurate for rooms of 3 to 4 m height. In Hensen et al. (1996) a comparison is presented for

a 3 and 6 zonal displacement ventilation model. The maximum difference in results between

the two models is in the order of 0.2oC.

Dimensions and boundary conditions were taken from measurement case a (1) (see Table

8.2). The supply is situated in zone 1, the exhaust in zone 6. The convective part of the heat

source was taken from Appendices D and F and divided over zone 1 (20 W) and 2 (45 W).

In the other zones no heat sources were prescribed. The heat transfer coefficients were taken

from literature (Chen and Jiang 1992) and from the measurement and simulation results

(floor: hcF = 4.5 W/m2.K; ceiling: hcC = 4.0 W/m2.K; walls: hc_wall = 2.5 W/m2.K). The model

parameters, qi and qqi, have been tuned to the experiments until a qualitative good

agreement was found for qi = [0.6; 0.3; 1; 1; 1; 1] and qqi = [0; 0; 0.025; 0.15; 0.15; 0.675]

(see Figure 8.6). The thermocouple results indicate the room temperature distribution and

its transient course.
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The measured exhaust temperature was consistently 0.2oC higher than the calculated

temperature at the highest zone. The simulated heat balance, therefore, is not completely in

agreement with the measurements. The difference results from the discretisation in the

height and the applied overall heat transfer coefficients. The sensitivity of the settings for hc,

qi and qqi was determined using the cases mentioned in Table 8.2. Considering the

simplicity of the model, a satisfying agreement was found. The applied constants are useful

for transient application at V� = 0.010 to 0.039 m3/s.

Parameter study - For a true step in the temperature and/or the flow rate the response time

(τi) is determined according to the 1-e-1 method. The step response (∆Tzone,i /∆Tsupply) is

defined as the zonal temperature difference between end and start condition relative to the

temperature step at the supply. Both parameters were investigated for a temperature step, a

flow rate step and a combined temperature-flow rate step. Furthermore, the sensitivity of the

response time and step response to the heat transfer coefficient and the room volume was

determined. From the parameter study general remarks regarding the response time and the

step response are summarised. They are only valid for a room with (nearly) constant

temperature boundary conditions, which is ventilated with the displacement ventilation

principle.

Given the reference settings presented in Table 8.4 the step response is small (see Figure

8.7 and Table 8.5). After a temperature step of -3oC at the supply the temperature change in

zone 1 is -0.68oC and is reduced further to -0.03oC in zone 6. The step response for zone 1

is 0.13 - 0.31 for ACH ≅ 1 to 3 h-1. The convective heat loss via the floor has a large

0 10 20 30 40 50 60 70
17

19

21

23

25

1−10

11−20/31−40

21−30

15−16

Time [min]

T
em

pe
ra

tu
re

 [ 
C

]
o

zone1

zone2
zone3

zone4zone5zone6

supply

measurements (1−40)
simulations (zone 1−6)
supply temperature

Figure 8.6. Comparison of simulation results and thermocouple data for case a (see Figure

8.2 and 8.5).
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influence on the total introduced cooling energy. For zone 2 the step response decreases to

0.06 - 0.23. The response time for zone 1 is of the order of 1 minute for ACH ≅ 1 to 3 h-1,

increasing to 10 minutes at zone 6 for ACH ≅ 3 h-1 and to 20 minutes for ACH ≅ 1 h-1.

Table 8.4. Settings for the reference case.

supply temperature (Tsupply) = 20 oC

flow rate (V� ) = 0.028 m3/s (ACH ≅ 2 h-1)

temperature step (∆Tsupply) = -3 oC

flow rate step ( V�∆ ) = 0 m3/s

Table 8.5. Numerical results for the reference case.

zone 1 2 3 4 5 6

τi [s] 63 255 458 658 855 927

|∆Tzone,i| [oC] 0.68 0.44 0.29 0.19 0.112 0.03

∆Tzone,i/∆Tsupply [-] 0.23 0.15 0.10 0.06 0.04 0.01

τi/|∆Tzone,i| [s/oC] 9.21⋅101 5.78⋅102 1.58⋅103 3.46⋅103 7.12⋅103 3.09⋅104

If the rate of change of the temperature is determined from τi /∆Tzone,i [s/oC], differences in

the transient behaviour of the temperature in the room are more obvious (see Table 8.5).

This ratio also allows a better comparison between the results found in the parameter study.

Differences in the rate of temperature change between zone 1 and zone 6, for the reference

temperature step at the supply, are in the order of 100 to 2000 for ACH ≅ 1 to 3 h-1.
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A step in the flow rate (∆V� ; from ACH ≅ 1 → 2 h-1, 2 → 3 h-1 or 1 → 3 h-1) results in

smaller differences in the transient behaviour between the separate zones. For zone 6, the

relative difference of τi /∆Tzone,i with zone 1 is of the order of 20 to 50, almost independent

of the flow rate and the step size. An increase in the flow rate results in a higher rate of

change of temperature for the upper zones compared to the values applied in the reference

case. For zone 1 a smaller influence is found as the decrease in the zonal temperature is the

resultant of the convective heat transfer at the wall and the increased cooling energy from

the supply. The cooling energy results from the increased flow rate at the same temperature

and not from a temperature decrease.

The rate of change of temperature remains the same when the heat transfer coefficient for

the floor and ceiling is lowered to 2.5 W/m2.K. The step response (∆Tzone,i / ∆Tsupply)

however is increased by a factor ~1.5.

The response should be highest in the lower zones as the postulated requirements refer to

the values at these zones. Reducing the volume of the lower zone by 30% results in a

decrease of the rate of change of temperature for all zones by 26% on average. If the

volumes of zone 1 and 2 are reduced by 30%, the average decrease is 35%.

8.3.4 Discussion transient behaviour

The transient measurements and simulations have confirmed the earlier conclusion that the

DDV-concept is not able to create a well-defined micro-climate. When the supply

conditions are changed realistically, the step response close to the occupant is in the order

of 0.1, whereas a value >0.6 should be aimed at. The response time is beyond the postulated

value of one minute. Only less realistic large changes at the supply are able to adjust the

thermal conditions in a room fast enough to adjust to occupant desired changes within a

relative short period, most probably jeopardising thermal comfort.

Applying the boundary conditions of the measurement run for case a (Table 8.2), the

response time is calculated at ~0.5 min. and ~3 min. for zone 1 and 2 respectively. The step

response is calculated at 0.17 and 0.10 respectively. The transient aspects of the DDV-

system applied in the experiments equal those of a normal displacement ventilation system

(compare with results in Table 8.3). For a room with complete mixing (one zone model),

where the same stepwise change is applied as in case a, the step response is 0.08 and the

response time ~1.5 min. The rate of change of the temperature is situated between zone 1

and 2 for case a, the step response nearly equals that of zone 2.
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8.4 APPLICABILITY OF THE DDV-CONCEPT

Combining the results from Chapter 8.2 and 8.3, the final conclusion is that the desk

displacement ventilation (DDV-) concept cannot be used solely as an individually

controlled (task) conditioning system for standard office environments. The thermal

conditions that arise at floor level cannot be obtained at head level, because of entrainment

and mixing of room air at the interface of the convection plume and the surrounding air. The

short distance of the supply unit to the occupant makes no difference. The system operates

as a normal displacement ventilation system.

The conditions set forward earlier, a fast response and little damping, in order to obtain an

individually controlled system, cannot be accomplished by a displacement ventilation flow

pattern only. This applies to standard displacement ventilation units as well as to floor based

grilles, which under cooling load conditions introduce the air at low velocity (0.1...0.5 m/s).

A fast change of the environmental conditions should be effected by a parallel system as

e.g. a high air velocity system close to the occupant.

The fact that the DDV-system has been introduced successfully at a dealers room in Sydney,

Australia [mentioned in Chapter 2.3.3] was the result of correct positioning of the system.

Long rows of DDV-systems at both sides of a small corridor restricted the spread of the

displacement flow and forced the flow in upward direction, along the occupant. Therefore,

the time response is short as the lower zone volume is small and the damping is restricted as

the surface heat transfer is relatively small compared to the experimental set-up as described

above. A recent application of the DDV-concept, described in HLH (1997), again applied

for a dealers room, benefited from the same design conditions as for the dealers room in

Sydney.

However, also other intentions for application of displacement ventilation in combination

with a micro-climate are being reported (Diel and Schiller 1997). The above results clearly

show that the expected benefits from bringing displacement ventilation close to the

occupant will not outweigh the limitations with regard to thermal comfort. Also, the cooling

load that can be achieved is limited to approximately 50 to 100 W. This normally is below

the present convective cooling load in offices (in the order of 200 W [~10 W/m2] or higher).
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8.5 IMPROVED VERSION OF THE DDV-CONCEPT

8.5.1 Introduction

In Chapter 8.4 the use of a parallel system was indicated necessary to improve the transient

characteristics of the DDV-concept. The CFD-model validated in Chapter 7 has been

applied to investigate the response improvement of an additional system that is incorporated

in the concept. Figure 8.8 presents the combination of the desk displacement ventilation unit

and a variant of the so-called ‘Climadesk’ (Wyon 1995); a small slot in the desk top though

which air is supplied close to the occupant at desired velocity and temperature. The

displacement ventilation system is used to allow a base ventilation and the flow rate through

the desk slot is small (< 15% of the base flow). This combination is indicated as the

improved DDV-concept (DDV+).

8.5.2 Validation

First, the transient CFD-simulation of the original concept has been compared with

measurement results as obtained for case a (Table 8.2). In the simulations the time step was

set to 60 sec. For each time step 1000 iterations were solved if there was a temperature

variation over the time step. If not, 250 iterations were solved. Steady state simulations

indicated that the number of iterations for each time step was ample to reach a stable

solution.

Figure 8.9 presents the temperature course as a result of a temperature variation at the

supply for the experiment and the simulation. The characters in Figure 8.9 correspond to the

positions indicated in Figure 8.8. Differences in the absolute value mainly result from the

discretisation of the flow problem close to the heat source and the large gradients that

Figure 8.8. Improved DDV-concept + measurement locations.
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appear. The transient course of the temperature is predicted relatively well. As for the

measurements also in the simulations the limited variation in the air temperature is evident

despite the almost 3oC temperature step at the supply.

The calculations require an extended simulation time duration. From the comparison it is

however concluded that the application of CFD for the qualitative investigation of a time

dependent flow problem is feasible.

8.5.3 Results improved concept (DDV+)

Figure 8.10 presents the temperature as function of the time for three positions near the

occupant. These positions are indicated in Figure 8.8. For the DDV case only the

temperature at the displacement ventilation unit is lowered step-wise by 3oC. For the DDV+

case, besides the displacement ventilation unit, the desk slot is operated. The temperature

conditions at the desk slot are the same as for the unit. The flow rate is 0.0025 m3/s (A =

3.3⋅10-3 m2). In the simulations the time step was set to 10 sec for the first three minutes of

the simulation process. After that a time step of 60 sec was applied up to a total simulation

time of 50 min. In Table 8.6 the damping as defined in Equation 8.2 is given for the two

cases. The steady state end-point value is determined by averaging over the last 10 minutes

of the simulation process (average standard deviation 3 %).

The positive effect of the desk slot is shown by the nearly instant change of the temperature

at mouth height (position E). The step response is a factor two higher compared to the

original situation. Compared to the results for zone 1 in the reference case, as described in
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Chapter 8.3.3, the step response is almost a factor two higher, despite the higher flow rate

for that case. At the other positions near the mannequin the damping is not improved. This

is in agreement with the intention for the use of the desk slot. The velocity at position G due

to the flow at the desk slot is 0.30 m/s, whereas at position E the velocity increased from

0.26 m/s to 0.33 m/s.

8.5.4 Discussion

The addition of a so called desk slot (suggested in Wyon (1995)) considerably improves the

response time and step response (damping) of the thermal parameters close to the head.

From Table 8.6 it is obvious that a large step response (> 0.6; Equation 8.1) is difficult to

obtain with the applied supply flow rate at the desk slot (0.0025 m3/s).

In the example the desk slot is operated at a constant (desired) velocity and supply air

temperature. Another option would be to maintain the required supply conditions at the desk

slot for a restricted period of time. After this time (e.g. 5 minutes) the air supply through the

desk slot would gradually reduce to zero. This type of adjustment would mitigate the short-
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Figure 8.10. Temperature course as function of the time for the original (DDV) and the

improved (DDV+) concept (see Figure 8.8).

Table 8.6. Damping of the original and the improved concept [%] (Equation 8.2).

position A B C D E F G

DDV 33 104 81 82 80 86 93

DDV+ 35 97 93 97 58 81 44
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term response of the desk displacement ventilation system. Furthermore, it would provide

an answer to the fact that often changes in the thermal requirements are short-term based.

8.6 SUMMARY

1. The steady state and transient measurements and simulations indicate that the DDV-

concept cannot be used on its own as task conditioning system for a standard office

environment. The concept does not fulfil the postulated requirements, especially with

regard to the response time and the step response.

2. The convective cooling load that can be obtained is low (in the order of 50 - 100 W). As

in normal office configurations the cooling load is higher (in the order of 200 W [~10

W/m2] or higher) additional cooling is required, also for conditioning the macro-climate.

3. The combination of the displacement ventilation principle and the task conditioning

principle in general is not practical, unless special attention is given to the room

configuration.

4. The DDV-concept may be improved by incorporating a desk-slot. The task conditioning

is provided by the desk-slot, whereas the base ventilation is provided by the DDV-

system. Additional cooling can be provided with a cooled ceiling.

5. The in point 4 indicated improvement was investigated with CFD. The application of

CFD for this type of comparative study of ventilation concepts is feasible. It is this type

of investigation in which the application of CFD is intended, in the design phase. The

options to investigate other variants within CFD are numerous, but the computer

requirements are heavy. Furthermore, the discussion on the applicability of CFD for

simulation of indoor air flow, described in Chapter 7.3.4, should be taken into account.
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Chapter 9

GENERAL OVERVIEW 
AND CONCLUSIONS

9.1 INTRODUCTION

This chapter presents the conclusions of this research. As the range of topics that have been

addressed is wide also a general overview is given. This chapter is arranged to the approach

described in Chapter 1: the tools to predict the indoor climate (measurement and simulation)

and the technical context. After each overview of a topic the most important conclusions are

pointed out. Finally, possible developments with respect to the measurement and simulation

of indoor air flow are indicated.

9.2 MEASUREMENTS

9.2.1 Overview

Technique - As the available temperature measurement techniques are well developed, this

work has focussed on velocity measurement. Accurate measurement of the indoor air

velocity is difficult, as the mean velocity is low (0…1 m/s) and the turbulence intensity high

(>10%). The specifications of most available velocity sensors restrict their usage for indoor

air flow. From a careful evaluation, the omni-directional hot sphere anemometer and the

Particle Tracking Velocimetry (PTV-) technique are chosen at present as the most practical

and the most promising technique for the measurement of indoor air flow.

The accuracy of the described hot sphere anemometer (see Chapter 3.6) is highly dependent

on the similarity between measurement situation and calibration conditions. If similarity

between application and calibration is not taken into account, a measurement error up to



- Chapter 9 -

180

0.05 m/s or higher can be expected for the 0…0.5 m/s velocity range. Within this work a

relative simple calibration set-up was designed for the calibration of the hot sphere

anemometer.

The amplitude damping of the hot sphere anemometer in the measurement of a fluctuating

velocity is significant. Results from a numerical model of the hot sphere anemometer

indicate that the amplitude is being damped up to 20% in the lower frequency range (0.1…1

Hz) (see Figure 3.12). The turbulent fluctuations of the flow therefore cannot be measured

reliably. Draught discomfort is strongly dependent on the turbulence intensity (see Figure

2.3; Fanger et al. 1988). An amplitude damping of 20% at a mean velocity of 0.2 m/s (TI =

40%) results in an underestimation of the percentage of dissatisfied due to draught (PD) by

10%. As the PD-relation was derived using similar hot sphere anemometers, the draught

sensation will be overestimated when an anemometer with less damping is used. The same

applies to the use of numerical results.

The applied PTV-system was able to determine the time-averaged two-dimensional velocity

vector field in a plane of the flow. The use of a (nearly) neutrally buoyant helium filled soap

bubble (dp ≈ 0.003 m) as tracer particle in indoor air flow was supported by theoretical

analysis. The practical application of the PTV-technique however was restricted

significantly due to the requirement of a constant and sufficient production of (nearly)

neutrally buoyant particles at constant density. Therefore, the helium filled soap bubble

must be replaced by a better verifiable, more easy to generate and less staining tracer

particle to improve the practical application. Furthermore, the camera resolution should be

increased to allow a larger interrogation area to be monitored. The applied video camera

(512 × 512 pixels) restricted the area to 0.5 × 0.5 m2.

Data - From a literature review, only a very restricted number of full-scale indoor air flow

experiments, suitable for validation purposes, was found. Therefore, extensive full-scale

climate chamber measurements have been performed. The flow has been investigated in a

configuration in which the task conditioning and the displacement ventilation principle were

combined. In this configuration a displacement as well as a mixing ventilation flow field

could be established. For the displacement ventilation flow pattern the supply temperature

difference, the heat input and the supply flow rate have been varied. In Chapter 6 the results

are discussed and the obtained data were found to be realistic and applicable for comparison

with numerical simulations. All measurement results are summarised in x-y-z format and

available via the internet (http://www.tue.nl/bwk/bfa/research/aio_research.html).

In the experimental configuration the walls are not assumed to be adiabatic, but are

controlled at a constant temperature. As a result the ceiling is found to operate as a cooled
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ceiling. For cases with a high heat load and low air change rate the heat transfer to the

enclosure even is the dominant heat transfer process. Though the convective heat transfer

coefficients at the enclosure could not be determined directly, an estimation was made using

model and experimental results from literature. The derived heat transfer coefficients for the

floor agree quantitatively with those found in literature.

The buoyant plume above the designed thermal mannequin has similar characteristics as

plumes above person simulators and persons described in literature. The mannequin was

designed to emulate the human body, geometrically and thermally. This thermal mannequin

cannot be applied for the prediction of thermal comfort.

9.2.2 Conclusions

• The hot sphere anemometer currently remains the most practical technique for velocity

measurements at indoor air flows. A series of possible measurement errors however

restrict the accuracy considerably. Examples of errors are: velocity and/or temperature

difference between the measuring and reference sensor, directional sensitivity and

damping. A relative simple low-velocity calibration set-up has been described to

calibrate the anemometer.

•  Particle Tracking Velocimetry (PTV) is the most promising technique for measurement

at indoor air flow patterns. The main restriction is found in the generation of tracer

particles. The applicability of PTV will remain restricted unless the helium-filled soap

bubble can be replaced by a (nearly) neutrally buoyant, easy to generate, non-staining

tracer particle.

• Extensive full-scale measurement data have been presented for the air flow in a climate-

chamber set-up of an office room in which task conditioning and displacement

ventilation are combined. Data have been obtained for a series of boundary conditions

and are applicable for validation purposes.

9.3 SIMULATIONS

9.3.1 Overview

Technique - The developments in mathematical and numerical modelling of turbulent flows

in theory allow an improved simulation of the indoor air flow problem with Computational

Fluid Dynamics (CFD). Validation of these models however remains an issue of concern

given the indoor air flow characteristics and the limited number of validation studies for
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realistic indoor air flow patterns to evaluate the improved models. Nonetheless, CFD has

taken a prominent position in the indoor climate research.

Validity  - The CFD-simulation of a displacement ventilated room, using a configuration

description mentioned in literature, has shown an important problem; the correct calculation

of the convective heat transfer at the walls. The application of wall functions yields grid

dependent solutions for the temperature distribution. A possibly improved treatment of the

near wall flow field with low-Reynolds number turbulence models requires considerable

near-wall grid refinement. This approach is currently of limited use due to computer

capacity restrictions. Given the grid distribution, the convective heat transfer normally will

be underestimated when the near-wall grid distribution is not rigidly controlled. This also

has implications for modelling the radiant heat transfer when for example a heat flux is

defined at the boundary of the heat source.

In the full-scale experimental results obtained within this research, the wall heat transfer is

important. Given the difficulty to correctly simulate the wall heat transfer, these results are

interesting for evaluating similar CFD-simulations. Comparison of experimental and

numerical results confirm the fact that the wall heat transfer for a room with displacement

ventilation and a cooled ceiling is underestimated significantly in the numerical model. Grid

conditions nevertheless conform close to values mentioned in literature. The main

explanation for this deviation lies in the fact that the available wall functions are not valid

for developing boundary flows, free convection boundary layers and impinging plumes as

they appear indoors.

Underestimation of the wall heat transfer affects the vertical temperature gradient and

therewith the energy balance and the thermal comfort prediction. Also the plume

development above heat sources and therefore the flow pattern is affected. This in turn

impacts on the derived ventilation effectiveness.

Applying a prescribed heat transfer coefficient as part of the boundary condition definition

improves the agreement with measurement results considerably. The major disadvantage of

entering the heat transfer coefficient as part of the boundary condition however lies in the

limited availability of heat transfer coefficients for the variety of indoor air flow

configurations. In this respect, a sharp definition of the conditions under which a heat

transfer coefficient has been determined is important. Moreover, temperature profiles over

the height may serve as an alternative to resolve the coefficient. The obtained full-scale

experimental results are well suited to validate newly derived wall functions or empirical

relations for the wall heat transfer in a displacement ventilated room with a cooled ceiling.
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Comparison of the standard k-ε and the high- and low-Reynolds number variants of the

RNG-k-ε turbulence model indicates that the low-Reynolds variant of the RNG-k-ε model is

preferred for the simulation of displacement ventilation. This variant presents most realistic

turbulent characteristics for the flow outside the buoyant plumes.

The apparently improved grid use in pseudo-unstructured and unstructured grids has

drawbacks in terms of time spent to build the grid and in the reliability of the final solution,

for the investigated flow problem and the applied segregated solver (see Chapter 4.5). A

structured grid set-up presents the most reliable results and therefore currently may remain

the point of departure for the simulation of indoor air flow.

Results from a grid dependency check or grid improvement by grid adaption were not

considered to be realistic for the presented problem with the applied solver. Grid doubling

for the simulation of a room with displacement ventilation indicated a grid independent

solution for the flow pattern at ~50,000 cells. This requires grid refinement at boundaries

and minimisation of numerical diffusion and does not take into account the above

discussion on wall heat transfer.

9.3.2 Conclusions

• The wall heat transfer characteristics are not correctly predicted with logarithmic wall

functions unless rigid control on the y+-value is executed (in the order of ±1) and

therewith on the near-wall grid distribution. The law-of-the-wall is not valid for the type

of boundary layer flows that appear indoors.

• Correcting the wall heat transfer characteristics by imposing convection heat transfer

data improves the agreement between measured and simulated temperature distribution

and flow pattern. The use of low-Reynolds number turbulence models to solve the

boundary layer flow up to the wall currently does not represent an alternative, given the

high computer capacity requirements to model an indoor air flow configuration. The in

this work derived measurement data can be used to validate new wall functions or

empirical relations.

• The low-Reynolds number variant (Equation 4.14) of the RNG-k-ε model is preferred

for the simulation of indoor air flow. The predicted turbulence characteristics in the

room with displacement ventilation are in good agreement with the measurement results.

• A non-equidistant Cartesian grid is capable of predicting a reliable flow pattern for the

normally rectangular indoor space. For a typical room with displacement ventilation, a

grid with 50,000 grid cells can be sufficient to calculate grid independent results.

• The applicability of CFD for the simulation of the investigated displacement ventilation

configuration is confirmed. The accuracy depends mainly on the accuracy with which
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wall heat transfer and turbulence are modelled. The applicability for other indoor air

flow configurations is discussed in Chapter 7.3.4.

9.4 TECHNICAL CONTEXT

9.4.1 Overview

The indoor climate is determined by the indoor air quality and by the thermal comfort of the

occupant. Thermal comfort was investigated with a literature research. Following the

conclusions from this research attention was focussed on individually controlled task

conditioning systems. The results on thermal comfort and task conditioning are summarised

below.

Thermal comfort - The current opinions on thermal comfort agree that thermal comfort is a

condition of the mind that is strictly personal. When the same indoor conditions are

provided to a group of occupants individual adaptation will take place. Furthermore, the

definitions of ‘average thermal comfort’ and ‘thermal comfort at dot-level’ are meaningless.

Task conditioning ventilation (DDV-concept) - Contrary to whole room climatising

principles as displacement and mixing ventilation, the task conditioning principle may

support the individual adaptation through control of the required thermal conditions in a

small space around the occupant. If the task conditioning includes the supply of fresh air,

also considerable improvement in the air quality at micro-climate level is possible. Task

conditioning therefore has found renewed interest in the conditioning of the indoor climate.

The development of task conditioning systems mainly relies on design principles which

already were developed in the 1970s.

The desk displacement ventilation (DDV-) concept was introduced as a combination of the

task conditioning and the displacement ventilation principle. After successful introduction

of the concept in a dealers room configuration, the applicability for standard office

configurations was investigated in full-scale. From extensive steady state and transient

measurement and simulation results it is concluded that the DDV-concept cannot be used on

its own as task conditioning system for a standard office environment. The step response

and the response time to a set-point shift do not fulfil the postulated requirements for a task

conditioning system. Furthermore, as a result of thermal comfort requirements near the

occupant, the convective cooling load that can be obtained is maximum about 100 W.

Therefore, normally an additional cooling system is required, also for conditioning the

macro-climate. The results furthermore show that the combination of the displacement
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ventilation principle and the task conditioning principle in general is not applicable, unless

special attention is given to the room configuration.

An example of an improvement of the task conditioning capability of the DDV-concept is

presented by incorporating a desk-slot close to the occupant. Task conditioning is provided

by the desk-slot, whereas the base ventilation is provided by the DDV-system. The

improvement was investigated with the validated CFD-model. The positive effect from the

desk-slot was confirmed and the application of CFD proved useful.

9.4.2 Conclusions

• Literature presents ample results which indicate that thermal comfort, contrary to the

standards requirements, should be focussed at the occupant level and not at the group

level. In this respect task conditioning systems are attractive as individual control of

important indoor air parameters such as temperature and air velocity is possible.

• The application of displacement ventilation for the purpose of task conditioning is not

feasible because it does not meet the postulated requirements for the step response and

the response time to a change in the control settings. There is no further particular

advantage in bringing the displacement ventilation unit close to the occupant. The

transient characteristics of the system are not changed significantly unless the room

configuration is part of the task conditioning strategy.

9.5 POSSIBLE DEVELOPMENTS

The measurement and simulation of indoor air flow will remain important in the designing

and evaluation of the indoor climate. More stringent requirements and also the application

of new ventilation strategies will restrict the use of simplified models and empirical results.

Measurements

Accurate measurement of the flow velocity and the turbulent fluctuations is necessary for

validation purposes. In this respect whole room measurement techniques such as PTV are

most promising. They allow accurate measurement of low air velocities and an ‘overview-

like’ information on the flow pattern. For wide-spread practical application of PTV in

practise however the helium-filled soap bubble, the currently applied tracer particle, should

be replaced with a non-staining, easy to generate and reproducible equivalent.
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The hot sphere anemometer probably will remain the dominant anemometer for in-situ

measurements for some time to come, mainly because of its ease of use. Given the required

accuracy it may well serve its purpose in most situations.

For validation purposes the number of carefully documented full-scale measurement results

should be increased. In this respect the work of Chen et al. (1998), which also presents well

documented full-scale indoor air flow data, supports to this goal.

Simulations

The use of CFD will take an increasingly important position in the prediction of the indoor

air flow characteristics. Nevertheless, the reliability will only be improved by validating

realistic indoor air flow configurations so that newly derived turbulence models and

numerical techniques can be tested. The latter also assumes a careful description of the

modelling characteristics. Improvement of the CFD-model for indoor air flow should

certainly address the convective heat transfer mechanism.

Calculation of the ventilation effectiveness from the simulated flow pattern is relatively

straightforward (Roos 1998a). A reliable validation of the simulation results by

measurement data however is currently not possible. The obvious differences in the

simulated turbulence characteristics between the investigated turbulence models and the

resulting preference for the low-Reynolds number variant of the RNG-k-ε model should be

confirmed more convincingly by more extended measurements of the ventilation

effectiveness.

Simulation of natural ventilation presents a challenge to the current CFD-models. Given the

increasing interest put in natural ventilation, attention should be directed towards the

numerical simulation of natural ventilation and especially to the definition of the boundary

conditions.

Ventilation techniques

The recently introduced hybrid ventilation adheres to the above indicated attention to

natural ventilation. Hybrid ventilation most probably will be able to bring mechanical and

natural ventilation together to optimise and combine the advantages of both techniques.

When individual control and the micro-/macro-climate principle are included in the hybrid

ventilation strategy, probably an optimum indoor climatising system can be obtained, with

regard to thermal comfort, air quality, energy use and psychology.
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Nomenclature

A area [m2]

ACH air change rate [h-1]

cw particle drag coefficient [-]

cp constant pressure specific heat [J/kg.K]

cµ,cε1, cε2, cε3 coefficients in turbulence model [-]

C concentration [m3/m3
air]

C heat capacity [J/K]

d diameter [m]

E function of wall roughness [-]

f frequency [Hz]

Fe external force [N]

gi gravity vector [m/s2]

Gb generation of turbulent energy due to buoyancy [W/m3]

h height [m]

hc convective heat transfer coefficient (Equation 4.18) [W/m2.K]

hrad radiant heat transfer coefficient [W/m2.K]

htc convective heat transfer coefficient (Equation 7.1) [W/m2.K]

H specific enthalpy [J/kg]

Iclo thermal resistance from skin to outer surface of clothed body

(1 clo = 0.155 m2.K/W) [clo]

k thermal conductivity [W/m.K]

k turbulent kinetic energy per unit mass [J/kg]

l length [m]

Ls length scale [m]

M rate of metabolic heat production [W/m]

N total number of realisations [-]

Nu Nusselt number [-]

p pressure [Pa]

Pk production of turbulent energy due to turbulent stress [W/m3]

Pr Prandtl number [-]

PD percentage of dissatisfied due to draught [%]

PMV predicted mean vote [-]

PPD predicted percentage of dissatisfied [%]

PS percentage of satisfied [%]
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q� heat flux [W/m2]

cq� convective heat flux [W/m2]

Q heat load [W]

r radius [m]

r damping [-]

R additional source term introduced in RNG k-ε model [W/m3.s]

Re Reynolds number [-]

Sφ source term of general fluid property

Sij magnitude of rate-of-strain [s-1]

Sc Schmidt number [-]

St Stanton number [-]

t time [s]

T temperature [K] or [oC]

yT average air temperature (over six positions outside buoyant plume)

at height y [K] or [ oC]

Tavg averaging time [s]
tot

sT total sampling time [s]
*
1.0 mT average air temperature (over all measurement/simulation positions) 

at 0.1 m distance from the surface [K] or [oC]

∆T temperature difference (Tsupply - Twall) [K] or [ oC]

TI turbulence intensity [-]

u flow velocity [m/s]

ui, uj index notation of velocity components [m/s]

uτ friction velocity [m/s]

v velocity component [m/s]

V� air flow rate [m3/s]

w width [m]

w velocity component [m/s]

x, y, z cartesian coordinates in three directions [m]

xi, xj index notation of cartesian coordinates [m]

X sample

Y constant [-]

Z constant [-]
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Greek symbols

β volumetric thermal expansion coefficient [K-1]

Γ diffusion coefficient [kg/m.s]

δij Kronecker delta function [-]

ε rate of dissipation of turbulent kinetic energy per unit mass [J/kg.s]

ε emmisivity factor [-]

ζ inverse Prandtl-number [-]

η0, η parameters in RNG-k-ε model [-]

θh dimensionless temperature at height h [-]

θH relative specific enthalpy [J/kg]

κ von Karman’s constant (0.42) [-]

µ dynamic viscosity [kg/m.s]

ξ air cooling fraction [-]

ρ density [kg/m3]

σφ standard deviation

σk,ε,H,C turbulent Prandtl (k,ε,H) or Schmidt (C) number [-]

τij Reynolds stress [N/m2]

τw wall shear stress [N/m2]

τ time constant, response time [s]

τ local mean age of the air [min]

ϕ relative humidity [%]

φ general fluid property

Subscripts

avg average

c convective

cc cooled ceiling

cs ‘cold’ sensor

C ceiling

d diameter

eff effective

E east

f fluid

F floor

h heat source, height

hs heated sensor

i, j coordinate

k conductive
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ke kernel

m thermal mannequin

mrt mean radiant temperature

n neutral

N north

op operative

p particle, pipe

P first cell adjacent to wall

r radiant

s surface

S south

t turbulent

tot total

v ventilation

w wall

W west

φ general fluid property

Superscripts

int integral scale

L averaging length

n realisation

N total number of realisations

tot total

Ts averaging time

+ dimensionless variable

- average component of turbulent parameter

′ fluctuating component of turbulent parameter

ˆ measured value

Other symbols

0 reference, base

→ flow direction

 or   alignment hot-sphere anemometer
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Appendix A

STATISTICAL UNCERTAINTY IN A MEASUREMENT

Assuming a Gaussian distributed probability density function (pdf), the pdf p(X(n)) of a

number of statistically independent samples X(n) from a random (ergodic) process will be

centred around the true ensemble average, X , with a standard deviation
X

σ . Given the

standardised variable z = (X - X )/
X

σ , the standardised Gaussian pdf, p(z), can be

expressed as

2/2

2

1
)( zezp −

π
= , (A.1)

and the corresponding cumulative probability distribution function takes the form

∫ ∞−
ξξ=

z
dpzP )()( . (A.2)

If X(n) is taken as an estimate for the ensemble averageX , the uncertainty can be expressed

as

( )( ) 2/2/ / αα <σ−<− zXXz
X

n , (A.3)

where zα/2 is the value of z for which P(zα/2) = 1- α/2. Statistically X(n) will fall within the

interval X - zα/2 X
σ < X(n) < X  + zα/2 X

σ , with a probability of (1-α)⋅100%.

Denoting the measured value by X̂ and the true value by X , the measured mean value, X̂ ,

will statistically fall within

]ˆ[ˆ]ˆ[ 2/2/ XzXXXzX σ+<<σ− αα , (A.4)

with a probability of (1-α)⋅100%. The uncertainty in the estimated statistical quantity can be

specified when the variance of that quantity is determined. The variance of X̂ is

]ˆ[]ˆ[var 2 XX σ= . (A.5)

Given the ensemble mean XN (Equation 3.4) and assuming identically distributed and

statistically independent samples, then

N
X

N
X xN

2

]var[
1

]var[
σ== , (A.6)
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for N independent realisations, where 2
xσ  is the variance of the sample record (George et al.

1978). Given an ergodic process, the statistical quantity can be evaluated by time-mean

averaging: var[ XN
 ] = var[ X̂ ]. The variance then can be expressed by

tot
s

x
int

sx

T

T

N
XX

22
2 2

]ˆ[]ˆvar[
σ≈σ=σ= , (A.7)

where tot
sT  is the total sampling time and consequently N ≈ tot

sT /2 int
sT (Tennekes and

Lumley, 1972). Time-history record samples separated by two integral time scales

contribute to the evaluated quantities as statistically independent samples. In Equation A.7,
int

sT  is determined from the autocorrelation function and presents the interval for which X is

correlated with respect to time. The time interval scales with the large eddy flow

characteristics (dimension and velocity). The optimum sample interval, ∆t, equals 2 int
sT .

Sampling more slowly would extend the measuring time without a significant increase in

accuracy, sampling at a faster rate will increase the uncertainty as the samples will not be

statistically independent.

Introducing the normalised root mean square error

XT

T

XNX

X
X x

tot
s

int
sx σ







≈σ=σ=ε

2/1
21]ˆ[

]ˆ[ , (A.8)

the uncertainty in the measured mean value can be expressed by

]ˆ[1
ˆ

]ˆ[1 2/2/ Xz
X

X
Xz ε+<<ε− αα , (A.9)

with a probability of (1-α)⋅100%.

Given X(t)= X + x(t), for the turbulent quantities a similar derivation can be described:

2/1

2

2
2 2]ˆ[
]ˆ[ 





≈

σ
σ=ε

tot
s

int
s

x T

Tx
x . (A.10)

Given the same sample criteria the uncertainty in the turbulent quantities is larger than the

uncertainty in the mean value.
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Appendix B

NUMERICAL MODEL HOT SPHERE ANEMOMETER

The anemometer has been described numerically by modelling the electrical circuit and the

heat transfer characteristics of both sensors (in ‘t Zandt 1995; in Loomans and van Schijndel

1998). By coupling both models a relation can be calculated between the bridge voltage and

the air velocity.

In Figure B.1 the electrical circuit is shown. From this circuit the following combined

resistors can be derived,

81 RRRk += , 1

76
2 )

11
( −

+
++=

cs
i

RRR
RR ,

1

54
3 )

11
( −

+
++=

RRR
RR

hs
j , 1)

111
( −++=

jik
br

RRR
R .  (B.1)

In Equation B.1, R is the electrical resistance. The electrical resistance of the nickel film is

given by ( )hsshshs TRR __0 1 ⋅β+=  and ( )csscscs TRR __0 1 ⋅β+= , with Ts_hs and Ts_cs, the

temperature of the nickel film of the heated and ‘cold’ sensor respectively and β the

temperature coefficient of resistivity [K-1].

  

Figure B.1. Electrical circuit of the hot

sphere anemometer.

Figure B.2. Heat transfer model of a single

sensor.
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The current through the heated and ‘cold’ sensor, needed for calculating the heating of the

sensors, is calculated by

54

54

RRR

RR

R

V
I

hsj

br
hs ++

+
⋅=   and  

csi

br
cs RRR

R

R

V
I

++
⋅=

76

6 , (B.2)

where I is the electrical current. Finally, the bridge voltage Vbr can be determined by

brbr RdVaIV ⋅⋅+= )( 0 , (B.3)

where a is the amplification and I0 the base electrical current.

In Figure B.2 the heat transfer model of one sensor is given. The model is similar for both

sensors. The sensor is divided in two sub shells representing the surface temperature (Ts)

and the kernel temperature (Tke). The heat balances for both nodes are given by:

radckins
s QQQQC

dt

dT
−−−=⋅   and  kke

ke QC
dt

dT
=⋅ , (B.4)

heating: RIQin ⋅= 2 , (B.5)

conduction: )(4)( kes
kes

kes
keskk TT

rr

rr
kTTGQ −

−
⋅⋅⋅π=−= , (B.6)

convection: )(
2

)( 00 TT
r

kNuA
TTGQ s

s

airds
scc −⋅⋅⋅=−= , (B.7)

radiation: )( 44
mrtssrad TTAQ −⋅⋅ε⋅σ= , (B.8)

where Nud is the Nusselt number based on the diameter of the

sensor, 2/13/160.02 dd RePrNu ⋅+=  (Ranz and Marshall 1952), and C is the heat capacity,

3)(4 33
kesps rrcC −πρ= .
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Appendix C

DESCRIPTION PROBLEM SET-UP (Chapter 4)

This appendix presents the full description of the problem set-up for the simulation of the

office configuration as described in Chapter 4.4.

Table C.1 Geometry displacement ventilated office room.

geometry dimensions place
room l×w×h 4.5 × 3.6 × 2.7 m3

window w×h 2.3 × 1.3 m2 middle of West wall at height 0.7 m

window-sill depth 0.25 m
table l×w×h 2.0 × 1.5 × 0.03 m3 middle of room at height 0.7 m; table legs

neglected
chair l×w 0.45 × 0.45 m2 aside table at height 0.35 m; chair legs

neglected
lamp l×w×h 0.3 × 0.15 × 0.05 m3 aside table at height 2.0 m

unit w×h 0.48 × 0.68 m2 corner South-West wall at height 0.27 m

exhaust l×w 0.15 × 0.15 m2 aside table at ceiling

person l×w×h 0.2 × 0.15 × 0.35 m3 volume 0.01 m3; at chair

computer l×w×h 0.15 × 0.09 × 0.15 m3 volume 0.002 m3; 2 samples at middle of
the table, separation 0.36 m.

Table C.2 Boundary conditions displacement ventilated office room.

walls T [oC]
window 24.5
parapet 23.0
East wall 23.0
South wall 24.5
North wall 23.5
ceiling 24.5
floor 24.0
heat sources Q [W] convective fraction
person 100 52 %
computer 60 63 %
lamp 70 25 %
supply
temperature 18.0 oC
volume flow rate 0.058 m3/s
turbulence intensity 35 %
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Appendix D

GEOMETRY AND FEATURES OF THE EXPERIMENTS

Table D.1. Location and convection heat load of objects in model office room (thermal

mannequin not included).

objects x1 [m] x2 [m] y1 [m] y2 [m] z1 [m] z2 [m] Qtot_c /Qtot

[-]

supply unit 3.32 3.48 0.0 0.725 0.95 2.65 -

supply grille 3.32 3.32 0.085 0.385 1.30 2.30 -

exhaust 4.14 5.12 2.47 2.50 3.60 3.60 -

large table 2.58 3.48 0.725 0.75 0.95 2.65 -

small table 0.0 0.565 0.75 0.77 2.05 2.85 -

PC-simulator 1 2.90 3.30 0.75 1.15 1.60 2.00 0.625

PC-simulator 2 0.15 0.55 0.77 1.17 2.25 2.65 0.625

light simulator 3.05 3.20 1.00 1.15 1.15 1.30 0.39

fluorescent lamp 1 1.26 1.29 2.41 2.50 1.20 2.38 0.39

fluorescent lamp 2 2.39 2.42 2.41 2.50 1.20 2.38 0.39

fluorescent lamp 3 3.91 3.94 2.41 2.50 1.20 2.38 0.39

chair 2.30 2.755 0.455 0.75 1.63 1.97 -

Table D.2. Location and convective heat input of thermal mannequin in model office room.

sections x1 [m] x2 [m] y1 [m] y2 [m] z1 [m] z2 [m] Qsection /

Qtot [-]

Qsection_c /

Qsection [-]

head 2.32 2.465 1.075 1.265 1.73 1.87 0.17 0.59

chest 2.32 2.455 0.475 1.075 1.63 1.97 0.30 0.43

left arm 2.36 2.87 0.75 1.075 1.60 1.66 0.08 0.38

right arm 2.36 2.87 0.75 1.075 1.94 2.00 0.08 0.38

left leg 2.455 2.87 0.0 0.59 1.63 1.73 0.19 0.53

right leg 2.455 2.87 0.0 0.59 1.87 1.97 0.19 0.53
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Appendix E

DESIGN AND DIMENSIONS THERMAL MANNEQUIN

The geometry of the mannequin is designed to emulate the proportions of a human being,

although stylistically (see Figure E.1). The surface areas of the different sections of the

mannequin approximate the surface areas as are given by different authors (Stolwijk 1971

and Lotens 1993; see Table E.1). The surface areas of the sections of the mannequin are

corrected for the fact that they are connected to other sections. However, the surface area of

the chest and legs are not corrected for the fact that they, to some part, will be isolated by

the chair. The surface area of the leg-section of the mannequin is relatively large compared

to the chest-section area, as compared with the proportions as presented by Stolwijk and

Lotens.

The mannequin is constructed from aluminium tubes with a synthetic coating and

aluminium sheets for the chest-section. For the flexible joints, aluminium flexible tubes are

used. The top of the tubes are closed with aluminium caps, also synthetically coated. The

mannequin is painted black in order to approximate an overall radiant emission coefficient

of ~0.9. This coefficient has not been measured explicitly.

Table E.1. Surface area of the human body in [m2] and [%].

section thermal mannequin

[in m2 (% of total)]

Stolwijk (1971)

man 30-35 years

[in m2 (% of total)]

Lotens (1993)

[% of total]

head 0.13 [7%] 0.133 [7%] 7%

chest 0.59 [30%] 0.680 [36%] 35%

arms + hands 0.37 [19%] 0.348 [18%] 17%

legs + feet 0.85 [44%] 0.727 [39%] 40%

total body 1.94 [100%] 1.888 [100%] 99%
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Figure E.1. Design and dimensions of the thermal mannequin.
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Appendix F

FULL-SCALE EXPERIMENTS

This appendix summarises the boundary conditions and the characteristics of the

measurement results for the full-scale experiments as described in Chapter 6. All the

measurement results that are presented for a case are mean values. One case comprises 13

separate measurements (see Chapter 5).

Boundary conditions

Table F.1. Boundary conditions for the full-scale experiments.

Case TN

[oC]

TS

[oC]

TW

[oC]

TE

[oC]

TF

[oC]

TC

[oC]

Tsupply

[oC]

V�

[m3/s]

Qtot_m

[W]

Qtot_h

[W]

1a 23.2 22.8 22.6 22.8 22.5 22.5 20.3 0.010 125 0

1b 23.2 22.8 22.7 22.8 22.5 22.5 22.4 0.010 123 0

2a 23.2 22.7 22.6 22.8 22.3 22.7 19.8 0.029 117 0

2b 23.1 22.8 22.6 22.8 22.3 22.7 19.8 0.029 120 0

3a 23.7 23.1 22.5 22.8 22.7 22.4 20.4 0.010 122 363

3b 23.6 23.1 22.5 22.8 22.7 22.4 20.4 0.010 122 363

4a 23.6 23.0 22.5 22.8 22.5 22.4 19.8 0.019 122 364

4b 23.6 23.0 22.5 22.8 22.5 22.4 19.8 0.019 122 364

5a 23.5 23.0 22.4 22.8 22.4 22.4 19.8 0.029 120 368

5b 23.2 22.7 22.6 22.8 22.2 22.3 19.8 0.029 118 360

6a 23.2 22.8 22.6 22.7 22.2 22.3 19.8 0.047 122 362

6b 23.1 22.8 22.6 22.7 22.2 22.3 19.8 0.047 122 361

7 23.6 23.0 22.4 22.7 22.7 22.4 21.8 0.029 122 366

8a 21.0 20.3 19.3 19.7 20.1 19.3 22.7 0.020 122 361

8b 21.1 20.3 19.4 19.7 20.2 19.3 22.7 0.020 122 360

Table F.2. Fraction of total heat input (Qtot_m and Qtot_h) to determine convective

heat load (Qc).

sections head chest right-arm left-arm right-leg left-leg

fraction of Qtot_m [-] 0.1 0.13 0.03 0.03 0.10 0.10

heat sources desk lamp PC-1 PC-2 Fl. lamp 1 Fl. lamp 2 Fl. lamp 3

fraction of Qtot_h [-] 0.03 0.17 0.17 0.05 0.05 0.05
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Table F.1 summarises the boundary conditions for the full-scale measurements. The

convective heat load of the separate sections of the thermal mannequin and the different

heat sources in the room can be determined from a fraction of the indicated total heat load

(Qtot_m and Qtot_h). These fractions are summarised in Table F.2.

From the velocity measurements at the supply unit, described in Chapter 5.2.2, information

is available on the velocity distribution at the unit. Figure F.1 shows the experimentally

obtained velocity distribution for V� = 0.019 m3/s and V� = 0.029 m3/s. The supply unit has

been divided in six segments. For each segment the mean velocity is determined from the

measurement results. This value furthermore has been corrected to allow a 100% aperture

for the modelling of the supply in a CFD-model (see Chapter 4.4.2).The difference in

distribution between the supply air flow rates is explained from the air distribution within

the supply unit. Furthermore, for V� = 0.029 m3/s measurements were performed at 0.08 m

from the supply grill whereas for V� = 0.019 m3/s measurements were made at 0.015 m.

For lower flow rates an evenly distributed velocity may be assumed. For V� = 0.010 m3/s

this results in an averaged velocity of 0.033 m/s. For higher velocities accurate

measurements on the velocity distribution at the supply have not been performed. Given the

limited sensitivity of the supply conditions to the whole room flow pattern (see Chapter

4.4.4) an extrapolation of the velocity distribution as obtained for V� = 0.029 m3/s is

estimated to be sufficiently accurate.

The measured turbulence intensity at the supply is in the order of 15% for all cases. Due to

damping of the anemometer, described in Chapter 3.6.3, the actual turbulence intensity will

be higher (estimated in the order of 25%).

Figure F.1. Velocity distribution at the supply unit for V� = 0.019 m3/s and V� = 0.029 m3/s

in [m/s].
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Characteristics of the measurement results

Table F.3. Measured flow characteristics.

Case Tsupply

[oC]

Texhaust

[oC]

Qc_v

[W]

ξ
[-]

*
1.0 mT

[oC]

dT/dy

[oC/m]
)1(maxu

[m/s]
)2(maxu

[m/s]

1a 20.3 23.0 32 0.52 22.6 0.32 0.30 0.32

1b 20.4 23.0 32 0.53 22.6 0.32 0.32 0.32

2a 19.8 22.9 108 1.89 21.7 0.73 0.30 0.18

2b 19.8 22.9 109 1.83 21.7 0.77 0.28 0.15

3a 20.4 23.9 41 0.16 22.9 0.64 0.27 0.27

3b 20.4 23.8 41 0.16 22.9 0.68 0.27 0.27

4a 19.8 23.8 93 0.37 22.2 1.00 0.27 0.25

4b 19.8 23.8 93 0.37 22.2 0.95 0.28 0.26

5a 19.8 23.6 132 0.53 21.9 1.00 0.26 0.25

5b 19.8 23.5 128 0.52 21.7 1.14 0.26 0.21

6a 19.8 23.4 208 0.84 21.5 1.09 0.25 0.20

6b 19.8 23.4 208 0.84 21.5 1.09 0.25 0.19

7 21.8 23.7 67 0.27 22.8 0.64 0.27 0.24

8a 22.7 21.2 -36 - 20.4 0.50 0.23 0.31

8b 22.7 21.3 -35 - 20.4 0.50 0.23 0.31

Qc_v : Heat load removed from the room by ventilation.

ξ : Air cooling fraction (= Qc_v / Qtot_c).
*
1.0 mT : Temperature at 0.1 m height averaged over all measured temperatures at 0.1m height.

dT/dy : Vertical temperature gradient (0.1 m - 2.3 m height) [averaged value over six positions].

)1(maxu : Velocity in plume thermal mannequin at 2.0 m height (x = 2.25 m).

)2(maxu : Velocity in plume thermal mannequin at 2.0 m height (x = 2.40 m).
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Table F.4. Averaged temperature (yT [oC]) at different heights outside the buoyant plumes.

Case 0.0 m 0.1 m  0.3 m 0.5 m 1.0 m 1.1 m 1.5 m 1.7 m 2.3 m 2.5 m

1a 22.5 22.6 22.8 22.9 23.0 23.1 23.1 23.2 23.3 22.5

1b 22.5 22.6 22.8 22.9 23.1 23.1 23.2 23.2 23.3 22.5

2a 22.3 21.6 22.0 22.3 22.7 22.8 23.0 23.1 23.2 22.3

2b 22.3 21.6 22.0 22.3 22.7 22.8 23.0 23.1 23.3 22.3

3a 22.7 22.8 23.0 23.1 23.5 23.6 23.8 24.0 24.2 22.7

3b 22.7 22.8 23.0 23.1 23.5 23.6 23.9 24.0 24.3 22.7

4a 22.5 22.0 22.5 22.8 23.2 23.4 23.7 23.9 24.2 22.5

4b 22.5 22.1 22.5 22.8 23.3 23.4 23.7 23.9 24.2 22.5

5a 22.4 21.7 22.2 22.5 23.0 23.2 23.5 23.7 23.9 22.4

5b 22.2 21.5 22.0 22.3 22.9 23.0 23.4 23.7 24.0 22.2

6a 22.2 21.4 21.7 21.9 22.5 22.7 23.3 23.5 23.8 22.2

6b 22.2 21.4 21.7 21.9 22.5 22.7 23.3 23.5 23.8 22.2

7 22.7 22.7 22.8 22.9 23.3 23.4 23.7 23.9 24.1 22.7

8a 20.1 20.3 20.5 20.7 21.1 21.2 21.3 21.4 21.4 20.1

8b 20.2 20.3 20.6 20.7 21.1 21.2 21.3 21.4 21.4 20.2

yT : Temperature at height y, averaged over six positions in the room outside the buoyant

  plume (x = 1.50 / 2.00 / 4.50 m; z = 0.675 / 2.925 m).
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Propositions
- The Measurement and Simulation of Indoor Air Flow -

Marcel Loomans

1. The reliability in measuring in-situ indoor air velocities should not be overestimated
given the current state of the art in low air velocity measurement techniques (see
Chapter 3 of this thesis).

2. The importance of the heat transfer coefficient on the thermal aspects and flow
characteristics of the indoor air flow is inversely proportional to the possibility to
determine this coefficient (see Chapter 6 and 7 of this thesis).

3. There is no particular advantage in sitting close to a displacement ventilation unit (see
Chapter 8 of this thesis).

4. The definition of thermal comfort given in the standards (ASHRAE 19921) “the
condition of mind that expresses satisfaction with the thermal environment” implies that
thermal comfort is strictly personal. The model of Fanger (19702), which is prescribed in
the standards, however does not predict personal thermal comfort.

5. Measuring is knowing, if you know what you are measuring; this accounts especially to
the measurement of indoor air velocities.

6. Despite its restrictions Computational Fluid Dynamics (CFD) is able to extend
knowledge on flow problems at every level encountered in building physics (building /
room / detail).

7. Architects personalise their creations (buildings) and in that phase may forget about the
future occupant.

8. A lot of energy is put into energy saving.

9. Though non-smoking is regarded to as the normal social behaviour for almost two
decades already (4th World Conference, Stockholm 19793) and despite the very negative
effect of smoking on the indoor air quality, sociability is still associated with smoking.

10. Wherever you live, you come to love it (Japanese saying).

11. Whether biking is a healthy activity should be taken into doubt more and more
considering the increased motorised traffic on the road and especially on the bicycle
lane.

                                                          
1 ASHRAE. 1992. ANSI/ASHRAE Standard 55-1992, Thermal Environmental Conditions for Human Occupancy,
American Society of Heating, Refrigerating, and Airconditioning Engineers, Inc., Atlanta, USA.

2 Fanger, P.O. 1970. Thermal Comfort, thesis, Technical University of Denmark, Lyngby, Denmark.

3 World Health Organisation. 1979. Controlling the smoking epidemic. Report of the WHO expert committee on
smoking control, World Health Orginisation Technical Report Series 636, Genove, Switzerland (adopted as
recommendations by the participants at the Fourth World Conference on Smoking and Health, Stockholm, June
18-21, 1979).



Stellingen
- The Measurement and Simulation of Indoor Air Flow -

Marcel Loomans

1. De betrouwbaarheid van in-situ metingen van luchtsnelheden in de binnenruimte moet
niet worden overschat gegeven de huidige stand van zaken in de techniek van het meten
van lage luchtsnelheden (zie Hoofdstuk 3 van dit proefschrift).

2. Het belang van de warmteoverdrachtscoëfficient op de thermische en stromingstechni-
sche aspecten van een luchtstroming in de binnenruimte is omgekeerd evenredig met de
mogelijkheid om deze coëfficient te bepalen (zie Hoofdstuk 6 en 7 van dit proefschrift).

3. Er is geen duidelijk voordeel te behalen door dichter bij een verdringingsventilatie unit
te zitten (zie Hoofdstuk 8 van dit proefschrift).

4. De definitie van thermisch comfort zoals gegeven in de normen (ASHRAE 19921) “the
condition of mind that expresses satisfaction with the thermal environment” impliceert
dat thermisch comfort strikt persoonlijk is. Het in de normen voorgeschreven model van
Fanger (19702) voorspelt echter niet het persoonlijke thermisch comfort.

5. Meten is weten, als je weet wat je meet; dit geldt in het bijzonder voor het meten van
luchtsnelheden in de binnenruimte.

6. Ondanks de beperkingen is CFD in staat om de kennis ten aanzien van stromings-
problemen op elke niveau binnen de bouwfysica (gebouw / ruimte / detail) te vergroten.

7. Architecten personifiëren hun creaties (gebouwen) en in die fase kunnen ze soms de
toekomstige gebruiker uit het oog verliezen.

8. Er wordt veel energie besteed  aan energie besparing.

9. Hoewel niet-roken al bijna twee decennia wordt beschouwd als het normale sociale
gedrag (4th World Conference, Stockholm 19793) en ondanks het feit dat roken een zeer
negatief effect heeft op de luchtkwaliteit, wordt gezelligheid (sociaal gedrag) nog steeds
geässocieerd met roken.

10. Waar je ook woont, je gaat er van houden (Japans gezegde).

11. Aan het gezonde karakter van fietsen moet steeds meer getwijfeld worden gezien de
verdere toename van het gemotoriseerde verkeer op de weg en met name op het fietspad.

                                                          
1 ASHRAE. 1992. ANSI/ASHRAE Standard 55-1992, Thermal Environmental Conditions for Human Occupancy,
American Society of Heating, Refrigerating, and Airconditioning Engineers, Inc., Atlanta, Verenigde Staten.

2 Fanger, P.O. 1970. Thermal Comfort, proefschrift, Technical University of Denmark, Lyngby, Denemarken.

3 World Health Organisation. 1979. Controlling the smoking epidemic. Report of the WHO expert committee on
smoking control, World Health Orginisation Technical Report Series 636, Genove, Switzerland (aangenomen als
aanbevelingen door de deelnemers aan de Fourth World Conference on Smoking and Health, Stockholm, 18-21
juni, 1979).
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